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CHAPTER 1

MODEL TESTING PROGRAM

A. PURPOSE AND SCOPE

The pumps to be used in the pumping station for the Tehachapi Crossing
for the California Aqueduct will represent an important achievement in the

field of pump engineering, because of the combined requirements of high
head and high flow. A preliminary study of existing pumping machinery in

this country and in Europe reveals that there are several types of centrifugal
pumps able to perform this task, depending on lift concept. Each lift concept
proposed calls for a different p\imp design, this along with the size of each
vinit stresses the importance of testing a model of each pump to determine
the most feasible design. Model testing provides the most economical way of

investigating and evaluating the proposed pumps from the standpoint of per-
formance and operational requirements. Actual tests shall be conducted on
each model pump to ascertain the following:

1. Head, oapacity, efficiency, horsepower, NPSH

2. Normal and abnormal operating conditions (three -quadrant testing)

3. Pressure fluctuations

4. Inlet velocity distribution

5. Casing and diffuser loads

6. Punnp and shaft vibrations

7. Thrust unbalance.



B. SELECTION OF MODEL TESTING FIRMS

The model pumps for each lift concept are to be tested by the firms con-

tracted to perform the design and fabrication. The selection of these firms

was made by rating each firm against the other with respect to seven items of

criteria:

1. Time

2. Management plan

3. Program approach

4. Manufacturing facilities

5. Test facilities

6.. Pumps and turbines constructed

7. Cost

Selection w^as made from 13 pump manufacturers and two independent testing

laboratories. A complete report describing the evaluation procedure, method
of rating each firm and the results of these ratings can be found in Daniel,

Mann, Johnson, & Mendenhall's report entitled "Tehachapi Pumping Plant

Research & Development Program Evaluation of Model Testing Firms",
dated 2 March 1964.

Based on the results of this selection analysis, DMJM has entered into

contract with three model pump firms: i )Allis -Chalmers Mfg. Co./Sulzer
Bros., 7) Baldwin-Lima-Hamilton/ J. M. Voith, G.M.B.H., and 3) Byron Jackson
Division, Borg-Warner Corp.

C. CONTRACTS AND SPECIFICATIONS FOR TESTING

Contained within each of the contracts written by DMJM to the model
pump firms are three sections governing the manner in w^hich the model pumps
are to be tested. Section 4, Test Facilities and Equipment, describes the

minimum requirements concerning test equipment and test instrumentation.
Section 5, Detailed Test Procedure, specifies the tests to be conducted and
references the applicable test codes. Section 6, Processing and Data Format,
itemizes the essential factors in order to standardize the presentation of data.

These sections are identical for each of the model pump firms with one ex-
ception; Section 5, Paragraph 5.01 of the contract to Byron Jackson specifies:



"These tests shall be made at a head equal to the prototype head. " The other
two firms are to conduct tests at "a head not less than 65 per cent of the pro-
totype head. " Exhibited here is a copy of the abovementioned sections which
act as the controlling documents for conducting the model tests since they are
a part of the contract:



(Excerpt from model test firm contract)

SECTION 4

TEST FACILITIES AND EQUIPMENT

4.01 GENERAL

The Contractor shall furnish all necessary facilities, equipment, instru-

ments and other required items for performing the tests specified in Section 5,

"Test Procedures". Unless otherwise specified, the equipment and instru-

ments shall conform to the applicable requirements of ASME Power Test

Code for Centrifugal Pumps PTC 8.1-1954 or Standards of the Hydraulic

Institute, Centrifugal P\imp Section, 1961 Revision.

4.02 PRECISION AND ACCURACY

The test facilities and equipment proposed for use by the Contractor will

be acceptable provided they meet all requirements of precision and accuracy

to obtain highly reliable model performance. The statement of precision and

accuracy of the various items of equipment, including all measuring instru-

ments, submitted by the Contractor with his proposal shall be fully supported

and guaranteed. In no case, shall the precision and accuracy be less than the

requirements of the referenced ASME Code and Hydraulic Institute Standards

In general, it is expected that minimiim precision and accuracy of instruments

will be such as to insure an overall efficiency fp of +0.3 per cent for zone of

normal pump operation. The inaccuracy, fp, of the pvimp efficiency deter-

mination is computed from the individual inaccuracies as follows:

fp = + V^Q + ^H + f? + f.^

Where the subscript Q refers to Capacity

Where the subscript h refers to Head

Where the subscript t refers to Torque

Where the subscript n refers to speed

4.03 APPROVED FACILITIES AND EQUIPMENT

The Contractor, prior to commencement of tests shall submit for approval

a final corrected listing of the facilities, equipment, instruments and other items

required for the different tests, giving the manufacturer's name and model, per-

formance data, and other information including photographs, sketches, and lists.



(Excerpt from model test firm contract)

A drawing of the complete test setup for each of the different kinds of tests

required — performance, efficiency, cavitation, velocity and pressure distri-

bution shall be included in the data.

4.04 CONDITION OF WATER

The water shall be clean and clear and free of solid ingredients. Water
source and quality shall be subject to the approval of the Engineer. Free gas
particles or air bubbles shall be removed to the extent possible. The air and
gas content and the temperature shall be measured frequently. During each
test rvm, the change in gas content and in temperature shall be at a minimum.
The temperature of the water shall not exceed 85 "F.

4.05 FLUCTUATIONS DURING TEST

During test, the fluctuations shall not exceed those listed in the ASME
Test Code PTC 8.1, Section 3-48.

4.06 MODEL INLET

The flow at the inlet to the nnodel shall be free from vortices. A model of

the suction piece ahead of the pump shall be included in the test setup.

4.07 MEASUREMENT OF WATER DISCHARGE

The primary -water nneasurement shall be by Venturi meter. Calibration
of the flow measurement equipment shall be accomplished in situ by weighing
tank or volumetric tank and under prevailing test conditions unless otherwise
approved by the Engineer. It is desirable to have a secondary measuring
method in order to check the satisfactory operation of the flow measuring
equipment.

4.08 PRESSURE MEASURING INSTRUMENTS

Primary discharge pressure measurement shall be by dead-weight tester.

Primary inlet pressure measurement shall be by either dead weight or liquid

manometer. It is desirable to have secondary measuring instruments in order
to check the primary measurements for the same quantity. Only the primary
measurement shall be considered valid. The selected instrument shall be
clearly designated in the program.

4.09 WATER LOSSES

Where the water loss through the shaft gland is appreciable, it shall be
taken into consideration in efficiency determination. Stuffing boxes without
physical contact will be preferred for the model.



(Excerpt from model test firm contract)

4.10 TORQUE

Torque measurements shall include separate measurements of bearing

friction for running and breakaway conditions.

4.11 SPEED

Rotative speed shall be measured by electrical counter. Additionally, a

direct reading instrument shall be used to check on the constancy of the speed.



(Excerpt from model test firm contract)

SECTION 5

TEST PROCEDURES

5.01 DETAILED TEST PROCEDURE

The Contractor shall perform the following model tests in accordance
with the test procedures specified herein. Pump performance tests shall
be made under normal operating conditions to obtain the H-Q curbes from
cut-off to point of significant cavitation, and the power input, efficiency
and NPSH curves superimposed on the H-Q plot. These tests shall be
made at a head not less than 65 per cent of the prototype head. Specifically,
the tests shall include:

a. Preliminary tests

b. H-Q efficiency characteristic tests

c. Discussion of test results

d. Improvement of efficiency characteristic, if necessary, by impeller
and diffuser modifications and re-test.

e. Cavitation tests on suction impeller under approximately full proto-
type head per stage.

f. Improvement in cavitation performance if necessary and re-test.

g. Discussion of test results

h. Report

i. Make complete pump performance tests under normal and abnormal
conditions to obtain a complete three-quadrant characteristic plot including
the following operational conditions:

1. Normal pump (positive head, positive rotation, positive flow
and positive torque).

2. Normal rotation pump with reverse flow (positive head, posi-
tive rotation and positive torque; negative flow).

3. Normal turbine (positive head, positive torque, negative rota-
tion and negative flow).



(Excerpt from model test firm contract)

j . Make tests to determine pressure fluctuations in the casing water-

way passages.

k. The velocity distribution and the pre-rotation of the flow ahead of

the impeller inlet when pumping at operating head shall be determined.

1. Stress analysis shall be made by analytical calculations to determine

the stresses that may be expected in the prototype at critical places. Stresses

in the casing and blade loadings of the diffuser shall be investigated.

m. Vibration Analysis. This analysis includes the identification of all

significant modes of vibration in the prototype, including the vibration due to

passage of the impeller vanes past diffuser vanes, the vibration due to shaft

deformation, and any other mode to which the particular pump design may
be sensitive.

n. Thrust Unbalance. The model shall be tested to determine the axial

and radial thrust unbalance during normal operation using approved procedure.

5.02 SUBSIDIARY SPECIFICATIONS

a. General

Unless otherwise specified in detail or approved, the Contractor shall

perform the tests in accordance with the applicable procedures given in ASME
Power Test Code for centrifugal pumps PTC 8.1-54 and the Standards of the

Hydraulic Institute, Centrifugal Pump Section, revision dated January, 1961.

In lieu of meeting these requirements, approval maybe given to the test pro-
cedures submitted by the Contractor provided that such procedures will, in the

opinion of the Engineer, give results of an equal or higher degree of accuracy.

b. Calibrations

All measuring equipment shall be calibrated carefully before and after

tests, and a record of such calibrations, with the number of times required
during test operations, shall be kept and included in the final report submitted
at the end of the work by the Contractor. Calibration shall be performed in ac-
cordance with the procedure described in the "Information to be Provided by
the Proposing Firm, " submitted with the proposal. The probable error of

measuring equipment submitted by the Contractor in connection with the furnish-

ing of test equipment covered hereinabove shall take into account any drift from
the null point after calibration.

8



(Excerpt from model test firm contract)

c. Operating Tests

The tests to obtain a complete three quadrant characteristic in the
zone of energy dissipation and turbine operation shall be made similar to
tests made by R. T. Knapp at California Institute of Technology and described
in ASME Transactions dated November, 1937. Commercial accuracy only
will be required for these tests. The tests shall be carried a step further
to separate the total pump losses into hydraulic, volumetric and mechanical
losses for the model and such expected losses for the prototype.

d. Cavitation Tests

These tests shall conform to the third arrangement shown in ASME
Power Test Code for Centrifugal Pumps PTC 8.1-54, Article 89c. (This
arrangement permits the test to be made with only the suction head varied
and the pump head maintained constant.) However, if the Contractor wishes
to use any other procedure, he shall submit evidence to the Engineer that the
results obtained are equally satisfactory for the purpose, and receive approval
to use such substitute procedure.

A transparent window must be provided in such manner and location
that the inlet to the first stage impeller may be observed to permit visual
check for evidences of cavitation. Necessary photographs shall be taken and
shall be included in the report.

e. Test to Determine Pressure Variations

These tests shall be similar to, and no less precise than the tests
described in ASME Paper No. 63-AHGT-ll. This includes an investigation of
the crossovers as well as the volute section.

f . Stress Analysis

Stress analyses shall be made to determine the stresses that may be
expected in the prototype at critical places, including stresses at over-speed
conditions. Stresses in the casings and diffusers shall be investigated and
reported. No stress testing of the pump model shall be required.



(Excerpt from model test firm contract)

SECTION 6

PROCESSING AND FORMAT OF DATA

6.01 GENERAL

Unless otherwise specified or approved, the Contractor shall conform
to the provisions of the ASME Power Test Code for Centrifugal Pump PTC
8.1-1954, or those of the Standards of Hydraulic Institute, Centrifugal Pumps
section, November, 1961 Revision, applicable for the processing and format
of data. This includes the procedures for correcting data, and computing
pump performance values from direct measurement data, the "affinity" rules

for obtaining prototype performance values from model performance, and the

plotting of performance.

6.02 CORRECTIONS OF TEST MEASUREMENTS

The following test measurements shall be corrected before further use in

determining the essential parameters.

a. Head

The pressure difference produced by the pump between suction and
discharge flanges shall be converted into a head expressed in feet of the fluid

pumped in order to make the results independent of the temperature and of

other influences affecting the density of the fluid.

b . Capacity

The pressure difference at the meter for measurement of capacity
in cubic feet per second shall be converted to height of a column of the fluid

which is flow^ing through the meter.

c. Torque

The torque measured on the dynamometer or other approved device
shall be converted into that torque which would exist if the water in the pump
had a temperature of 68*F. (standard temperature). The reduction of the

power to a standard temperature of 68*F. is necessary in order to make
power curves obtained under different temperature conditions comparable
with each other.

10



(Excerpt from model test firm contract)

6.03 FORMAT OF DATA

The Contractor shall provide H-Q plots on which efficiency, power and

NPSH curves are added, that represent the predicted performance of the

prototypes. These plots shall be accompanied by an explanatory sheet that

notes all the factors used in developing the plots from the direct measure-
ments of data on the models.

The Contractor shall provide a complete three -quadrant characteristic

plot of the expected values for the prototype.

6.04 GRAPHICAL PRESENTATION

All curves shall be plotted on 8-1/2" x 11" graph paper or larger,

prepared in the English language and using the English system of measurement.
See also Section 8.

11



D. MODEL PUMP DESIGNS

The design of each of the three model pumps is quite different since eadi

model pump firm has proposed a pump suitable for a different lift concept.

The model pump designed by Allis Chalmers /Sulzer for the single -lift con-
cept is a four-stage, single suction centrifugal pump. Baldwin-Lima-
Hamilton/ Voith model pump for the two -lift concept is a two- stage, double

suction centrifugal pump Both of these contractors have also built a single-

stage, single suction model to check the cavitation behavior of the impellers
For the three-lift concept, Byron Jackson has designed a single-stage, single

suction centrifugal model pump Each of the model pumps will be tested in

the horizontal position, mainly because of convenience in test loop arrange-
ment.

1. Single-Lift Concept - A-C/Sulzer Four- stage Pump

Allis Chalmers/Sulzer has submitted the following description and
drawings of their model pump:

'•:cterial prepared for this spot falls vrithin the category

of iriformation considered proprietary "by Daniel, Kar^,
Johnson, and Kendenhall and has been deleted at the request
of that firm.

I
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E. TEST FACILITIES AND PROCEDURES

Data furnished by each model test firm is presented in Volume I,

Chapters 6, 7, and 8, and in the following sections:

In order to insure that the results from each laboratory are comparable

with the others to the degree that is practical, the ASME Power Test Code

and the Hydraulic Institute Code have been referenced in the model contracts

and certain specific instrumentation and test methods have been specified.

Each of the test firnns has submitted equipment lists and descriptions

along with test procedures to be employed for the various kinds of tests.

As a part of his duties as a Consultant to DMJM, Professor L. J.

Hooper has reviewed the procedures and equipment lists and has personally

visited each of the testing laboratories in order to ascertain compliance with

contract requirements and determine that satisfactory tests will be obtained.

The lists and procedures are presented in the following section:

1. A-C/Sulzer - Four-stage Pump Model

a. Test Equipment

The following is a list cind description of the test equipnnent and

instrumentation to be employed, while conducting the model performance
tests:

"TEST EQUIPMENT DATA SHEET

TESTING FIRM SULZER BROS. LTD.

Model Pump Driver

Type and Nameplate

Data of Dynamometer
nnotor

Dynamometer motor

Three-phase asynchronous motor, slip- ring type

Brown Boveri & Co.

Type MDS: 242 SOSD

13



Output (KW):



Accuracy:



Range:

Calibration:

a) 4c.f. s, -flZc.f. s. uptoZlc.f. s.

1 ft. of water -f 6. 5 ft. of water -}- 1. 6 ft.

of mercury.

b) l.Oc.f. s. -r6.0c.f. s.

1.0 ft. of water -f 6. 5 ft. of water

By volume in a tank of 43, 000 gallons. The
arrangement for calibration is shown in

Drawing 400. 9. 335.015 ) FIG. No. 6-6 (.

A booster pump transfers water from the

main reservoir into a weir tank. A round
weir in this tank provides a constant suc-

tion head for the main pump. After passing

the pipe system, which includes the nozzle

or the diaphragm, the flow can be led either

to the main reservoir or to the calibration

tank. The minimum time required to fill

the calibration tank will be 100 seconds.

The nozzle differential pressure will be
constantly read during the measurement
period.

Head Capabilities

Maximum permissible
Pressure in Discharge
Line:

Discharge Pressure
Adjustable by:

Discharge Pressure
Measurement

Instrument:

Range:

Accuracy:

910 psi

Throttling valve (tapered gate valve)

Dead weight gauge tester (Sulzer/Haenni-
system)

0. 085 ft. of water - 3000 ft. of water

± 0. 2 psi

16



Calibration:

Secondary Measurement:

Max. & Min. Suction

Pressure and Relation-

ship to Flow:

Suction Pressure
Adjustable by:

Positive Suction

Pressure applied by:

Suction Pressure
Measurement:

Method and Instriiment:

Accuracy

Secondary Measurement:

Accuracy of total

head measurement

Temperature - Measure-
ment of air, water, oil

Instrument:

Leakage losses:

Control of piston dimensions

Bourdon-type gauge

52 ft.

0. 5 cfs

43 ft.

21 cfs

Throttling valve (tapered gate valve)

Booster pump

Dead weight gauge tester or mercury,
column, as required.

+ 0. 2 psi ± 0. 1 psi

Mercury column

+ 0. 1%

Mercury thermometer

Calibrated tank, volume 130 gallons

A plan view drawing of the Sulzer test facility is shown in FIG. 1"M>
Sulzer Drawing 400. 9. 335. 013. Sectional views of this facility are shown in

FIG. 1- IZ, Sulzer Drawing 400. 9. 335. 014. FIG. 1-13, Sulzer Drawing
400. 9. 335. 015, is a diagram showing the piping arrangement of the test bed

17
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and basement depicting the flow path and method of flow measurement. The
model Dump test set-up is shown with piping dimensions in

Ghapter 6 of Volume I. The booster pump transfers water from the main
reservoir to the inlet of the model pump through a pipe of 15. 75 inch diam-
eter, containing a gate valve, a reducing cone, a 7. 7 foot length of 11.8 inch

diameter pipe, a 1 . 64 ft. length of vaned straightener and then 4. 2 feet of

11.8 inch pipe before the inlet bend.

The four pressure taps for suction head measurement are situated

2. 95 ft. behind the straightener and 1.31 feet before the inlet flange of the

model pump. The four inlet pressure taps are connected to the manometer
through a manifold loop. It is possible to check each pressure tap alone,

while the other three are closed by valves.

The model pump and the dynamometer motor are rigidly fastened on
steel rails. The outlet flange of the model pump is connected with the water-
measuring system by pipes of several diameters. The first section of pipe
is a straight length, 9. 85 inches in diameter, and contains the outlet pres-
sure taps at a distance of 3. 3 feet from the outlet flange of the model. A
cone leads to a pipe of 5. 9 inch diameter. The throttling valve is installed

7. 22 feet downstream of the pressure taps and is followed by an energy
absorber. The connection from this point to the inlet flange of the under-
ground-pipe-system is accomplished by a pipe of 11.8 inch diameter. The
flow will be directed to either of two meter runs; (1) the 9. 8 inch diameter
pipe containing the VDI diaphragm for the lower flow rates or (2) the 13.8
inch diameter pipe containing the ASME nozzle for the higher flow rates.

The reading of the pressure difference will be done by either water or
mercury columns. The flow of water is led back to the main reservoir
beneath the surface level, so that a minimum of air is entrained.

b. Model Pump Test Procedures

AUis -Chalmers /Sulzer have submitted test procedures describing
the following required model piunp tests:

(1) Model pump efficiency test

(2) Cavitation test

(3) Radial thrust test

These test procedures are exhibited as follows:
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"REPORT OF PUMP MODEL EFFICIENCY TEST PROCEDURE

The calibration of the nozzle, dead weight manometers and the bear-

ing losses are accomplished before the start of testing. Just before the

beginning of a test the following work has to be done:

a. Checking zero-points of instruments including dynamometer
motor checking.

b. Measuring elevation of instruments, if necessary.

c. Reading of barometric pressure.

d. Starting booster pump.

e. Starting model pump.

f. Filling the lines between pressure taps and manometers with
liquid.

g. Operation of model pump at the chosen point of the

HQ-characteristic for a sufficient time so that all values become constant.

h. Balancing the dynamometer motor approximately.

i. Reading of water - and air-temperature.

j. Taking a water-sample (as required) for the determination of

air-content.

After the above activities are complete, the final measurements can
be taken. These activities are:

a. Exact balancing of the dynamometer motor and reading.

b. Reading of the electric counter for the number of revolutions;
check by hand-tachometer.

c. Reading of the differential pressure given by the nozzle.

d. Reading of the dead weight gauge tester and Bourdon gauge,
connected with the outlet-line of the pump.

e. Reading of the dead weight gauge tester and/or the mercury
column connected with the suction line of the pump.
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f. Reading of water-temperature.

g. Reading of oil-temperature.

h. Reading of oil-capacity.

i. Measuring the labyrinth-leakage losses by taking the time for a

certain level difference in a calibrated tank.

All readings will be taken in metric units. The necessary correc-

tions will be made in metric units and the changes to English units are only

executed with the final results of H and Q and brake horsepower. All read-

ings will be taken at least three times for one test point during a time of

about two minutes. As far as possible, the readings of the values are taken

simultaneously. The test personnel will normally be two to three men who
are familiar with test-bed-work and handling of the instrvimentation. A first

evaluation of the required values is made just after the test while the pump
is set on another point and is conning to constant conditions. It is planned to

measure 12 points or more for a complete HQE-performance curve, so that

head and efficiency are known over the entire pump range.

Additional points are chosen close to the best efficiency point so

that it can be well defined. After finishing a complete HQE-characteristic,
the following work has to be done:

a. Stopping model pump and booster pump.

b. Reading of air-temperature.

c. Taking a water-sample for determination of air-content (as

required).

d. Checking zero-points of instruments including dynamometer
motor checking.

Precise calculations are made after completion of testing, using

more accurate calculating methods:

"REPORT ON CAVITATION TEST PROCEDURE

Purpose of Tests

The purpose of this series of tests is to determine the cavitation

coefficients for the model pump. Two tests will be performed. They are:
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will be:

a. A single stage pump running at 2950 RPM. The performance

13. 10 cfs

488 ft. head

615 kw

See enclosed drawings:

400. 0. 110. 944 - Single Stage Model Cross section

400. 0. 110. 047 - Single Stage Model General Arrangement

400. 9. 335. 027 - Single Stage Model Test Arrangement

(These drawings are presented in Chapter 6 of Volume l]

b. The four-stage model running at 2390 rpm. The performance

10.56 cfs

1287 ft. head

1308 kw

See enclosed drawing:

400. 0. 110. 046 - Four-stage Model General Arrangement

{Vol. I, Ch. 6}

Test Quantities & Nomenclature St Notation

H, — Barometric pressure in meters of water mea-
sured at air temperature.

H^ — Vapor pressure in meters of >vater measured at

temperature of water.

will be:

See enclosed curve PE-4877. JFIG. 1-14 }
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Sj = T Dt = 0.049m — Area of discharge measuring cross section.

°L,=



^water

Q

C'

2g

c'NPSH = Hg - H^ ± H, + -JJ- (meters)

T^ — Water temperature at pump inlet - 'C.

~H
1

— Static pressure at pump inlet in meters of water.
Measured by use of Hg manometer and at 4 points
in measuring cross section.

+^2 — Positive suction pressure at pump inlet in meters
of water. Measured by use of Haenni/Sulzer
dead weight gauge tester and at 4 points in mea-
suring cross section.

Air content of water - percent.

— Velocity in inlet measuring cross section - m/s.

Velocity head in meters of water at pump inlet

measuring cross section.

Q — Pump flow in HL_ measured with calibrated
, sec

nozzle.

JL !-»' - A C\C\L 2S, —
-J-

Dj^ = 0.096 m* - Area of inlet measuring

cross section.
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Dt = 0.35 — Inlet measuring cross-section diameter-meters.

H

C, =
Q

Static pressure in meters of water at pump
outlet. Measured by use of dead weight gauge
tester and at 4 points in measuring cross
section.

Velocity in m/g in discharge measuring cross
section.

2g
Velocity head in meters of water in discharge
measuring cross section.

The calculated values of H, NPSH and tj will be plotted as

illustrated below:

H

a)

Q,

H

b)

Q = Constant

NPSH

shows the typical characteristic curve with 'break-off
curves superimposed. Sketch 'b' is a plot of H and rj against NPSH. The
value of critical NPSH is the point where H and 17 decrease from their normal
value with a decrease in NPSH.
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In addition to this classical method of determining the NPSH char-
acteristics of the pump, visual and photographic observations will be made of

the impeller inlet at many flow rates and NPSH values. A strobolight will be
placed against one observation window to illuminate and 'stop' the motion of

the inlet of the impeller and flow and photographs will be taken through a

second window. See Drawing 400. 0. 1 10. 044. {Vol. I, Ch. 6)

The NPSH values as obtained from sketch 'b' will be plotted as a

cavitation coefficient K vs. capacity coefficient . These are defined as
follows:

K = — Cavitation coefficient

y,;y2g

<l>

s;v.

where

V, - ———

*

— Peripheral speed at impeller outlet — m/sec.
60

Sj - irD,B, — Outlet area of impeller — m

^a — Outlet diameter of impeller — m

Bj — Outlet width of impeller — m

Conclusions

The cavitation test results on both the single and four stage model
pumps will be plotted as dimensionless coefficients K vs. <t> and photographs
will be taken of the impeller inlet during operation. These data can be used
to determine required submergence for the prototype pump.
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"REPORT OF RADIAL THRUST TEST PROCEDURE

The radial thrust on the impellers will be measured by determining

the circumferential static pressure distribution at the O.D. of the second

stage impeller.

Twelve pressure taps (see 400. 9. 110. 378) | FIG. 1-15} have been
drilled in the diffuser and will be connected to a dead weight gauge tester.

Each tap can be individually connected to the tester by a system of shut-off

valves and piping.

The test procedure will be:

a. Bleed all lines between taps and tester.

b. Read barometer, air and water temperature.

c. Read static pressure at each tap.

d. Maintain constant check on pump flow and head to assure
constant operation.

range.

A minimum of twelve readings will be taken over the entire H-Q
This will be sufficient data to evaluate the radial thrust at any flow.

The radial thrust can be calculated from the measured data as

shown on sketch 400, 9. 110, 394. | FIG. 1- I^}. The pressure reading is

multiplied by the circumferential area of the mpeller assigned to that tap.

The resultant of the force vectors then represents the radial thrust. A
more exact method is to carefully plot a pressure profile around the im-
peller. This profile is broken into convenient small increments and the

vector sum represents the radial thrust.

INSTRUMENTATION

Instrument Type:



I-.'atnrial prepared for this spot falls vrithin the category
of ir.forma"i:ion considered proprietary "by Daniel, I-lann,

Johnson, and Mcndenhall and has been deleted at the recuest
of that firm.
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2. B-L-H/Voith - Two -stage, Double Flow Model

a. Laboratory and Test Equipment Description

The following is a list and description of the test equipment and

instrumentation to be employed while conducting the model performance tests;

TEST EQUIPMENT DATA SHEET

TESTING FIRM:



Speed Measurement:

Method & Instrument:

Range:

Accuracy:

Method Calibration:



Head Capabilities



®

Pressure reducer.

Combination of Francis turbine and Centrifugal pump

a Francis turbine

b Centrifugal pump

c Water inlet from penstock

d Water outlet from turbine

e Water inlet in pump

f Water outlet from pump

g Water supply piping to model pump

h Wicket gate adjustment

FIG. 1-17
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Voith has submitted the following document and drawings, discussing the test

set-up and general pump performance test procedure:

"TEST SET-UP

The final layout of delivery and suction piping is shown on the test-

arrangement Drawing 2.83-8498 5''ol. I, Ch. 7]. The suction piping, which
is run alongside the machines, has an inside diameter of 15.7 in. This

suction pipe directs the water first vertically upwards, then to the test

stand and eventually from above through the suction bend to the model
pump. The drawing shows the 1.5 MW driving motor. On one side, the

double -flow, double -stage model pump is connected and on the other, by
way of example, a single-flow, single-stage model pump. The inside di-

ameter of the pump suction bend is 11.8 in. The associated Y-pipe, as

may be noted from Drawing 2. 83-8541 ^'"ol. I, Ch. ?] has an inside connection

diameter of 19.7 in. Therefore, ahead of the Y-pipe a taper pipe (diffuser),

15.7/19.7 in. diameter, must be fitted, the angle formed by the horizontal

and the taper being about 5 . In order to obtain a uniform inflow to the taper

pipe; this pipe is preceded by a 90° bend with guide plates, inside diameter
15. 7 in. The delivery pipe leading to the different pump test stands runs

straight, inside diameter 9.8 in. One the right-hand side, the pipe is con-

nected which runs to the reservoir for storage and calibration. This pipe

also supplies the water for turbine operation. In order to measure the

turbine water flow, a symnnetric Venturi tube ( B) will be used, as shown on
Drawing 2.83-8389 JFIG. 1-19}. From the pump delivery connections the

water is directed to the high-pressure measuring pipe via 2 Tees. These
Tees have a connection inside diameter of 9. 8 in. ; in the zone where the

water is re-directed the Tee has an inside diameter of 11.8 in. From these

Tees the water flows through the delivery pipe to the Venturi tube (A). For
measuring, Venturi tubes of the Herschel type have been chosen, which are
also shown on the above-mentioned Drawing 2.83-8389 | FIG. 1-19}. The
straight gauging section ahead of this Venturi tube is about 22 x pipe di-

ameter. Behind the Venturi tube another straight pipe of about 9 x pipe

diameter will be provided. The dimiensions of the Venturi tube (A) sub-
stantially comply with the specifications of the Standards of the Hydraulic
Institute. The measuring pressure ahead of the Venturi tube is taken off

at point "a". The measuring pressure in the narrowest cross section can
be taken off at "b" and "c". Point "c" roughly corresponds to the point

specified in the Standards of the Hydraulic Institute.

At point "b" the flow is still slightly accelerated. We hope that we
shall obtain a constant pressure indication without major pressure variations.

All parts of the Venturi tubes in contact with the water are made of stainless

steel. The Venturi tubes had to be manufactured in our works, as for such
abnormal dimensions no German manufacturer could be found in view of the
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short time available. At the end of the long delivery pipe a throttling valve

is provided which is to dissipate the energy of the water without vibrations

and with a minimum of noise and to direct the water to the inlet of the

measuring channel. A weir at the end of the measuring channel is used

as second water measuring equipment.

"Calibration of the Venturi Tubes

The Venturi tubes (A) and (B) and the weir in the measuring channel

will be calibrated simultaneously. For the calibration a high-level tank will

be used (approximate diameter 118 ft. , 26 ft. deep). From the high-level

tank, in an accurately determined period of time tL (sec), an accurately

measured water volume V (m^) is removed and directed to the Venturi tubes

and the measuring weir. The readings of these measuring equipments
(effective pressure and head above weir crest) are recorded; they correspond
to the water flow Q = V/t (m /sec. ). The water volume V is determined
from the measured diameter of the high-level tank and from the draw-off of

the water level in this tank. The diameter of the high-level tank is measured
at several cross-sectional areas (up to 13 ft. deep) and at 8 points ol the

periphery.

The last time the diameters of the high-level tank were determined
was in 1954. To our regret, it is not easy to repeat the checks of these

diameters. We have therefore requested the surveyor of the City of

Heidenheim to check geodetically on the high-level tank. This work has

been completed in the meantime. However, the report and the translation

of this report are not yet available so that we must ask you to have still

some patience.

( The report of this work and the calibration of Venturi meters has since)

I been reviewed and witnessed by DMJM representatives. ;

"Electric Motor

The model pumps will be driven by a three-phase A. C. slip ring

motor with two shaft ends (Drawings 2.82-4152/53/54). |fIG. 1-20, 1-21,

and 1-ZZ}

The motor is rated at 1,500 KW at 1,485 RPM. For the measure-
ment of the reaction moment, the frame of the motor is supported by flanged-

on hollow bearing journals at either end so as to be capable of rocking.

Hydrostatic bearings will be provided to increase the accuracy and sensitivity

of the torque measurements.
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The motor speed can steplessly be varied between 1,485 and 750 rpm.
This is achieved by a three-phase A. C. liquid rheostat by nneans of which the

resistance of the rotor circiiit is varied.

The nnotor operates at 6,000 volts. The motor is connected to the

grid and the liquid rheostat to the motor via extremely flexible copper tapes.

The influence of these copper tapes on the torque measurement will be con-

sidered by calibration. The electric connections are arranged underneath

the stator casing in a plate box physically separated from the stator casing.

The flexible copper tapes are so fitted that they can be observed through a

plexiglass observation window.

A gear is interposed between electric motor and model pump in

order to obtain the required model pump speeds. For this application we
use planetary gears of our own design and manufacture. These planetary

gears are rigidly attached to the motor casing which is suspended in a

cradle-mounted frame.

The 3 gears provide speeds of 4,700, 3,300 and 2,300 rpm. At
these speeds the full motor output is available. If speed regulation by
means of the liquid rheostats is adopted, the power of the motor, as is

generally known, decreases with increasing speed.

"Torque Measurement

As already mentioned above, the torque of the model pump can be
measured by the cradle -frame nnounted motor casing. The gear is rigidly

connected to the motor casing. The losses in the gear will in this way be
elinninated the same way as the losses in the motor. The reaction torque
of the motor, which in magnitude is identical with the torque of the model
pump, is computed fronn the force accurately measured at a lever arm and
from the measured length of this lever arm. The bulk of the force is

determined by nneans of dead weights which have been calibrated by the

state authorities. The residual force is measured by means of a second
lever arm and a hydraulic measuring equipment, which is shown on
Drawing 2.41-16000 | FIG. 1-23 }. This nneasuring equipment substantially

comprises a revolving piston (diameter 1.405 in., area 1.551 sq. in.).

The oil pressure which is created underneath the piston is a measure for

the residual force to be measured. The oil pressure is measured by a

piston gauge. The equipment can be calibrated by placing calibrated dead
weights on the platform and reading off the indicator of the piston gauge.

The equipment is so designed that it can automatically hold the cradle -frame
mounted motor in "zero" position.
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"Speed Measurement

Electronic counters of Voith design and manufacture will be used .

Both the speed at the input and at the output end of the gear can be measured
by counters.

"Determination of the Delivery Head

Piston gages of our own design and construction, which can be

loaded by dead weights and can be calibrated, are used to determine the

delivery head. [FIG. 1-Z4 } shows a section through this equipment and

the general arrangement. In a stationary cylinder a revolving piston is

free to glide, which on the one side is fitted with a dead weight platform .

Additionally, the platform acts on a stationary coil spring, the compression
of which is a measure of the residual force which exceeds the dead weight

load. In this way, the height setting of the dead weight platform is a

measure of the residual force. The height of the dead weight platfornn is

determined by a reaction-free feeler and indicated on a scale. Pressures
below 6. 5 ft. w. g. , are measured by U-tube manometers. Bourdon-type

manometers are used for checks.

"Determination of the Water Flow

The water flow is measured by Venturi tube (A) as mentioned
under 7a). This required a measurement of the differential pressures

between the points "a", "c" and "a", "b" respectively. For the measure-
ment of the differential pressure mercury gages of Messrs. Bopp &
Reuther, Mannhein and of the Debro-Werke, Dusseldorf, will be used.

Such measuring equipment is standard in our laboratory. The measuring
equipment is suitable up to a rated pressure of 853 psig, or in other words,

up to absolute pressures of 908 psia and for differential pressures of 908

psia and for differential pressures up to 6. 6 ft. of mercury.

"Water Quality

For the conduct of the tests the water is taken fronn a large

natural spring The water temperature is constant at 48 - 50° F. The
water is clean and free from any admixtures. The air content is deter-

mined by an instrument of the Shyke type. A new instrument of the same
type has been ordered in Great Britain. The water from the spring is

delivered by pumps at the desired supply pressure of the model pump and
flows then through the suction pipe, inside diameter 15. 7 in. to the nnodel

pumps.. "

(END OF J. M. VOITH REPORT)
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b. Model Pump Test Procedures

J. M. Voith, GMBH, has submitted the following test procedures,

describing generally the following required tests:

1) Pumping characteristics

2) Braking and Turbining characteristics

3) Conduct of the cavitation tests

4) Determination of the symmetry of the discharge from the

pump impeller in the case of the single-flow, single-stage

pump.

5) Measurement of the shaft deflections of the double-flow

two -stage model pump.

6) Determination of the prerotation

7) Measurement of the pressure variations.

" J. M. VOITH TEST PROCEDURE

"Pumping Characteristics

As usual, the delivery Q, the delivery head H, the torque M
and the speed n of the pump are measured. From these values the efficiency

is determined. The values measured at a given speed are converted to the

agreed reference speed and shown in graphs. From the measured gross
pump input the mechanical losses of the pump shaft, determined in separate
test runs, are deducted.
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"Braking and Turbining Characteristics

For the study of the water hammer, which occurs at the pumps
in the event of power failure, the machines must also be investigated during

turbining and braking. For this mode of operation the water must flow

through the machine in the opposite direction, thus from the delivery branch

to the suction branch. The required pressure water is taken from the high-

level tank, the water flow through the Venturi tube, model B, is measured,

and then the water passes through the model pump and the suction pipe

(15. 7 in inside diameter) via a throttling valve into the tailwater. The water

pressure ahead of the machine will be about 260 - 300 feet for braking, the

normal direction of rotation of the machine is retained which, in conformity

with the lower operating pressure, runs at a lower speed. These operating

conditions can readily be accommodated with the dynamometer (driving

motor 1.5 MW) installed in our laboratory. For turbining, the machine

runs in the opposite direction to that for pumping. Therefore, it will be

necessary to brake the machine. Theoretically it should be possible to use,

for this application also, the driving motor for pumping if a gear with a

higher transmission ratio is interposed. Should this cause difficulties, the

model pump will be disconnected from the driving motor, and at the other

shaft end a hydrodynamic Froude brake will be attached, which, because of

the use of a cradle -mounting, provides a satisfactorily accurate measurement
of the developed torque. A drawing showing the general arrangement of this

brake will also follow. For the measurement of the delivery, delivery head

and speed values we would use the same measuring equipment as for the

normal determination of the pump characteristics. All measured values

will be referred to the reference speed.

" Conduct of the Cavitation Tests

For the cavitation tests the inlet head of the pumps is varied.

With approximately the same adjustment of the throttling valve in the delivery

pipe, for each operating point different inlet heads are obtained by adjustment

of the feeder pump, so that different a values (NPSH values) are obtained. For

each measuring point, as during the main tests, delivery, delivery head,

torque and speed are measured. Furthermore, for each measuring point the

cavitation on the suction side of the vanes is observed.

Some of the operating conditions will be recorded on photos to

the extent that the gas content of the water permits making such photos.

The change of the delivery head and the change of the efficiency

at approximately the same testing point as a function of the Thoma cavitation

coefficient a or of NPSH will be shown in graphical form.
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" Determination of the Symmetry of the Discharge from the

Pump Impeller in the Case of the Single-Flow, Single-Stage Pump

This test will be run only upon the special request of the

customer. For this test the wall pressure in the transition zone between

impeller outlet and guide vane inlet will be measured by 13 bores at the

same diameter spread uniformly between the vane pitch of the gmde vanes.

The connections of the gauging bores must be led outwards and the pressure

measured by means of U-tube manometers. The tests will be conducted for

the different operating conditions of the pump and are intended to provide

evidence on the radial loads on the impeller at different operating conditions.

"Measurement of the Shaft Deflection of the Double-Flow, Two-
Stage Model Pump

Also these measurements will be made only upon the special

request of the customer. For these tests, as may be noted from the attached

Drawing 2.83-8528, | FIG. 1-25 [ in the guide vane ring of the second stage

of the pump, induction type transmitters are arranged at four different points

evenly distributed over the periphery. These transmitters, via a carrier

frequency bridge, permit measurement of the displacement of the impeller,

and thus of the shaft, with the equipment in operation, without the necessity

of any physical contact. The measured values are recorded by an oscillograph.

"Determination of the Prerotation

With the chosen feed arrangement, neither for the single-flow,

single-stage nor for the double-flow, double-stage pump we anticipate an
influence of the prerotation on the pump characteristics. In the suction bend,

additional ribs are provided. In order to provide evidence that there is no
prerotation, during the additional or preliminary tests the direction of flow

will be determined by small flags which will be ar rankled at several points at

the inlet of the suction bend. The attached Drawing 2, 83-8527 | FIG. 1-26 }

shows the general arrangement which we propose to use. The position of the

flags can be observed from the outside through plexiglass windows fitted

subsequently on the suction bends also on the double-flow, double-stage pump.

"Measurement of the Pressure Variations

At the spiral case of the pump, immediately ahead of the flange

at the spiral outlet, a hydraulic measuring equipment is fitted. The measured
pressure is recorded by an oscillograph. In this way, the pressure variations

inside the pump can be determined. The instrument will be calibrated before

and after the tests. "

(END OF J. M. VOITH REPORT)
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Material prepared for this spot falls within the category
of information considered proprietary by Daniel, Kann,
Johnson, and Mendenhall and has been deleted at the request
of that firm.
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3. Byron Jackson - Single-stage Model

a. Equipment

TEST EQUIPMENT DATA SHEET

TESTING FIRM:



Possible Speed
Variation



Model Pump Driver 3

Type and Nameplate

Data of Dynamometer

Motor



Speed Measurement:



Flow Capabilities

Maximum available flow as

limited by: Not limited within scope of described tests.

Flow Measurement:

Range:

Accuracy:

Calibration:

Control Measurement

Herschel Type Venturi Meters with

differential water nnanometers.

40 feet water

Overall accuracy 0. 1%

Volumetric calibration tank

Small Standard Volumns

Head Capabilities

Maximum Permissible
Pressure in Discharge
Line:

Discharge Pressure:
Adjusted by:

Will be designed for maximum require-

ment.

Throttling plug valve with possible

addition of friction tubes if necessary.

Discharge Pressure
Measurement:

Instrument Types:

Range & Accuracy:

Calibration:

Control Measurement:

Mercury column, Bourdon tube gages and
a Differential Mercury Manometer.

Full range as required. Hg. Col. - 0.03%
Bourdon gages 0.5%.

Dead "Weight Tester

Standards of weights and measures.
Head can be measured with a Differential

Mercury Manometer.
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Maximum & Minimum Suction

Pressure and Relationship to

Flow:

Suction Pressure:
Adjustable by:

Positive Suction

Pressure Applied by:

Suction Pressure
Measurement:

Method and Instrument Type:

Range & Accuracy:

Calibration Control
Measurement:

Valves in loop injection & outlet lines.

Injection pump to loop

Mercury column - 15. 5 ft.

0-15. 5 ft. - Accuracy 0. 03%

As required. Standards of weights of

measures

b. Model Pump Test Procedure

Byron Jackson has submitted a test procedure, listing the test
equipment and instrumentation to be employed for the normal pump phase
of the model pump tests. A copy of this procedure, "Preliminary Test Loop
Design and Test Procedure - Normal Pump", Report 3c, follows:
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August 14, 1964

Revised September 24, 1964

"TEHACHAPI PUMPING FACILITY

DMJM SPECIFICATION NO. 637-1-lC

Ref: Section 4 - Preliminary Test Loop Design and
Test Procedure - Normal Pump

Report No. 3c

"1.0 REFERENCES:

1. 1 DMJM Specification 637-1-lC dated 4-15-64.

1.2 ASME Power Test Code for Centrifugal Pumps - DTC.8. 1 -

dated 1954.

1.3 Standards of Hydraulic Institute, Centrifugal Pump Section -

dated 1951, Rev.

1.4 Byron Jackson Division - Proposal for the Design, Fabrication
and Testing of Pump Models for the Tehachapi Pumping Plant -

dated February, 1964.

'2.0 PURPOSE ;

The purpose of this document is to present the intended pro-
cedures and general conduct of the normal pump tests as set

forth in the referenced specifications.

'3.0 DESCRIPTION OF TEST SPECIMEN:

Pump - A Byron Jackson Type 10 x 10 x 16 single-suction

diffuser pump. Design specific speed N = 2000.
s

"4.0 DESCRIPTION OF THE MODEL TEST STAND WITH
INSTRUMENT DATA:

4. 1 Drawing lC-2430 [Vol. I, Ch. 8} "Test Stand - Tehachapi
Model Pump" shows a detailed layout of the test stand.
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4, 1. 1 Model Driver - a General Electric induction test

motor. 1750 HP, 2 pole, 3-phase, 60-cycle, 410 volt

Serial No: 6879569.

4. 1.2 Speed Reducer - a Western Gear Products speed
reducer.

Ratio: 1.2476/1.0 Rating: 6400 HP

Serial No: 140

4. 1.3 Booster Pump - a Byron Jackson vertical, turbine

type circulator pump. Size: 28 RX.

A variable speed driver will provide controlled

suction pressure to the model and adequate flow

and temperature control through the course of the

testing.

4. 1. 4 Flow Meter - a Herschel type venturi meter with

an inlet to throat diameter ratio of 2: 1.

Range: 0-10000 GPM.

4. 1. 5 Calibration Stand for in situ flow meter calibration -

a 10,000 GPM calibration tank on a suspension lever

scale connected to a timer.

4, 1.6 Test Tank - a 400,000 GPM capacity reservoir.

4. 1. 7 All inter connecting piping, fittings and valves will

be sized and located in accordance with the speci-

fications under 1.0 and consistent with sound engi-

neering practices.

4. 2 Instrumentation and Data

4.2. 1 Torque Meter - a Lebow Model 1234048K Rotary

Shaft Torque Sensor, with pedestal mo\inting plate,

speed sensor (pulse generator) air operated brush

lifter, in situ calibrated with lever arm and weights

to a Cox Model 522- lA Digital Torque Indicator for

an 0. 1% system accuracy.

Capacity: 48, 000 in-lbs.
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4.2,2 Calibration Tank Scale - a Fairbanks -Morse Double

Link Suspension Cast Pipe Lever Scale on Stands,

with a type registering beam and counterpoise.

Beam graduated 1000 lbs, x 5 lbs, insitu calibrated

to a system accuracy of 1/40 of 1%,

4, 2, 3 Pressure Tester - a Barnet Combined Hi-Low Pressure

Dead Weight Tester, type 4140/1.

Low Pressure range 10-400 PSI

High Pressure range 400-4000 PSI

All calibration standards traceable to NBL,

4.2.4 Timer - a Hewlett-Packard Electronic Counter,

crystal controlled.

Model 5214L

Accuracy: 2/100 of 1%.

4.2.5 Mercury Manometer - for accurate mensuration of

model discharge pressure.

4.2.6 Water Manometer - for accurate mensuration of

nnodel suction pressure.

4.2.7 Differential Water Manometer - for reading flow

meter differential values.

4.2.8 Thermocouples and Leeds & Northrup Galvanometer,

Model 8657 - Serial No. 1321424 - for measuring

pumping temperature at critical points in the test

line.

'5.0 PROCEDURE :

5. 1 INSITU Calibration of Venturi Meter:

After the erection of the test stand and before the actual

tests on the model specimen, the Venturi type flow meter

will be calibrated as required in referenced specification.

This calibration will be accomplished by verifying the

metered flow with weight measurennents. At each flow

point the following values will be recorded, Liqviid

temperature (as measured at the Venturi Inlet) in deg. F -

manometer deflection (in inches of water), tare weight,
final weight and time.
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5. 2 All instruments used will be properly calibrated before

tests and as deemed necessary thereafter. Calibrations

to be performed by Byron Jackson personnel or others.

5. 3 Siifficient data shall be recorded to establish parameters of

H.Q. from cut off to point of significant cavitation, of brake

horsepower required by the test specimen, of the calculated

efficiency and of the NPSH required as determined by actual

tests.

5. 4 Preliminary Study:

5.4. 1 Preliminary tests will be made on two (2) separate

impellers, and diffuser designs - designated as

Impeller A - Diffuser A, Impeller B - Diffuser B.

5.4.2 The preliminary studies will reqviire four tests -

covering the following combinations:

Impeller A - Diffuser A
Impeller B - Diffuser A
Impeller B - Diffuser B

Impeller A - Diffuser B

The elevation of the data obtained in the above tests

will result in the selection of the most satisfactory

impeller diffuser combination.

5.5 H.Q. Efficiency Characteristics Tests:

5.5. 1 Just prior to these characteristics studies, it will

be necessary to recalibrate all instruments and

meters to assure the highest possible degree of

accuracy.

5.5.2 Flow readings for this final critical test series will

be taken directly by time and weight from the

calibration tank, using the Venturi Meter for

secondary readings only.

5. 5. 3 All instruments will be calibrated per 5. 2 above.
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5. 5. 4 Data will be reduced and charted and discussed

freely with the appointed personnel. Re -running
of any specific point or test will be made whenever
necessary.

BYRON JACKSON PUMPS, INC.

August 14, 1964"

\
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CHAPTER I

STUDY & SURVEY OF EXISTING INSTALLATIONS

A. PURPOSE AND SCOPE:

An investigation of high head pumping practice was conducted during
the Sumnner and Fall of 1964 by a team, consisting of O. Hartmann,
Motor-Columbus, Ltd. , Baden, Switzerland and members of the Daniel,

Mann, Johnson, & Mendenhall Tehachapi Project staff.

The investigation was nnade in order to provide more detailed data
from various high head pump installations on operating and design
experience, particularly with regard to reliability factors, maintenance
practices, experience with various construction materials and other
pertinent data,

A total in excess of thirty plants in Europe and eleven American plants

were visited, most of them being plants containing pumps, although some
water turbine plants having exceptionally high heads per stage and operat-
ing with Francis runners were also included. It was felt that experience
with wear of runners and seal rings, etc. , for the latter could be included
in the overall evaluation. Particular attention was paid during the plant

visits to the available suction conditions for each pumping unit. Where
possible, noise measurements and vibration measurements were obtained,

both during normal operation and during shut-down and start-up of the

units.

See Volume No. Ill for detailed reports on punnping stations visited.

B. SUMMARY OF EUROPEAN PRACTICE :

1. Discussion of Purpose of Plants &t Operating Records

Table Z-l shows a list of the plants visited, including pertinent
operating conditions, with the listing arranged in order of decreasing
total head. Placing the plants in approximate categories,
all figures referring to individual pumps, the following gives an
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indication of the complexity of the installations:

a. Capacities varied from 16. 5 to 1161 cfs.

b. Pumping head varied from 200 ft. to 3151 ft.

c. Number of stages in pumps varied from 1 to 9.

d. Pump power rating varied from 6800 HP to 93, 400 HP.

e. Operating speeds varied from 214 to 1500 rpm.

f. Specific speed varied from 1120 to 2550.

g. Suction specific speeds varied from 834 to 8460.

The majority of the plants visited are used in pump storage
service. Therefore, the pumps inspected, with one or two exceptions,
are operated intermittently, and, in the majority of cases are started

and stopped almost every day. Some of the units have had as many as
1000 starts and stops per year and have operated in this manner over a

number of years. The plants visited have an enviable record of reliability,

with unscheduled outages being practically non-existent.

This type of intermittent operation does provide sufficient time
for making scheduled overhauls of the units, and this practice is the rule

at all of the plants. The timing varies from once a year for minor repair
to as much as ten-year intervals for plants having ideal water conditions
and liberal suction submergence.

It must be understood that any comparative analysis between the
European pumping practice and that of the Tehachapi Piomping Project
must be considered in the light of several limitations.

All pumping stations in Europe of any magnitude are pump
storage installations designed for the specific purpose of raising large
volumes of water to considerably higher elevations in a relatively short
time, and then shut down. Service factors, that is operating hours over
totally elapsed time, are quite low, especially when compared with the
expected service factor of the Tehachapi Project. (See Table 2-II)
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Of the 87 50 hours in a norinal year, it is reasonable to expect

that any pumping unit in water supply service would operate 8000 hours or

something over 90% of the time. On this basis, and reviewing 75 pumping
units in 27 plants which had any reasonable service factor, it was found

that eight (8) pumping units in three plants had operated 60, 000 hours or

over, equivalent to seven years of operation. The average was 76, 409 hours.

Of these eight units, four had been installed 31 years, three - 34

years and one - 39 years. During all these years the operating time varied

from Z6% to 31% of what might be considered a normal operating time of

8000 hours per year.

Twelve units in six plants had operated in excess of 24, 000 hours,

which might be considered a normal three-year period. These units, from
13 to 24 years old, had operated an average of 29, 233 hours, representing

20. 2% of an 8000 hour year.

Twenty units in eight plants with more than 8000 hours of pumping
time had been installed an average of 8. 3 years, but had operated an

average of only 12, 393 hours, or 18. 7% of normal operating time.

Practically without exception, all plants in the Alpine area operate

seasonally which allows several months each year for any maintenance or

repairs that may be needed, an operation quite distinct from a water supply

system, such as the MWD system or the Tehachapi system in which the

service factor may be 90% or higher and a high percentage of availability

must be maintained.

Time required for maintenance and inspection is rarely a problem
of importance in Europe, while this problem in the Tehachapi Project will

be of prime importance and must be given considerable weight.

65



Z. Comparison of Plants with Tehachapi Project

Operating experience is available for units having approximately

the same power rating as that required for the single-lift Tehachapi

Project, but with the following limitations:

a. Pumps are in operation for heads higher than required for

Tehachapi but for smaller capacity.

b. Pumps are in operation for capacities higher than required

for Tehachapi, but operating at lower head.

The Lunersee plant is the best exannple of a European high head
pumping plant that approximates the performance requirements of the

Tehachapi single -lift system. It contains five vertical, five- stage pumping
units that have a horsepower rating of 58, 400. They have a capacity of

144 CFS and operate against a head of 3151 ft. The rotational speed is

750 rpm.

The five pumps have an excellent operating record. They were
placed in operation in 1957-1958 and, up to October 1964, each pumping
unit had a total of approximately 14, 000 hours of operation. They have
never been totally dismantled, major necessary repair work being

confined to the inlet portion of the pumps which are accessible from the

lower end of the pumping unit.

Two of the units furnished by one manufacturer experienced rather

serious cavitation and the suction impeller of each unit was replaced by a

new one after 8000 hours of operation. The replaced impellers were
repaired at the plant and are available as spares.

One unit furnished by another manufacturer was repaired by weld-
ing the first stage impeller after 2300 hours of operation, without dis-

mantling the unit. Since this first repair, the impeller had only to be
polished after 12, 000 hours of operation.

No rework has been necessary on the impellers of the two other
units furnished by a third manufacturer. All these units have a relatively

low specific speed of 1500. The cavitation originally experienced again
points out that low specific speed does not provide insurance against cavi-
tation damage, and does not necessarily increase reliability. Cavitation
is controlled by proper hydraulic design, by utilizing cavitation resistant

materials, and above all, by providing adequate submergence.

66



There should be no problem with providing sufficient submergence for

the Tehachapi Pumping Plant, and if this item is properly taken care of

there is no reason whatsoever why a well designed multi-stage pump cannot

give years of satisfactory service.

The trouble free operation of the Lunersee pumps (excepting some
initial cavitation experienced and connmented on above) points out the

excellent reliability of this type of unit.

Some investigators of the Tehachapi lift have questioned whether the

Lunersee pump experience is applicable because these units have a specific

speed of 1500 while the Tehachapi units have a specific speed of approxi-
mately 2000. Here again it must be pointed out that specific speed is a

designer's tool for designing efficient pumping units and has nothing what-
ever to do with reliability, etc. The Lunersee pumps operate at a speed of

750 rpm and have a horsepower rating of over 58, 000, while the Tehachapi
pumps for the single-lift will only operate at 600 rpm for a connparable
horsepower of about 75, 000. Also, the head per stage of the Lunersee
pumps is 630 feet as compared to 488 ft. for Tehachapi. It may be said,

therefore, that the Tehachapi pumps would be of a more conservative
design than the Lunersee units.

It is conceded that a multi-stage pump does not have accessibility
equal to that of a single-stage pump. However, the lack of accessibility
is academic because plant experience indicates that the pumps will operate
satisfactorily for many years before they must be opened for inspection
and repair.

The balancing labyrinth necessary for a multi-stage pump has been
of some concern as this labyrinth must withstand the full discharge
pressure, and may be subject to more rapid wear than the other parts
in the pump. Experience at Lunersee indicates no accelerated wear of this

part, the balancing leakage having increased only 29% in 14, 000 hours of

operation. As normally a 100% increase in balancing leakage is considered
acceptable before replacement is required, these parts should not require
repairs bjfore five years of continuous operation have elapsed. The reason
for the slow wear of these parts, in spite of the fact that they are exposed
to a large pressure difference, lies in the design of a long multiple laby-
rinth path which reduces the average velocity of the water to a very low
value, thus elinninating rapid wear.

The Lunersee installation, containing five units of three different
manufacturers is, according to the above, an excellent example of a
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multi-stage high head installation similar to the single-lift Tehachapi

application and the experience at this plant should prove without a doubt

that pumps of this type are trouble-free and have a good operating record.

The engineers at the station and the operating owner have confirmed this

impression in writing.

There are several plants in operation with capacity-head combina-

tions similar to that proposed for the two-lift concept, namely, Vianden,

Limberg, Rodund, and Ffestiniog. These units have a good operating

record; however, only one of these units, at Rodund, has operated in

excess of one normal year of operation. Rodund had operated some

14, Z25 hours (equivalent to 1-3/4 years of normal operation in its 12

years of life). The other 15 pumps in the three plants mentioned have an

average operating life of only 3084 hours (max. 7400 hours).

Rodund operates at a 17% higher head than the Tehachapi two -lift

system, but at only 60% of the capacity. This unit has a good operating

record.

The Ffestiniog pumps more nearly meet the Tehachapi two-lift

system conditions, but with only some 4500 hours of operation now, it

will be several years before their service can be compared with what we

may consider two or three years of operation at Tehachapi. Some cavita-

tion has been experienced at Ffestiniog.

Table 2-III shows a list of the plants visited containing two-stage

double -flow pumps.

There are no large single-stage units operating in Europe comparable

to the projected three-lift concept for the Tehachapi Pumping Facility from
which comparisons could be made, and for this arrangement American
practice and experience will be evaluated in paragraph C.
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TABLE 2-1
LIST OF PUMPING PLANTS WITH PRINICPAL OPERATING DATA

(Listed in order of decreasing head)



Plant

Herdecke

Hausern

Tremorgio

Total -

TABLE 2- II

OPERATING HOURS

8 Yrs. @ 8, OOP Hours/per Yr.

Unit Hours Equiv. Yrs.

I

II

III

Al
A2
Bl
B2

83, 500 +

83, 613
'

83, 384

77, 434

70, 513

59, 368

71,464

82, 000

611,276Avg. 76,409

10. 2 )

10. 5 )

10. 4 )

9.7 )

8. 8 )

7.4 )

8.9 )

10. 2 )

64, 000 Hours
Years Operational

Installed Factor

34 yrs.

31 Yrs.

31%

29%

39 Yrs. 26%

9. 5 Yrs. Avg. 28. 7%

Plant

Witznau

Etzel

3 Yrs. @ 8, 000 Hours /per Yr .

Unit Hours Equiv. Yrs.

A3 39,936
A4 36, 307

B3 26,869
B4 27, 248

Wa Id shut



TABLE 2- II (cont)

1 Yr. @ 8, OOP Hours/per Yr.

Plant Unit Hours Equiv. Yrs.

Rodund - 14,225 1.78

- 8, 000 Hours

Provvidenza II 12, 820

Geesthacht I



TABLE 2- II (cont)

Less than one year of 8000 Hours/per Yr.

Plant

Ferrera

Peccia

Limberg

Stafel

Motec

Unit

I

U

I

II

I

II

I

II

in

Hours

2,777
1,866

6,640
6, 580

7,260
7,400

3.093
4, 700

5,772

7,923

Vianden



TABLE 2- II (cont)

Less than one year of 8000 hours/per Yr.



TABLE 2 - III

DOUBLE FLOW TWO STAGE PUMPS
(Listed in order of Decreasing Capacity)



3. Surface versus Underground Plants

Almost one-half of the plants visited were underground installa-

tions. In the majority of the cases this arrangement was dictated by the

local terrain, no space being available for locating a surface plant without
extensive site preparation work. Safety from enemy attack was also men-
tioned as an additional reason for underground installations. In general,

the underground plants are well arranged and sufficient space is available

for dismantling of the units for repairs.

4 Horizontal versus Vertical Shaft Arrangement

Of the twenty-eight pumping plants included in this report, six

contain vertical units while twenty-two have pumps with a horizontal shaft

arrangement. The latter includes Vianden where nine horizontal units

with a punnp rating of 93, 400 HP each are installed in an underground sta-

tion.

Where general conditions favor a horizontal shaft installation,

that is where the pump inlet pressure conditions are generous and where
topography is favorable, this type of plant is much preferred by the opera-
tors. With all of the major operating equipment and controls located on
one floor level, the supervision and maintenance work is obviously simpli-
fied. The maintenance hours for overhualing and the outage times for this

work are considerably reduced.

It is also noted that the horizontal type units of the two- stage,

double flow pumps on which inspections were made, seem to have a better
operating record than the vertical units of this type.

5. Operating Speed and Specific Speed of Units

Plant I shows the speed of the various units investigated, the

speed varying from 250 rpm to 1500 rpm, depending on the size of the units

and on their age. The chart is arranged to show the unit having the lowest
specific speed on the left and the one with the highest specific speed on the

right.

In general, the higher specific speed units are ones installed

more recently, although it must be realized that the operating speed on a
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storage pump installation, which includes the majority of the units visited,

is not selected for the optimum pump operation but may be picked to favor

the value best suited for turbine operation.

The use of specific speed in the range of 2, 000 for optimunn

pump design, which was selected for the basic Tehachapi program is,

therefore, in line with current European practice.

6. Noise Level of Installations

Wherever possible, noise level readings were obtained during

the plant visits. At most installations the operators were very coopera-

tive in placing the pumping units on the line for us and in many cases, it

was also possible to make noise measurements during the changeover fronn

turbine operation. The instrument used was a portable General Radio

Sound-Survey Meter, Type 1555A.

The noise reading was obtained at a distance of approximately
10 feet from the pump in all cases. The "C" scale of the meter, which
gives the total sound pressure level in decibels varied from a minimum of

92 at Peccia to a maximum of 108 - 110 at Villa Gargnano, and 105 at

Ffestiniog. Other values are given on the plant data pages in Volume III,

and on Plate V at the end of this chapter.

It should be realized that an increase of 3 decibels represents
a doubling of the noise level and any level above 96-98 decibels is

considered objectionable by the average operator.

It is extremely difficult to establish the exact source of the

noise on a pumping unit. Some of the observed noise levels may have been
caused by the valving and header arrangements rather than the pump pro-
per.

It may be said in conclusion that the noise levels observed
during the European inspection trip were relatively high and several

installations would be considered objectionable from a noise standpoint

for a U. S. installation.
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7. Vibration Record of Installations

Vibration readings were taken at the majority of the plants

visited both during normal pumping operation and during the changeover
from pump to turbine operation where applicable. The instrument used
was a Davey Hand Vibrograph, Serial 941, with which a permanent record
of amplitude and frequency of vibration is obtained on a small tape.

The principal amplitudes of the vibration obtained is shown on

Plate V. In general, the record of most units in this regard is extremely
good. Under normal pump operation, the total amplitude of vibration was,

in most cases, less than 0. 001 inches and in many cases was less than

0. 0002 inches which is about the limit of sensitivity of the instrument.

During starting and changeover procedures, the amplitude of vibration

increased to a maximum of approxinnately . 002" measured at the bearing

supports, which is still well within the acceptable maximum of . 002 inches

to . 003 inches for machinery in the speed range of 1500 rpm and below.

Records of the actual vibration readings obtained are included in the re-

ports of individual plants in Volume III.

8. Starting

The vast majority of the European installations, 19 out of a total

of 27, were arranged for starting by the main turbine on the same shaft,

or by an auxiliary turbine.

Of the nine plants under regular operation started electrically,

four were of units under 10, 000 HP, and none had units of over 30, 000 HP.
So they are hardly comparable to the 70, 000 - 80, 000 units proposed for

the Tehachapi two-lift or single-lift systems. Further, of these five

plants with units of over 10, 000 HP, only one, that of Grimsel, had
operated more than 5700 hours, (8 months of full time operation). Grimsel
(29, 000 HP) during nine years of service had operated some 21, 000 hours,

a 30% service factor, but had been started only about 40 times per year
for a total of approximately 360 times. No electrical troubles were
reported.

Two relatively large plants, those of Cotilia 40, 000 HP and

Provvidenza No. Ill, 67, 000 HP, were originally arranged for direct re-

duced voltage starting. Cotilia was started once electrically and then the

reduced voltage equipment was dismantled and, thereafter the units were
started by the turbines.
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The 67, 000 HP unit at Provvidenza, having a reversible pump
turbine, was at first started with reduced voltage electrically. However,
cLfter approximately 928 hours of operation and ZOO starts, the amortisseur
windings expanded from heat and the use of this unit as a pump was discon-

tinued. Arrangements are now being made to use synchronous starting on
this unit.

9. Quality of Water Handled by European Pumps

The pumping plants inspected were located in various parts of

Europe, and handle water of many types containing varying amounts of

solids.

In general, the plants do not keep detailed records of the water
handled. Water quality in Germany and Austria is generally good with

small amounts of solids. In the Alps of S'witzerland there exists a sur-

prising difference in water quality for seemingly sinailar overall conditions

Although the pumps at Ferrera and Peccia handle water containing glacial

silt, they do not experience excessive wear at these locations. In the

Canton of Wallis, the problem of wear seems to intensify. Samples of

water were obtained from the forebays of Grimsel-Oberaar and Stafel and
the report following Paragraph 14, by Truesdail Laboratories, shows an
analysis of these waters. The report also shows an analysis of the silt in

the Plant of Fionnay which is a Francis turbine installation with a rated

head of 1492 feet. The microscopic analysis of the water shows the

varying nature of the silt, and points out that it has a hardness in excess
of that of glass, which explains the wear on the impellers and other parts
experienced at these plants.

10. Cavitation and Wear

Cavitation in the inlet of the impellers to the first stage has been
experienced in a great many of the installations. This could not, in

general, be observed first hand, and the reports of the plant operators have
to be used as a basis for analysis in most cases.

Plate I shows which plants have reported cavitation.

First, it should be realized that the word "cavitation" is used
rather indiscriminately by many of the engineers contacted. True cavi-
tation can only occur at such points in the flow path where the absolute
pressure is below the vapor pressure of the liquid handled. Impeller
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blade pitting can, however, also be observed in cases where the vapor

pressure is not reached, but where the water handled is corrosive. The

corrosive action is accelerated at the lower pressures.

It would seem that at several plants where cavitation was

reported, the cause of the impeller pitting was actually corrosion,

particularly in view of the fact that changing the impeller material to

stainless steel corrected the condition in these cases. The chart indicates

these plants had "wear and corrosion" rather than cavitation.

At Grimsel-Oberaar a different condition exists. Photographs

taken by Sulzer Bros, of an impeller and a diffuser after ZO, 000 hours of

operation clearly show erosion at the blade tips and, in view of the nature

of the water at this plant as reported in the Truesdail Laboratory report

after paragraph 14, this is not surprising. By courtesy of Kraftwerk

Oberhasli, these photographs are shown in the Grimsel-Oberaar section

in Volume III.

This discussion should again bring to the foreground the extreme

importance of the wear test program being conducted by Daniel, Mann,

Johnson, & Mendenhall. Unless the approximate nature of the water

handled by a pump is known, no reliable recommendation on the best

design and material combination for continuous trouble free operation can

be made.

11. Cavitation & Inlet Conditions

An attempt was made during this investigation to find a correla-

tion between available suction pressure and cavitation damage.

Plate I shows the suction specific speed calculated for the

various installations from available plant data on suction submergence.

It would seem from this preliminary investigation that a suction

specific speed of not more than 7000 should be adopted and this will mean
a suction submergence for the Tehachapi pumps of approximately 10 feet

more than proposed previously by the various pump manufacturers. Of
course, the final recommendation must also take into account the results

of the model tests. The specifications for the model tests call for a

visual inspection window for observing the early stages of cavitation, a

precaution that was not taken on many of the earlier model tests conducted

both in Europe and the United States, where cavitation was later exper-

ienced with the prototype installation.

_

Plates found at the end of this chapter.
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The investigation does not show any clear trend of intensified

cavitation problems with increase in specific speed Rather, it points out

the extreme importance of having sufficient submergence on the selected

pumps for the Tehachapi Pumping Plant regardless of the specific speed

finally selected.

12. Assembly &c Construction Details

a. Gene ral

Wherever possible the construction details of the pumps at

the various plants were studied by inspecting the detail drawings. Some of

the more pertinent details are discussed in the report.

b. Installation of Pumps

The question of horizontal versus vertical installation has
already been discussed in Section 4. At some installations the pump cas-

ings were embedded in concrete but for the majority of the plants this was
not the case, and no difference could be detected in vibration between the

two methods. Accessibility for maintenance and repair is, of course,

much improved for an open installation. It was noted that general European
practice was to have two cranes available for each nnachine hall to facili-

tate handling of the parts during assembly procedures.

c. Packing Arrangement

A large number of the pumps inspected are equipped with

carbon ring seals for the packing. In general, these seals have been a

source of some difficulty and require periodic maintenance, once a year
or so. In many cases, filtered water from special sources is required to

increase the service life.

In later years, the trend indicated a change from carbon
rings to labyrinth type of packing of varying designs, from single serrated
bushings to multiple bushings, either smooth or serrated. One manufac-
tuerer has used mechanical seals successfully on a large installation since

196Z.

It should be noted that soft packing, which is in standard
use for large United States pump installations, is not used in Europe.
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d. Impeller Wearing Rings

The impeller wearing rings, as can be expected, are also a

source of difficulty, although to a much lesser extent than the shaft packing.

Where 12% stainless steel was used for these parts, the maintenance has

been surprisingly low, even at those installations that handle abrasive

water. For instance, at Grimsel-Oberaar the clearance in the rings in-

creased from 1 m/m to 1. 5 m/m in 10 years or ZO, 000 hours of operation.

The design of the wearing ring labyrinths vary greatly be-

tween manufacturers, some using interlocking labyrinths and others using

stepped diameters for increased sealing effect. The Daniel, Mann,
Johnson, & Mendenhall model test program, which includes models of

various manufacturers, should contribute to an evaluation of the different

designs.

1 3. Maintenance

The question of maintenance has already been touched upon in

Sections 1, 3, 5, and 9«

The main reasons for pump maintenance in descending order of

importance are:

a. Packing

b. Impeller wearer cavitation.

c. Impeller wearing rings

d. Other miscellaneous items like mechanical failures,

bearing failures, etc.

Due to the nature of operation of the pumping plants visited,

maintenance can be scheduled without affecting the plant availability and
the availability factor has been in excess of 95% in most cases.

14. Summary of Data

Pertinent information which was collected is shown on Plates III,

IV and V of this report. A chart showing in graphical form the compari-
son of various pertinent parameters is shown on Plate I of this report.

Plates found at the end of this chapter.
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REPORT

TRUESDAIL LABORATORIES, INC.

CHEMISTS - BACTERIOLOGISTS - ENGINEERS 4101 N. FIGUEROA 8TREE>
LOS ANQELES 6

CAPITOL B-4148

CLIENT Daniel, Mann, Johnson & Mendenhall DATE October 8, 1964

3325 Wilshire Blvd.

Los Angeles, California 90005 Attn ; Mr. Ray D. Bowerman RECEIVED September 30, 1964'

SAMPLE v;ater sample - Stafel - July 22, 1964

Water sample - Grimsel Lake - July 21, 1964

P.O. No. 12396

INVESTIGATION Analyses as shovm.

LABORATORY NO. 68501

RESULTS

Water Analyses;

pH

Specific Conductance,
micromhos at 25°C

Stafel

7.59

53.2

Grimsel Lake

7.60

224

Total Solids,
parts per million, calculated 31.9

Total Hardness,
parts per million

Corrosion Index

32.2

Total Alkalinity as CaC03,
parts per million 15.0

1.55

134

32.6

4.0

-2.03

(Continued)

This report applies only to the sample, or samples, investigated and is not necessarily indicative of the quality or condition of apparently
identical or similar products. As a mutual protection to clients, the public and these Laboratories, this report is submitted and accepted
for the exclusive use of the client to whom it is addressed and upon the condition that it is not to be used, in whole or in part, in any
advertising or publicity matter without prior written authorization from these Laboratories.
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- 2 - October 8, 1964

TiUESDAiL Laboratories, Inc.

aniel, Mann, Johnson & Mendenhall Laboratory No. 68501

I Silt Analyses

:

(1) Stafel

_. Microscopic analysis of this silt indicated that it consisted chiefly of
I colorless crystals v/ith the general appearance of white sand. The major por-

tion of the particles was in the 50 to 150 micron size. The silt was insoluble
in mineral acids, and showed a hardness somewhat greater than glass. This was
determined by placing seme of the material between two microscope slides, and
with moderate pressure, rubbing the two slides together. Slight scratching of
the slides was observed.

The major mineral constituents were not determined, since the hardness,
particle size, etc. v7ould appear to be the more significant criteria of the
abrasive action of the silt. The crystals were definitely sharp and well defined,
and would be expected to be moderately abrasive to softer materials,

(2) Grimsel

Microscopic analysis of this silt indicated the same general appearance of
the Stafel silt except that the particles were very much smaller. The majority
of crystals were in the particle size range of 10 to 25 microns. They were
slightly harder than glass, insoluble in mineral acids, and would not be ex-
pected to be strongly abrasive to softer materials. Their fineness would, how-
ever, permit penetration into small interstices, such as bearing surfaces in
machine parts, and abrasion could then result.

(3) Fionnay

This silt appeared to be chiefly colorless sharp-edged crystals mixed with
mica-like fragments and dark siliceous materials. About 10-20% was soluble in
hydrochloric acid, with effervesence, indicating some limestone particles.

The major portion was in the particle size range of 150 to 1000 microns.
It was considerably more abrasive to glass than the Stafel and Grimsel silts.

This silt would be more erosive, especially from impact, than the other two
silts, but would be less apt to penetrate bearing surfaces.

Specimens of the silt were photographed with transmitted light at a mag-
nification of 70X. The same magnification was used on all samples so that
direct comparisons of the particle sizes could be made. Poor detail is sho;7n
in the Grimsel silt because of the fineness of the particles. The photographs
are shown on following page,

(Continued)
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Truesdail Laboratories, Inc.

nr,wy^

Stafel VOX
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Grimsel 70X

I

Fionnay 70X
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TRUESDAIL LABaRATORIES. INC.

Daniel, Mann, Johnson & Mendenhall

October 8, 1964

Laboratory No. 68501

REMARKS: In our opinion, the two waters are not highly mineralized, but their
negative Corrosion Index values indicates that they are corrosive in nature.

The erosive qualities of the silts were discussed in the context of the
report.

Respectfully submitted,

TRUESDAIL lABORATORIES , INC.

Philip J, C>^r/ey, Ph.^

Vice Prasd
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C. SUMMARY OF AMERICAN PRACTICE :

1. Discussion of Purpose of Plant St Operating Records

Table 2-1V shows a list of the plants visited including pertinent

operating conditions.

It was recognized that no station in America would closely

correspond with the Tehachapi Crossing Project, but as there are points

of similarity in all large pumping stations it was felt advisable to glean

all the information possible from the American stations.

A total of eleven (11) pumping stations, containing 73 pumps,
were visited and the operating personnel interviewed, particularly with

regards to reliability factors, maintenance practices, experiences with

various construction materials and other pertinent data.

The plants visited varied in heads of from 85 feet to 810 feet, in

capacities from ZOO CFS to 3900 CFS and in power requirements from
4300 HP to Z40, 000 HP. Rotative speeds varied from 105. 9 to 450 rpm.
All pumps were vertical single suction, single stage.

Four of the plants visited, Lewiston, Hiwassee, Buchanan Dam
and Taum Sauk were pump- storage plants, and although of relatively high

horsepower rating and high capacity, were of little value from an
experience standpoint as they had little or no operating time, less than

5000 hours maximum.

Five of the stations observed were those operated by the

Metropolitan Water District in the Colorado River Aqueduct. These 45

pumps have from 35, 000 to 100, 000 hours of operation with a high service
factor and, therefore, their operating experience is fairly valuable.

However, the maximum rating is only 12, 500 HP and the nnaximum head
and capacity are much below those for the Tehachapi job.
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The Grand Coulee Pumps present an example of a station of high

power capacity and a fairly extensive time of operation, but the head is

relatively low in comparison to any of the Tehachapi concepts. The Tracy
pumps have operated many hours but, here again, the head is low.

None of the American pumping plants are what might be termed
"underground" stations.

All plants visited, except those of The Metropolitan Water
District, are operated as pumps either seasonally or periodically. The
Metropolitan Water District keeps one unit per station (out of nine) down
all the time for repair and maintenance.
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TABLE 2- IV

AMERICAN PUMPING STATIONS



2. Water Quality

Generally speaking, the quality of the water handled by the

American pumping stations is fairly good to excellent. All pump storage

plants pump to and from rather large reservoirs where most of the solids

have settled out. This is also true with the straight pumping plant at

Grand Coulee. The Metropolitan Water District water starts out clear

and free from abrasive materials, but may at times accumulate a little

sand' enroute through the desert.

3. Cavitation &; Wear

The Grand Coulee installation shows some cavitation damage
which was corrected by an overlay of stainless steel, after 6000 hours of

operation.

The Metropolitan Water District experienced some wear on the

original bronze impellers, but none on the later pumps fitted with stainless

steel impellers which have now operated some 45,000 hours.

The Tracy pumps were fitted with nnanganese bronze impellers

and show very little wear after 13 years of operation (35, 000 hours).

The American experience parallels that of Europe, in that wear
is minimal when perfectly clear water is pumped regardless of the

materials used, and that stainless steel wearing parts resist both wear
and a certain degree of cavitation even though the water may contain some
abrasive material.

4. Starting

Where the power supply system can withstand the jolt, most
American pumps are started across-the-line, usually at full voltage.

This includes the relatively small Metropolitan Water District units

(12, 500 HP maximum), the twelve 37, 500 HP units at Lewiston, the

102, 000 HP unit at Hiwassee, and the six 22, 500 HP units at Tracy. In

all cases, where the units have been started a sufficient number of times
to draw any conclusions, some trouble has been experienced with heating,
and consequent expansion and contraction of elements of the amortisseur
windings.
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It must be taken into consideration that all American pumping

units of any reasonable size are of relatively slow rotative speed, 106 to

200 rpm and, therefore, they present a somewhat simpler problem as far

as starting is concerned than the higher speed units proposed for the

Tehachapi project.

The six 6 5, 000 HP units at Grand Coulee and the 13, 450 HP
Buchanan Dam unit are started by the synchronous method, in which the

pumping unit is locked together electrically with a turbine unit at

standstill (or at a low speed) and the two units are brought up to operating

speed together.

The 102, 000 HI? 105. 9 rpm Hiwassee unit is arranged for across-

the-line starting with reduced voltage and with the pump de- watered.

However, this unit has never operated as a pump as yet, except just a

few hours during the test.

The 250, 000 HP Taum Sauk units are started unwatered by

direct connected induction motors of the wound rotor type.

In general, the survey of American pumping plants, and European
ones too, for that matter, did not provide a yardstick to evaluate the start-

ing problems likely to be encountered in the 70, 000-80, 000 HP 600 rpm units

proposed for the single or double lift Tehachapi project.

5. Summary of Data

Pertinent information which was collected is shown on Plates III,

IV and V of this report. A chart showing in graphical forrn the comparison
of various pertinent parameters is shown on Plate II of this report.

Plates found at the end of this chapter.
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D. SUMMARY k CONCLUSIONS PERTAINING TO EUROPEAN fc

AMERICAN PRACTICE :

1. Comparison with Tehachapi Plant

There are no plants in existence which are similar to the

Tehachapi single -lift application. The units inspected that approach this

most closely are the five vertical, five- stage units at Lunersee. While

these units have only operated a total of approximately 14, 000 hours each

to date, they have been in operation for six years and have been giving

very satisfactory performance. There should be no question that, with

present manufacturing know-how, the multi-stage unit required for the

Tehachapi single -lift concept could be built and would give satisfactory

and reliable service for years to come.

The pumps tentatively selected for the two-lift systems, namely,

the two -stage, double flow pump, have a history of very good operation in

Europe and, here again, there is no question that a satisfactory and

reliable unit of this type can be procured for the Tehachapi concept.

The single-stage pump required for the three-lift concept has a

good precedent in Annerican plants, and there is no doubt that this type of

unit should give equally satisfactory service for the 650 ft. head selected

for this arrangement. While this head is somewhat higher than that of the

exisiting installations, it should be in a range where extrapolation of

previous experience can be accepted.

The picture changes when the single-stage pump is considered

for the two-lift system which will require a head of 975 feet in one stage.

Installations of this type having a head in excess of 500 feet are few, with

none of them having extensive operation experience and all of them are

reversible pump turbine units.

Five high head test plants and their basic performance data are

listed on the following page.
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3. Cavitation and Inlet Conditions

Cavitation damage has been observed at a great many of the

installations both in Europe and in the United States. The model testing

for most of these installations was not conducted with visual inspection,

and many of the units evidently did not have enough submergence to

eliminate cavitation. On the first model test conducted under this pro-
gram at Voith, definite cavitation could be observed on the impeller inlet

before any evidence of noise or effect on the characteristic curve could

be observed. It will, therefore, be extremely important to evaluate the

cavitation test data for all three models and establish the minimum sub-

mergence required for Tehachapi, so that cavitation problems on these

units may be eliminated.
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CHAPTER 3

PUMP DESIGN STUDIES

A. PURPOSE AND SCOPE

The process of selecting pumps for a pumping plant consists of the fol-

lowing steps:

1. Determine delivery requirements and seek suitable pump manufacturers

2. Evaluate the manufacturer's ability to supply equipment in a satis-

factory manner.

3. Review precedents and operating experience of existing plants

4. Finalize pump characteristics, size, auxiliary requirements, etc.,

and write the pump specification. This is the basic "exterior view" of pump
selection and is normally the extent of pump "research" necessary for a plant
installation.

The Tehachapi lift requires pumps that must be custom designed and must
have certain functional requirements that dictate extensive care in the process
of selecting hardware. The pump designs must be reviewed in detail in order
to assure that the prospective manufacturers are providing their most ad-
vanced designs and are giving utmost consideration to mechanical and structural
reliability. In order to properly evaluate the pumps, an "internal review" of

the designs is desirable.

Responsibility for the hydraulic and mechanical design of the pumps lies

with the manufacturers, and it is to their own advantage to provide the best de-
signs of which they are capable. However, evaluation of designs may be difficult

due to conflicting performance requirements (as functions of the three different

lift concepts) and to different opinions as to the importance of particular operat-
ing features. The purpose of DMJM's pump design studies is to develop suffi-

cient background material to fairly evaluate the pump designs presented by the
model testing firms. Studies are being made of the basic hydraulic design,

mechanical features, cavitation performance and economic factors dependent
on design.

Certain studies have been given particular emphasis and due to their scope,
are treated as prime subjects in other chapters of this report. Included in this

category are: Hydraulic Transients (Chapter 6); Reliability Study (Chapter 7);

Methods of Estimating Efficiency from Model Tests (Chapter 8); Vibration Study
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(Chapter 9); and, Materials Investigation Wear Testing (Chapter 10). At a

later point of time in the Tehachapi Study, cavitation performance may be

given an enlarged study and made a prime subject.

B. HYDRAULIC DESIGN

Hydraulic design is the responsibility of the pump companies participating

in the model test program. Many of the internal design details are considered

as proprietary information and have not been disclosed. As a consequence, the

degree of the "internal" pump study is limited. However, certain knowledge of

the impeller geometry and the hydraulic passages can be obtained from the

cross-sectional drawings. Specific information on impeller and diffuser vane

angles and curvature is not known. Some geometric information has been ob-

tained by scaling from drawings and, consequently, must be of questionable

accuracy.
impellers have been

given prime consideration. Information on diffuser s, return channels, and vol-

utes was too meager to warrant any analytical attempt. The analysis that has

been made is subject to changes in design that may occur during the model
testing. Before commenting on the results, a few explanatory remarks are in

order:

1. Considerations for the Hydraulic Analysis

a. Background Material

Designers in the field of hydraulic machinery hold to their indi-

vidual theories and pet choices of design parameters. Numerous variations

are found in pump details —most of minor consequence. However, the refine-

ment of pump design continues and the advantages of one pump over another,

no matter how slight, may have important economic or other value. The im-
portance of a small percentage of efficiency in the Tehachapi lift is an ex-

ample. However, the evaluation of a pump design is a very difficult task as

exemplified by the variety of opinions that can be found among the designers

themselves.

The basic reason for the variable positions of pump experts is

the fact that the mathematical models and analytical procedures that have
been developed in the hydrodynamic field do not and cannot practically take

into account all the factors of fluid properties, observed fluid behavior, and

flow geometry. Hydrodynannics has traditionally relied on experimental ef-

forts to provide basic understanding of fluid flow and to provide the design

nunnbers used in engineering processes. Centrifugal pumps is a particularly

difficult analytical subject because of the infinite variation of three-dimensional

geometries that are possible. Superimposed on the design problem are
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limitations of materials and manufacturing processes, mechanical elements,
operational and maintenance considerations, and business economics. Cen-
trifugal pump design, like many other engineering subjects, is still a combina-
tion of science and art and the percentage of art is high.

Somewhat in contrast to the statements of the previous paragraph,
it can be said that some aspects of centrifugal pump design have been reduced
to a common approach. This has come about through intensive effort by the

pump industry and related technical agencies extending over a long period of

time. Among the several textbooks on the subject, "Centrifugal and Axial
Flow Pumps" by A. J, Stepanoff, is one of the more prominent. The methods
and basic notation of that text have been used in this investigation of the pro-
posed Tehachapi pump designs.

b. Definitions, Notation, Equations

FIG. 3-1 illustrates the notation for impeller diameters. FIG. 3-2
illustrates the discharge velocity triangle and notation.

List of Notation and Equations:

D2 = overall impeller diameter (O.D.)

^2 - breadth of impeller passage at discharge

Dj^ = inlet diameter of impeller

D^^^ = mean diameter of flow passage at vane entrance(approx)

d
j^

= breadth of flow passage at vane entrance (approx)

Dr^ = diameter of shaft

Vj = -—— = velocity of approach — impeller inlet

C_„ = = meridional velocity at vane entrance
"^1 A^

Cj-j^ = = meridional (radial) component of discharge velocity
2 A2

Cu 2
- tangential component of discharge velocity

C2 = absolute discharge velocity

1 D2
^2= — ~o~ '^ ~ tangential velocity of impeller at discharge

relative velocity of water to impeller at discharge
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1
°1

Ui =
(jL,

= maximum tangential velocity of vane at the inlet

w = —ILL = angular velocity of impeller
60

^

— TrDgbo = discharge area of impeller

Ai = ,4^ I'D. di = normal area to flow at vane entrance (approx)

2
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Fig. 3-1 Impeller Geometry and Water Velocities

Fig. 3-2 Discharge Velocity Triangle
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c. Design Elements Peculiar to the Pump Types

(1) Single Stage vs. Multi-Stage

The single-stage (three-lift) pump of Byron Jackson differs

from the other two pump types, in that the impeller is "overhung" and the

drive shaft does not pass through the inlet. As a consequence, there is more
space in the inlet region and the general shape of the impeller is a bit differ-

ent. The multi-stage pump impellers must accommodate the shaft and, there-

fore, have relatively greater inlet diameters, Dj^.

(2) Multi-Stage Pump —Stage Variations

When drawings were received from BLH/Voith and A-C/Sulzer

,

it was discovered that both of their pumps had variation from one stage to an-

other. Original calculation of specific speed, etc., were based on the assump-
tion that the head per stage was the same on all stages. With variation in stage

design, this is not strictly true. However, for rating the specific speed of the

pumps, the stage head is still assumed to be the total head/number of stages.

Treatment of internal design quantities is explained below:

(a) BLH/Voith — Two-Stage - Double Flow

The two single-flow first stage impellers have a larger

eye than the second stage double-flow impeller. This is a realistic approach
to improving first stage cavitation conditions while providing optimum hydraulic

and mechanical design for the diffusers and second stage. Thus, inlet condi-

tions differ from first to second stages.

The overall diameter of all the impellers is the same.
Thus, the head per stage can be assumed equal, even though the impellers are
not quite geometrically similar. The figures given in Table 3-1 show the

differences in inlet quantities.

In the model test program, several impellers are to be
tested, e.g., Impeller A, Impeller B, Impeller C, etc. The finally selected

first and second stage impellers and diffuser designs may be significantly dif-

ferent than those used for this analysis.

(b) A-C/Sulzer — Four-Stage Pump

The first, second and third stage impellers are identical,

but the fourth stage impeller is significantly different. It is larger in diameter
and has a little different inlet configuration. The reasons for the fourth stage |

variance have not been explained as yet. In computing design numbers, the inlet

differences have been taken into account and the head per stage has been
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considered by splitting the total head into three equal portions, plus a larger

portion that is based on the square of the impeller diameter ratio:

Htotal 3 +
/ Da (4th

\Ds(l8t,

stage)

2nd, 3rd stage)

)
H

1 st, 2nd, or
3rd stage

and

"4th stage
(^2 4th \
^

j
"^ ^ist

^12 1st /
stage

The resultant values are given in Table 3-1.

Again, the design is subject to change during the testing

of the model pumps and components.

2. Evaluation of the Designs

a. Basic Design Coefficients

The character of the pumps xinder consideration can quickly be

exposed by comparing their design parameters with "average" design constants

and coefficients. Borrowing from Stepanoff, FIG. 3-3, 3-4 and 3-5 present
"average" values of the design parameters. FIG. 3-3 gives "K" constants

for geometric and velocity relations as a function of specific speed. (See the

notation and definitions given previously in l.b of this chapter). Similar to

the "K" constants, the head and flow coefficients, ^ and ^ , can be used for

design guides. "Practical values are given in FIG. 3-4 and the general de-
sign spectrum is shown in FIG. 3-5. These constants and the coefficinets are
by no means absolute in design use, but they are excellent guides. The one

very critical element missing from this analysis is the impeller blade angle.

"Average practice" generally produces a discharge angle of 22-1 /2 degrees.

Calculated values for K's and ^'sand ^'s etc., for the three

Tehachapi pump types are given in Table 3-1 . Average values from
Stepanoff 8 data are given in brackets, ^ and 4> values for the three

Tehachapi designs are shown on FIG. 3-5. Connparison of design numbers
leads to the following comments:

(1) ^ and values for all three punnps are normal except as
noted in paragraph (2) which follows.
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).6 08 1.0 1.5 2- 3 4 5 6 8 10

Specific speed, single suction x 1000

FIG. 3-3 STEPANOFF'S "AVERAGE, NORMAL"
IMPELLER CONSTANTS

10 15 20 25

Specific speed/ 100

FIG. 3-4 STEPANOFF'S "PRACTICAL" VALUES OF ^ AND «<>
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Byron
Jackson

_^BLH/Voith

0.1 0.2 0.3 0.4 ^ 0.5

Opacity coefficient, « - -^
0.6 0.7

Author's chart of centrifugal and axial pump characteristics.

FIG. 3-5 MODEL TEST FIRM
PREDICTED DESIGN COEFFICIENTS SHOWN ON

STEPANOFF'S "AUTHOR'S CHART"
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(2) The ^ value for the Byron Jackson pump is higher than nor-

mally encountered. The design practice leading to this value is well founded

on the Grand Coulee design and, therefore, must be accepted. Referring to

FIG. 3-4 and 3-5, the B-J ^ value probably results to some degree from

the use of a greater vane angle than used by BLH/Voith or A-C/Sulzer.

The i/' coefficient of FIG. 3-4 would indicate a very high blade angle for B-J.

However, the B-J design is simply different from "average" because the B-J
discharge angle is Z4 ° and 27° respectively for two experimental model
impellers.

For discharge blade angles between 20° and 25°, the ^ and <t>

values of FIG. 3-4 are reasonably close to both the BLH/Voith and A-C/Sulzei

designs.

(3) The Ku value is related to ^ ( ^ = ) and tells essentially

the same story. ^

(4) Kj^ values for all three pumps for the inlet stage are very

close to common practice.

(5) K values are reasonably close to common practice.

(6) Diameter ratios (D /D2) are somewhat high for all pump
types as compared to Stepanoff's recommendations.

(7) These "average" design parameters represent a time range

of experience and do not, necessarily, represent most modern trends toward

improvement. Therefore, where deviations occur they must be viewed from
the aspects of the particular design problem and the result the deviation will

produce.

b. Absolute Design "Values

Study of the dimensional quantities and absolute velocities in the

pumps (Table 3-1) shows that they are all very similar. Specific compari-
sons follow:

(1) The impeller overall and inlet diameters and discharge and

inlet shroud spacing (Dg, D^ , b2 and dx) are very nearly the same for the

A-C/Sulzer and BLH/Voith designs. The B-J design is larger overall be-

cause it turns at a slower speed and produces a higher head per stage. (Note:

It must be remembered that the BLH/Voith design is double flow with two

first-stage impellers handling one half of the flow and with a "double" sec-

ond stage impeller with two inlets).
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(2) The eye areas and discharge areas are likewise similar.

(3) The maximum tangential vane velocity at the vane inlet, u.

varies from 114. 1 ft. /sec. for B-J to 128. 7 ft. /sec. for A-C/Sulzer with
BLH/Voith at 120.9 ft. /sec. (Inlet stages). The shaft-through- eye design of

the latter two pumps requires the higher vane velocity.

(4) The meridional fluid velocity at the impeller eye, C , is

very nearly the same for all pumps, 33. 4 to 37. 9 ft. /sec. 1

(5) The meridional discharge velocity C is comparable for

all three pumps, 24. 85 to 27. 35 ft. /sec. 2

(6) The impeller tip speeds vary from 185 to 200 ft. /sec.

c. Conclusions Concerning Hydraulic Design of Impellers

(1) All three designs follow conventional hydraulic design prac-
tice and are reasonably similar to each other. The A-C/Sulzer and BLH/Voith
designs closely follow the design practice expressed in A. J. Stepanoff's text

book, Centrifugal and Axial Flow Pumps. The Byron Jackson design deviates
from that text book's recommendation, but is well founded on B-J's past
practice, as exemplified by the Grand Coulee pump.

(2) The hydraulic performance predicted by each firm should be
readily achieved.

(3) The reliability of the pumps is a function of their mechanical
design. The hydraulic designs offer no unusual flow circumstance that would
affect mechanical integrity.

d. Note on Multistage Diffuser Design

The design of the first stage diffuser and return channel in the

Voith pump is different than the design of the diffuser- return channels of the

Sulzer four stage pump. Referring to the cross-sectional drawings given in

Chapter 6 and 7 in Volume I, the following differences can be noted.

The Voith diffuser has relatively long vanes and permits a con-
siderable conversion of velocity head to static head before the flow is turned
back to the next stage. The fluid velocities, therefore, will be low in the turn.
The turn section does not have vanes and the return channel has a separate set

of vanes straightening the flow for entry to the second stage.
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In the Sulzer pump, the diffuser, turn, and return charmels have

continuous vanea. The turn occurs very close to the impeller discharge. As
a consequence, the fluid velocity is still fairly high when making the turn and

is subject to more violent secondary flow. The advantage of this design is

that the pump case diameter is kept to a minimum. However, it may not be

an optimum hydraulic design.

The subject of optimum diffuser- return design could be debated

extensively, however, it is possible that the four- stage pump might achieve

a higher efficiency if the diffuser -return design was more like that of Voith.

There are other design differences in the Voith and Sulzer pumps that affect

efficiency such as the balancing labyrinth on the four- stage pump and the

double flow second stage impeller on the second- stage pump. These items
effect friction losses. However, if these items are set aside, then the pumps
could be almost hydraulically identical. They have nearly the sanne specific

speed —the difference being due to the slightly greater flow in the Sulzer inlet

(the Voith double flow pump has two inlets dividing the total flow). They have
the same rotating speed and the same head per stage. Therefore, they could

conceivably have nearly the same efficiency.

Further support to this argument can be derived by checking the

y*and ^ values of the two designs. Referring to FIG. 3-5, Stepanoff's chart,

the Voith design has a higher head coefficient, ^ , than the Sulzer design even
though they have almost the same values of flow coefficient, (|> . The Voith

design U' and ^ values more nearly coincide with general experience. The
Sulzer values must be due to the use of a lower than common blade angle Bg
(less than 20°) or else the lower value of> represents a performance penalty

due to excess losses in the diffuser.

It will be interesting to compare the single stage model perform-
ances of Voith and Sulzer.

3. Specific Speed Relationship

a. General

All three pump designs have specific speeds of about 2,000. This
is a result of the performance conditions H, Q, and N specified for the pump
development. As the question of optimum or correct choice of specific speed
has been raised a number of times, a discussion of this parameter must be
given.

b. Discussion

I

(1) Explanation of Specific Speed

Specific Speed is defined as: Ng = ^ fj and in American
h'/^

1
See the model efficiency report in Chapter 9, Volume I and the recommendatid

of Chapter 2, Volume I. i
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practice Q is given in gallons per minute and H in feet of fluid. Q is the

pump flow rate through the inlet which will be one half of the pump total Q
for a double-flow pump. H is the head per stage. Both the H and Q values
are taken at the best efficiency point (b.e.p.) of the pump performance curve.
A calculation of specific speed, using off b.e.p. values would have no real

meaning. Ns is not a dimensionless number. The value of Ng gives an indi-

cation of the shape of the pump impeller as shown in FIG. 3-6. Also shown
in FIG. 3-6 is the general relation of efficiency to Specific Speed. This in-

formation was developed by the Wbrthington Corporation and is widely quoted
in American textbooks on hydraulics and pump design.



It has been suggested, howevei; that pumps with specific

speeds around 1500 are more reliable than pumps with specific speeds of

2000. This idea apparently comes from the observation that many large

pump-turbine plants have pumps in the lower specific speed range. To
demonstrate the fallacy in this line of thinking, consider the following com-
parison of pump types that are possible solutions to the Tehachapi lift:

Pump "A" for a two-lift system -- single stage -- 975 feet

of head.

Pump "B" for a three-lift system -- single stage -- 650

feet of head. Both pumps will have the same flow rate and same rotational

speed. Using H, Q, and N to calculate specific speed, the pumps can be

compared in tabular form.



(2) Efficiency Relationship

The Worthington curve shows that large pumps develop the
best efficiency between the specific speeds of 2, 000 and 3, 000. Good efficiencies
may be found in individual pumps at relatively low and relatively high specific
speeds. FIG. 3-6 represents the trend found from a very large number of

efficiency tests.

There is basic reasoning to the optimum specific speed -

efficiency relation. Low specific speed pumps have long, narrow hydraulic
passages and large friction surfaces that result in friction losses that are a

high percentage of the total pumping energy. Leakage losses are also a high
percentage of the total flow. In high specific speed pumps, relative velocities

between fluid and pump surfaces are high in relation to the head being gener-
ated, and the ratio of friction loss to total pumping energy tends to increase
as values of Ng go higher. Consequently, there is an optimum specific speed,
even though the range of niimbers is fairly broad. Many collections of pump
performance data support the optimum specific speed values as given typically

in FIG. 3-6. In a textbook by R. L. Daugherty,' an optimum curve is given
which shows maximum efficiency at Ng = 2,500. The curve was supplied by
the Byron Jackson Co. — a selected model test firm for the Tehachapi study.

c. Model Test Firm Position on Specific Speed

In the process of selecting the optimum specific speed for the

Tehachapi models, the experience of the model test firms was sought and
utilized. In support of the specific speed selection, a report was prepared
by DMJM in October 1964 entitled, "Efficiency Specific Speed Relations."
This report included submittals by the model test firms and the body of this

report is again presented here.

"Hydraulics" by R. L. Daughty, Fourth Edition, McGraw-Hill, New York,
1937.
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(DMJM OCTOBER 1964 REPORT)

"REPORT ON

EFFICIENCY -SPECIFIC SPEED RELATIONSHIPS

" 1. INTRODUCTION

The argument has been presented that European experience indicates that a

specific speed in the range of 1400 to 1600 results in pump efficiencies at

least as good as is obtained at a specific speed of approximately 2000.

This report discusses the information obtained by Daniel, Mann, Johnson,

and Mendenhall on the recent European inspection trip from plant visits and

from pump manufacturers and also includes a discussion of United States

practice.

"2. THEORETICAL CONSIDERATION

Theoretical considerations certainly indicate the validity of the advantages of

the higher specific speeds for best overall efficiency. It must be realized,

however, that pump design is still far from an exact science where every item

in the flow path is subject to known laws and there will be honest disagreement

among designers on this subject.

However, as a basic criteria, it can certainly be stated that a low specific

speed impeller, with its larger wetted surface area and the resultant increased

disc friction, is less efficient than the one having higher specific speed. It is

exactly for this reason that one nnanufacturer is now proposing aeration of

the impeller shrouds to improve the efficiency and the subject has been dis-

cussed in a previous report dated Feb. 4, 1964.
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"3. DATA FROM EUROPEAN INSPECTION TRIP

The information obtained during the plant visits and from manufacturers on

the pump efficiencies of the various units is shown in Fig. I. | FIG. I of original

report deleted -- see Plates I and U in the preceding Chapter 2i.

It has already been pointed out in the Interim Report covering these visits, in

general the higher specific speed units are the ones installed more recently al-

though there are exceptions. This is in part due to the fact that the operating

speed of a storage pump installation is not necessarily selected for optimixm

pump operation but may be picked to favor the turbine operation.

The information shown on j Plate I — Chapter 2^is, therefore, not conclusive,

although the average definitely shows a trend of increasing efficiency with in-

crease in specific speed.

"4. DATA FROM MODEL TEST FIRMS

The three manufacturers which are under contract with Daniel, Mann,

Johnson, and Mendenhall for building models were contacted in regard to this

question and their answers are attached in the Appendix of this report — following.

Sulzer Bros. /AUis Chalmers and J. M. Voith are very definite in their state-

ments that a specific speed in the range selected should be chosen. Byron Jackson

Pumps, Inc., is a little less definite, giving a range of 1800 to 2400 as the best

value for this application.

"5. REMARKS ON UNITED STATES PRACTICE

To throw some further light on the subject recent American practice on

I some large pumping installations is outlined in the table on the next page.
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LIST OF U. S. PUMPING PLANTS
WITH PRINCIPAL OPERATING DATA

Name of Plant



APPENDIX TO DMJM OCTOBER 1964 REPORT

REMARKS BY MODEL TEST FIRMS

1. ALLIS CHALMERS MFG. CO.

2. BALDWIN- LIMA-HAMILTON CORP.

3. BYRON-JACKSON PUMPS, INC. viii
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APPENDIX

SECTION 1. ALLIS CHALMERS MFG. CO.

Allis Chalmers Mfg. Co. (Sulzer Bros.) in their letter of October 7, 1964,

commented as follows in regards to the 4- stage model pump in the Tehachapi

program:

"This has reference to your letter of September 25, 1964 requesting informa-

tion regarding efficiency values at various specific speeds."

"You will find enclosed calculation sheets numbered 1 to 3 and a copy of curve

428.9.672.530 and 428.9. 120.063. They have been prepared as follows: Data

for five nnodels of different specific speeds was tabulated. Models No. 4 and

5 did not have balancing labyrinths and the efficiency has been corrected to

compensate for this. Then all the model results were converted to an equal

basis - i.e. to a constant head and constant size. The constant values used

were the average of all the model heads and sizes. The majoration equation

was used for the conversion. The efficiency values vs. N of the 'common'

or 'constant' model were plotted on curve 428.9.672.530. Using this curve

of model efficiency, the prototype efficiency was calculated for various solu-

tions (4 stage) to the Tehachapi Pumping Plant. These efficiencies have been

plotted (vs . Ng) on curve 428.9. 120.063."

"It is quite clear that an Ng of 148 to 158 is the best range. This equivalent

to 2090 - 2230 in English specific speed."
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In addition, Allis Chalmers Mfg. Co., in their letter of October 1, 1964,

gave the following comments pertaining to single stage pumps.

"In general, I believe one of the best comparisons of specific speed and effi-

ciency is on the Metropolitan aqueduct pumps. There were pumps of three

different specific speeds consistent with the operating head and suction con-

ditions . The specific speed of about 2000 was used on the Iron Mountain

pumps which we manufactured and was the highest of all the pumps on the

aqueduct by a considerable margin."

Mctcricl
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J.M.VOITH GMBH HEIDENHEIM (BRENZ)
MASCHINENFABRIK

Corporation

Phlladalphia 42* Pa.

U.S.A.

F*rntprechar I Nr. 3221

Durdiwohl Nr. 322

Ortskennzohl: 07321

Fernschraiber: Nr. 7-14866

Talegromme : Voithwerk Heidenheimbrenz

Ihr Zeichen Ihr* Nadiridit Untara Zaidian

thv 351 DrDs
20040

7920 Heidenheim (Brenz)

Octobar 7* 1^64

B..r.ff TBHACHAPI
Your Talax of Oct. 1,1^64
Our Lattar of 8apt.23*1964
Our Talax of Oct,

Oantlanani

Thara la a dlatlnot dapandanoy of tba afflclanej

of a cantrlfugal puap froa tha apaolflc apaad aa ahown al-

raady on our graph 2.32-4108. la tha aiaaatlna« wa hava

aupplamantad thla graph by valuaa idilch hava baan maaaurad

on modal Impallara of aavaral projaota (aaa anoloaura). Tha

curva oan alao raadlly ba axplalnad thaoratlcally. For tha

aama Impallar dlaaatar and tha aaaa apaad, tha abaoluta

valua of tha loaaaa on tha Impallar aldaa rawain of tha aa«a

ordar. Howavar, tha ratio of tha loaa on tha Inpallar aldaa

to tha pump pewar falla off aa tha apaclflo apaad Inoraaaaa

and BO doaa tha dallvary and tha powar of tha Impallar. Whan

tha claaranca loaaaa ara conaldarad, tha curraa ahow a alAl-

lar trand. In tha lltaratura almllar afflolancy curraa hava

baan publlahad, a.g. fig. 10. y A.J.8tapanoff,l«^48. Tha aaxl-

nmin affloianclaa publlahad In thla artlcla 11a batwwan apacl-

flc apaada of 2«000 and 3*000: thua« approxlaataly'*'tha aaaa

ordar aa on our diagram. Tha pantlaalbla aattlng of tha punp

in
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J, '1. VOITH GMBH MASCHINENFABRIK-HEIDENHBIM (BRENZ)

^
aax^wla-L, r:.a-Hai«ij.ton Corj-oratioii, lUiiaueipnia t^c: . seite ^

RtiTbHACHAPI

cttpeiids on th« specific 8p*«U and th« delivery he&d of the

sta^e Involved. In order to avoid deep settings, norwally low

specific speeds are favoured. This applies in particular to

the existing plants in Europe, where only a few unoersrouni

stations have been built. However, for the T5HACHAP1 Project,

tne efficiency is of such Importance that, in our opiiiion, a

nitsher raean specific speed of the order of n - 1, 300-2, >D0

ahoulu be chosen.

Yours very truly,

J.K. VOITH Q-BH

Reviewed and approved by

For ;

D te:

hlucloeure
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I BVRON UACKSON PUMPS. INC.
A SUBSIDIARY OF BORG-WARNER CORPORATION

2301 East Vernon Av«nu», Vernon, Californl* • Mailing AddresB: P. O. Box 20T7, Tarmlnal Annax. Loa Angelaa, California 900S4 • LUdlow 7-61T1

October 12 , 1964

Daniali Mann, Johnson
& Mendenhall

3325 Wilshire Boulevard
Los Angeles, California

Attention: Mr. Hans Gartmann
Project Engineer

Subject: Tehachapi Pumping Facility
Specification No. 637-1-lC
Efficiency vs Specific Speed
Your Letter September 25, 1964

Gentlemen:

The correlation of pump efficiency to specific speed
covers a highly complex field, due to the many variables
involved. Research data available in this field, including
our own, is of a general nature, covers mainly single stage
pumps, and tests are performed on sizes where surface
finishes and commercial manufacturing methods may distort
the picture to a considerable extent.

Furthermore, test facilities of an acceptable capacity
and of an accuracy which could establish an ultimate specific
speed have only very recently been developed. This makes
present research data suspect.

With the many variables, it is our opinion that an
ultimate specific speed range for optimum efficiency exists,
rather than a single specific speed value. Our data shows
this range to lie between 1800 and 3500 specific speed.

The main variables which would determine a closer
band within this range are:

1. Absolute pump size.
2. Number of stages.
3. Case design (single volute, double volute, diffuser

volute, straight diffuser).
4. Practical manufacturing methods available.

R6-WARNER
131



Daniel, Mann, Johnson
6c Mendenhall October 12, 1964

Page 2

The general effect of these variables is as follows:

A. For a small absolute pump size a specific speed in the
upper end of the range can be expected to produce the
oest efficiency. This is due to the effect of friction
losses.

B. For multi-stage pumps a specific speed in the lower
range is most likely to produce the best efficiency.
This is due to leakage losses and friction losses in
cross -overs

.

C. The volute design favors the lower and middle specific
speed range, while the diffuser favors the middle and
upper specific speed range. The effect stems from sur-
face friction and induced turbulence. Our data indicate
both ranges to be quite wide.

D. Where complexity of design and manufacturing methods
prevents good surface finishes, the best efficiency
will be obtained in the upper specific speed range.

For the Tehachapi Pumping Facility we believe a
specific speed range of 1800 to 2400 will result in the
best efficiency for the three (3) pump types under consid-
eration. Only extensive testing could determine the effect
on the efficiency outside this range.

Very truly yours,

BYftpN JACKSON PUMPS, INC,

E. B. Fiske
Senior Engineer

bp
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Effect of Ng on Cavitation Performance

nq'''^Looking at the definition of specific speed Ns = —
^-'-^X— ^*- *-^^

be seen that if H is fixed by a static lift and a choice of total pumping stages

to perform that lift (pump stages x pump stations) then a higher specific speed
pump must be designed for higher rotating speed, N, and/or higher flow, Q
Also, looking at the definition of the cavitation performance indicator, suction

specific speed,
V

,, _ NQ "
" S

(NPSH P

it can be deduced that to maintain a specified S limit, the NPSH must be higher
for a higher specific speed pump. Thus, for the Tehachapi application a high

specific speed pump will require a greater NPSH and consequent greater sub-
mergence than a low specific speed pump.

The optimum specific speed for efficiency could thus be compro-
mised to obtain a lesser submergence. The economics of cost of a point of

efficiency versus cost of excavating for increased submergence must be
studied. For the Tehachapi application, the power level is very high and a

long operating life is anticipated and so the pump efficiency dominates the

economic situation.

e. Influence of Ng on the Number of Stages

With a completely fresh design problem a pump engineer will

consider various values of N, Q, H, S, and horsepower for a single pump.
The total Q for the application may be divided among several pumps in paral-
lel in order to meet horsepower or submergence limitations. Rarely is

there an infinite choice of rotating speeds, and certain definite speeds must
be considered. The total head may be split into several pumping stations or

may be split between several stages of a multistage pump. In the process of

isolating choices, certain trial values will be used for checking design feasi-
bility and it is common to first check the specific speed. If the specific speed
is very low, then the efficiency will be poor and improvement can be made by
going to two or more stages. N or Q may also be adjusted to obtain a more
nearly optimum specific speed. There are many factors that may influence

the final design but in general, multi-staging is used for "specific speed"

I
improvement.

The tendency in multi-stage pumps will be to use the minimum
number of stages as required to obtain a reasonably good specific speed —
efficiency arrangement. Where pumps are used for pump storage operation,
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turbine operation may compromise the pump design and/or the intermittent

character of the operation may reduce the importance of efficiency in the

plant design considerations. For these reasons, pump-storage units may
employ lower specific speeds than what would be considered optimum for a

high efficiency aqueduct application. The reliability of the pumps is an inde-

pendent consideration.

C. MECHANICAL DESIGN

1 . General

A major consideration in the choice of the model test firms was their

individual experience with the design and manufacture of the pump types to be

studied. Thus, the mechanical design of each pump should be the most ad-

vanced of its type. Individual description of the pumps are given in Volume I,

Chapters 6, 7 and 8, along with sectional drawings. Many mechanical features

are discussed there.

DMJM has reviewed the preliminary prototype designs and finds them
to follow the traditional approach of each of the companies. There are certain

basic differences in the three designs as illustrated in Table 3-II where perti-

nent mechanical features are given.

It is expected that a thorough mechanical design analysis will be made
when a particular pump type has been selected and interface data firmly es-

tablished. The preliminary designs permit comparison of pump types. Each
has certain advantages and disadvantages peculiar to the hydraulic type. The
single-stage, three-lift pump is by far the simplest in appearance but argu-
ments as to its greater reliability must also include consideration of the num-
ber of pumps required, the rates of wear of components, etc. The subject

of reliability is thoroughly treated in Chapter 7 (Volume II).

2. Service in Plant

The single-stage pump will be the most easily serviced type. Removal
of the head cover and bearing permits the removal of the single impeller or

the front cover may be removed and the impeller can be removed from the in-

let side. The two-stage double-flow pump must have the lower suction im-
peller removed from below and the upper impeller, double-flow impeller and
diffuser sections removed from the top. Similarly, the four-stage pump re-

quires working at both ends for disassembly and service, and has numerous
internal sections. Both can be more readily serviced by removal of the entire

pump. As a consequence, the servicing of either the two or four-stage pumps
will be more involved than for the single-stage pump.
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3. Running Clearances and Seals

In the interest of achieving the highest possible pump efficiencies,

manufacturers strive to reduce seal clearances and wear ring clearances as

much as possible. It is not uncommon for plant operators to increase clear-

ances when overhaul and/or repair work is done in order to overcome condi-

tions where rubbing takes place, and to facilitate disassembly and assembly
operations. Also, as the pump rings wear due to erosion, the clearances in-

crease so that the average clearance over the life of the pump will be greater

than the clearance provided in the initial installation. So, the pump efficiency

will deteriorate in time until an overhaul is made and the pump is returned to

near new condition. This fact must be borne in mind in aqueduct performance
analysis.

A review of clearances specified in Table 3-II will show that

very close fits are anticipated, especially in the case of the Byron Jackson
single-stage pump. The time average running clearance and efficiency of each
of the pump styles is difficult to predict, but the comparative ratios will proba-
bly be different from those when pumps are new. However, assignment of pen-
alties for wear in the comparative selection process simply cannot be done
fairly and the comparative analysis should consider model performance only.

It is interesting to note that BLH/Voith and A-C/Sulzer have
opposite approaches to wear ring and interstage seal clearances. The four-

stage pump employs 0.016 at the wear rings and 0.024 at the interstage seals,

whereas, the two-stage double-flow pump uses 0.024 at the wear rings and
0.018 at the interstage seals.

The Byron Jackson single-stage pump must have reasonably
close clearance on its labyrinth shaft seal in order to insure a reasonable
limit on leakage. Assuming that materials with high erosion resistance are
used in their design, the seal should give long service and eliminate the need
for frequent servicing of seals and seal shaft sleeves with rubbing type seals.

The elimination of rubbing seal friction is of direct benefit to overall pump
efficiency providing the time average leakage loss is not so much greater than
with other types of shaft seals as to cancel the gain.

D- CAVITATION PERFORMANCE

1 . Introduction

Pump machinery is subject to cavitation problems of two kinds:
(I) breakdown of performance due to excessive cavities in the hydraulic pass-
ages; and (2) wear and damage to pump parts due to the erosive action of cavi-
tation. The first problem, that of performance deterioration, cannot be
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tolerated. The second problem, wear, can be tolerated to a degree that is

economically balanced by the cost -of wear resistant materials for pump
fabrication and repair costs on one hand, and the cost of installation require-
ments to reduce cavitation on the other. This study, when complete, will

include results of model tests and will eventually conclude with recommenda-
tions for the amount of pump submergence, materials of construction for the

prototype pump, and materials to be used in subsequent maintenance of the pumps.

2. General Discussion of Pump Cavitation

Centrifugal pumps are subject to cavitation in their inlet regions when
operating with a low value of suction pressure such that the local static pres-
sure on the surface of a vane or passage is reduced to approximately the vapor
pressure of the liquid handled. Usually, only the impeller is involved, but some-
times inlet guide vanes or seal clearance regions in the pump may be subject to

cavitation. The presence and degree of cavitation is thus dependent on the abso-
lute pressure above vapor pressure in the pump suction and the value of the

required minimum pressure is a fxonction of the pump design and its operating
speed. The quantity usually used to specify the pump suction requirements is

the NET POSITIVE SUCTION HEAD. The abbreviation is NPSH. (See
Section 3 following for a definition.

)

A particular pump, operating at a fixed speed, will be completely free
of cavitation if there is sufficient NPSH applied to its suction. If a reduced
value of NPSH is employed, bubbles will form and flow from surface imper -

factions in the inlet regions of the impeller. This kind of cavitation may be
responsible for some erosion, but it is generally not serious. With a further
reduction in NPSH, extensive bubble formation and cavities will form on the
low pressure regions of the pump impeller surfaces. As cavitation develops,
bubbles form and are carried into the stream and then collapse in a region of

higher pressure. Advanced cavitation consists of persistent attached cavities
with bubbles streanning from the cavity tails. The area where cavities and
bubbles collapse is where the erosion takes place. With well developed cavi-
tation, erosion is more serious.

Considerable cavitation can be present in a pump without affecting

hydraulic performance. However, when a relatively low value of NPSH occurs,
then cavitation may be so prevalent as to modify the effective passage areas
and flow patterns and cause a change in performance. With submerged pumps,
the effect is to limit the head and flow that can be pumped. Pump performance
is reduced both in head generating capability and in the efficiency of pumping.
Operation with performance deterioration is accompanied by considerable noise
and vibration and may result in pumping surges. When performance is so re-
duced, the term "cavitation breakdown" is employed and the value of NPSH
for cavitation breakdo'wn is generally determined by analysis or test and
specified such that it may be avoided in operation.
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The point where cavities first begin to form is termed "incipient

cavitation" and the value of NPSHis much higher than for cavitation break-
down. The actual value of NPSH for incipient cavitation is hard to determine
because the method of detecting incipient cavitation is not a simple matter.

Sometimes it is determined acoustically (cavitation generates noise when bub-

bles collapse) and sometimes by visual observation. Occasionally, it is not

detected until after long periods of pump operation when cavitation erosion is

found during an overhaul or inspection.

The margin between incipient cavitation and cavitation breakdown also

depends on the particular pump design and on the surface quality of the impeller.

A design may have a region of cavitation that may advance considerably before

affecting performance. Also, cavitation off surface irregularities generally

has little effect on breakdown. Cavitation from surface imperfections must
affect erosion, but the measure of this effect is not practical. Good surface

finish is an asset, both for minimizing local cavitation and reducing friction

losses.

In practice, manufacturers usually specify NPSH requirements based
on breakdown, with some arbitrary margin of safety. Sometimes specified

values of NPSH that will give minimiim cavitation erosion are based on the

manufacturers' experiences w^ith field reports. Or, a value based on a code
such as given by the Hydraulic Institute is employed.

The exactness of NPSH specifications have not been too good, however,
because often an unsatisfactory rate of wear, due to cavitation erosion, has
been found after a period of initial operation of the prototype machine(s).

Eroded areas are then repaired, using materials with greater wear resistance,

or impellers may eventually be replaced with a "stainless" material. Con-
sidering the size of the installation, and the reliability requirements for

Tehachapi, a sophisticated study of cavitation, cavitation erosion and materi-
als of fabrication will be valuable.

3. Cavitation Factors from the Operational Viewpoint

In pump literature, two symbols are commonly found for NET POSI-
TIVE SUCTION HEAD. One is the abbreviation NPSH, and the other is:

Hg.^ or hg.^. Various authors use primes, superscripts and subscripts for

indicating breakdown, inception, etc.
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NPSH is defined by:

NPSH = hs + ha - Hvp (3-1)

where h = total head at the pump suction (suction head)

h^ = atmospheric pressure (head) = 34.0 ft for water at sea level

h^p = vapor pressure (head) absolute = 1 .2 ft for water at 80° F

The suction head, hg, is measured relative to the pump centerline for

horizontal pumps and at the "eye" for vertical pumps. At a pumping station

with an open forebay, as in FIG. 3-7 hg is the elevation of the water surface
above the pump, less any friction losses occurring in the inlet piping up to the

pump flange:

hg = Zg-h/g (3-2)

With short, well designed inlet piping, h^g may be neglected,

ij If the suction head is measured with a gage, then,

P V*
h^ = L±+ Zg + ^ (3-3)
s w g 2g

where Pg = pressure gage reading (static pressure).

1

Zg = gage height above pump datum

Vg = mean velocity at pump suction = ——Q
A

s

Ag = area of pump suction.

w = specific weight of the fluid.
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FIG. 3-7

Is (friction loss)

SCHEMATIC OF PUMP SUBMERGENCE
AND PRESSURE RELATIONS

When designing a pump installation, the required submergence, Zg,

can be calculated from a specified acceptable value of NPSH. The required

NPSH can be calculated from exj.erience for estimating use, but should be
measured for absolute confidence by pump test or model pump test.

Testing a pump for cavitation performance is usually done by lower-
ing the suction head while the pump is operating, until a change in perfornnance
is detected. A result as shown qualitatively in FIG. 3-8, is obtained. At NPSH
values above breakdown, the pump will perform satisfactorily. At values of

NPSH approaching the incipient value, cavitation erosion will be of little con-

sequence. The value where cavitation erosion becomes serious is not generally

known. The pump nnanufacturer may specify NPSH at breakdown as the re-

quired value, or he may specify an arbitrarily determined higher value.

In order to provide cavitation criteria that is suitable for evaluating

the relative merits of various pumps and that is suitable for scaling, the

dimensionless number <t is used for suction head where

NPSH
H

(3-4)

H = pump head (per inlet stage).
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FIG. 3-8 TYPICAL CURVE OF CAVITATION
PERFORMANCE TEST

<j is known as Thoma's cavitation parameter. A small value of <s is desired.

Curves sinnilar to FIG. 3-8, but with a as the ordinate, can be obtained for

various pump operating points and, so, curves of NPSH or a can be prepared

as functions of pump flow for use when pumps are to operate over a range of

performance conditions. If a value of NPSH or a is quoted without reference

to an operating point, it is assumed to apply to the best efficiency point (or de-

sign flow rate). The a quantity is widely used for specifying pump cavitation

performance, but unfortunately its value is a function of the pump type. Another

cavitation parameter known as Suction Specific Speed, S, is defined as:

S -
NQ\

NPSH^
(3-5)

where N = pump RPM

Q V,flow rate in GPM (use '2 Q for double

suction pump).
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S is not dependent on the pump type; it is a measure of the inlet performance;

and it is a scaling factor. It is desirable to achieve high values of S corre-

sponding to low values for NPSH.

The Hydraulic Institute, in its 1961 review, offers several curves

relating submergence (or suction lift), pump stage head, and Upper Limits

of Ng for hot water, cold water, and for double suction, single suction with

shaft through eye, and single suction overhung impellers. These curves

converted to values of S give quite a scattering of recommendations- S varies

slightly with Ng by these Hydraulic Institute recommendations. Older

Hydraulic Institute recommendations gave a general value of S of about 7,900

and S = 8,000 is often quoted as a good "rule of thumb". The later Hydraulic

Institute curves give:

a. S = approximately 8,600 for single suction impellers with shaft

through eye and Ng = 2,000;

b. S = approximately 8,300 for double suction impellers with Ng =

2,000 (value based on 1/2 Q equivalent to single suction);

c. S = approximately 9,000 for single suction overhung with Ng =

2,000; all for water at 85° and sea level. Thus, the Hydraulic Institute would
rate single suction overhung (c) as slightly better than "with the shaft through
the eye".

In any event, it must be remembered that the Hydraulic Institute

recommendations are "upper limits" and are based on breakdown and not on

completely cavitation free operation where impeller surfaces would not suffer

erosion. Pumps operating with S = 8,000 and even lower are found to suffer

from cavitation erosion. Stainless steel impellers can be employed to

minimize damage, but if wear is to be avoided for 50 years of operation,

then conservative values of S (more submergence) should be considered,

A value of S = 7,000 is tentatively recommended and has been used in making
submergence calculations (see following section). If model tests (with visual

inspection for cavitation) indicate a higher value of S is acceptable, then the

change should be made in the final plant specification.

The value of S = 7,000 has been used for all pump types (lift

concepts). The single suction overhung style of the three lift system will

probably have cavitation performance that is somewhat better than the other

two "shaft-through-eye" designs, but the difference will not be very large

and special attempts to estimate the difference can better await model test

results.
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4. Submergence Calculations

Results of calculations using the equations previously developed, are
summarized in Table 3-III .

The influence of S on the actual submergence is shown in FIG. 3-9.

The effect of a low water surface on cavitation conditions was investi-

gated by calculating the resultant S for the minimum canal elevation. The
result is to increase S from 7,000 to about 7,500-7,600, which is acceptable

if the condition does not exist for too long a time. This condition of S is still

below the Hydraulic Institute recommendation.

NOTE: Q is dependent on pump head and therefore is a function of specific

speed. The relation between <t and Suction Specific Speed, S, is:

(-)"a = J—^1 or S = ^^
a ^/4
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Table 3 -HI

NPSH & SUBMERGENCE CALCULATIONS FOR THE TEHACHAPI LIFT CONUiJPTS



FIG. 3-9

REQUIRED SUBMERGENCE AT PLANT NO, 1

AS A FUNCTION OF S



5. Cavitation Resistance of Materials

a. Introduction

The resistance of materials to cavitation erosion has been a major

subject for research. The mechanism of cavitation damage and its relation to

corrosion and other forms of erosion has been, and is being investigated exten-

sively. Generally, stainless steel has better erosion resistance than other ma-
terials of construction, but accurate prediction of rates of wear has not been
possible. Relative ratings of materials have been made, but even these ratings

are somewhat dependent on the kind of cavitation erosion test employed.

Accelerated testing using magnetostrictive oscillators has been
popular because of its relative simplicity and fast production of results. Other

test devices include cavitating Venturies, rotating disks and specimens in cavi-

tation tunnels. The results of the various investigations are all very interesting

but the recommendations for materials is somewhat confusing. The economic
considerations are usually not included. Results of some of the many studies

are given in the next section.

b. Cavitation Erosion Tests

(1) In a recent paper by Leith and Mcllquham, comparative test

results are presented which also report the relative sand erosion rating.

FIG. 3-10 gives their results. It is interesting to note that the cavitation

erosion resistance and sand erosion resistance do not correspond. In selecting

construction materials, both forms of erosion and corrosion must be considered.

2

(2) In 1956 the ASME conducted a symposium and issued a report

that contained comments on field experience and concluded with the following

generalized ratings:

Order of Cavitation Resistance of Metals

Based upon field experience:

1 Stellite

2 17-7 Cr-Ni stainless -steel weld
3 18-8 Cr-Ni stainless -steel weld

1

I Accelerated Cavitation Erosion and Sand Erosion", by W. C. Leith and
W. S. Mcllquham, ASTM Special Technical Publication No. 307, 1961.

Report of 1956 Cavitation Symposium by Wm. J. Rheingons, "Resistance
of Various Materials to Cavitation Damage", ASME, 1956,
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4 Ampco No. 10 weld
5 25-20 Cr-Ni weld
6 Eutectic-Xyron 2-24 weld

7 Ampco bronze castings

8 18-8 Cr-Ni cast stainless

9 Nickel-aluminum bronze, cast

10 13% Cr cast

11 Manganese bronze, cast

12 18-8 stainless spray metallizing

13 cast steel

14 Bronze
15 Rubber
16 Cast Iron

17 Aluminum

Based upon laboratory tests:

1 Stellite

2 Two layers 17-7 Cr-Ni stainless steel weld

3 18-8 Cr-Ni stainless steel weld
4 Ampco No. 10 weld
5 Cast Ampco No. 18 bronze
6 Nickel -aluminum bronze
7 18-8 Cr-Ni cast stainless

8 13% Cr, cast stainless

9 Manganese bronze, cast

10 Cast steel

1

1

Bronze
12 Cast iron

13 Sprayed stainless 18-8 Cr-Ni
14 Rubber
15 Aluminum

(3) Results of rotating disk cavitation erosion tests are reported

by Lichtman and Weingram' which include comparisons with other types of

tests and include performance of several newer materials. A table of their

results is given in FIG. 3-11.

"The Use of Rotating Disk Apparatus in Determining Cavitation Erosion
Resistance of Materials", by J. Z. Lichtman and E. R. Weingram, ASME
Symposium on Cavitation Research Facilities and Techniques, 1964.
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CAVITATION EROSION AND CORROSION PROPERTIES OF TEST MATERIALS



c. Discussion

(1

)

Additional Study

The literature on cavitation damage is quite extensive and yet

no one has ever really consolidated it into a comprehensive application study.

Since the choice of construction materials may be made at a later date, the study

of cavitation erosion and materials will be continued and will include considera-

tion of cost. Also, a modest amount of testing using a magnetostrictive oscil-

lator will be conducted in conjunction with the wear test program .

(See Chapter 10).

(2) Tentative Materials Consideration

The test results and comparative ratings given above show^

that the most resistant materials are of an expensive nature and some are not

suited for large complete parts. For example, the Stellite and welded stainless

materials are suitable for surfacing and repair work. Other materials must be

used for castings. The aluminum bronze and 18-8 (Type 304) or 13% chrome
(Type 410) stainless are the most likely candidates for impeller castings.

A-C/Sulzer has suggested using cast CA-15 (equiv. to wrought type 410) and
Byron Jackson has suggested bronze without being specific about the alloy.

With conservative plant designs providing substantial submergence, use of any
of the above mentioned materials will probably be satisfactory. But, if sub-

mergence is reduced for any reason, then closer attention must be given to

materials selection.
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CHAPTER 4

MOTOR STUDIES

A. PURPOSE AND SCOPE

The purpose of the study is to examine the motors from the standpoint of

overall feasibility and to select motor characteristics which will provide opti-

mum benefits resulting from weighing of all aspects of the motor design in-

cluding cost, efficiency, reliability, ease of operation and maintenance, as

well as load and starting characteristics which could effect savings in the de-
sign of the power supply system.

The desired method of operation for the Tehachapi pumps requires motors
which will be self-starting when solidly connected to watered pumps and which
will be brought up to speed with the pump discharge valve closed. Motors to

meet these operational demands have never been built and, therefore, must be
examined without the benefit of experience with existing units of equal size and
speed and capable of the starting duty desired.

The major purpose of this study is to examine and evaluate the design
feasibility of the proposed motors. It is also the purpose of this report to pre-
sent a comparative evaluation of the motors for a single-lift, two-lift and a

three-lift system.

B. EARLY STUDIES AND PRELIMINARY FINDINGS

1. General

During early investigations and as expected, the only United States

manufacturers to express desire and indicate a capability to provide the

Tehachapi motors were Westinghouse Corporation, General Electric Company
and Allis Chalmers. Consequently, these three companies, together with cer-
tain motor manufacturers in Europe, have been the major sources of design
and cost information.

The use of synchronous motors was established in previous studies

because of their lower cost, higher efficiency and better power factor. Also
in previous studies, pumps were considered at five different synchronous
speeds of 514, 600, 720, 900 and 1200 RPM. The relative merits of horizon-
tal and vertical motors were examined and the use of hydrogen cooling for

motors of 720, 900 and 1200 RPM was also considered. In earlier studies, it

became apparent that the design problems involved with high peripheral speeds
and stresses imposed by heating and magnetic forces on amortisseur windings
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and stator coils, during self-starting increased in proportion to the speed re-

quired. As a result, the technical and economic feasibility of 720, 900 and

1200 RPM machines was seriously questioned. Nevertheless, the three major

United States manufacturers who were conferred with at that time felt that

machines with speeds of 600 RPM or less could be provided without encoun-

tering serious problems.

2. Motor Starting Problems

Motor starting problems were considered to a limited extent in ear-

lier investigations primarily with respect to 720 through 1200 RPM. As a

result, several significant conclusions were reached.

a. Starting of the motors is closely related to the power system

supplying the station with respect to allowable starting KVA and the voltage

which can be maintained at the motor terminals during initial start, the per-

iod of accelerating and the time of pulling into synchronism.

b. Across-the-line starting, because of the high torques required,

should be used if possible for motors starting with a watered pump.

c. Reduced voltage starting, because of the corresponding reduc-

tion in motor torque must have full voltage applied before pulling into step if

the pump is started watered.

d. Reduced voltage starting does not benefit the amortisseur

windings.

e. A power system capable of delivering 4,000,000 short circuit

KVA to Tehachapi and which will permit a starting inrush of 250,000 KVA
should be adequate for across-the-line starting of the largest motors being

considered. This was based on the assumption that the selection of trans-

formers and control switchgear would be carefully coordinated with the motor

as well as the power system characteristics.

3. Alternate Starting Methods

In previous studies, several motor starting methods were considered

as alternates to across-the-line starting in order to alleviate the severe heat-

ing and mechanical stresses imposed on the motors during the starting

periods. These alternate methods included:

a. Use of starting motors

b. Transformer reduced voltage
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c. Reactor reduced voltage

d. Synchronous starting, using a hydro-turbine driven generator or

wound rotor motor generator set to start at rest while electrically connected

to a pump motor and accelerate to full speed in synchronism with the motor,

at which time the pump motor would be transferred to the normal supply,

C. CURRENT CRITERIA

Since the earlier studies, the speeds of the different sized motors have

been reduced; 600 RPM for the single-lift and two-lift systems, and 514

RPM for the three-lift system have been established as the only speeds to be

considered. Pump arrangements suitable for the use of horizontal motors

have been eliminated. It is apparent that the use of hydrogen cooling for

motors of 514 and 600 RPM cannot be justified. As a result, the possible

choice of motor types and speeds has been materially reduced, which allows

the current studies to proceed in a smaller but more precisely defined area

of the ultimate pump and motor requirements.

To meet the present requirements, motors for any of the alternate lift

systems are to be vertical synchronous type to operate from a nominal

13,800-volt supply. All motors are rated for 40% overspeed, which is the

maximum speed reached in the reverse direction, resulting from loss of

power or other failure which will cause water to flow through the unit oppo-

site to the pumping direction. Unity power factor motors have been selected

to this date, due to cost advantage of the motors as well as the associated

electrical equipment. However, the final choice of motors should consider

the possibility of benefits to the power supply system which might result

from selection of motors rated for leading power factor operation.

Motors are to start with the pump watered and with the discharge valve

closed. Starting, accelerating and pull-in torques shall be adequate to take

the pumps from standstill to steady-state operating condition.

Additional general criteria, as well as specific criteria for motors
which power the single-lift, two-lift and three-lift systems is set forth in the

"Basis for Design" at the end of this section. The "Basis for Design" was
developed in conjunction with meetings held in Los Angeles between
October 27 and December 8, 1964, with representatives from the main offices

of Allis Chalmers, General Electric and Westinghouse, and was used in sol-

iciting the motor information from these manufacturers which is listed in

Table 4-1.

153



The feasibility of designing motors to reliably meet the criteria contained

in the "Basis for Design" has been seriously questioned. There is, however,
much evidence to indicate that knowledge and experience with very large

motors is developing at a very rapid rate and will be attended by a corre-
sponding advancement in the art of motor design and manufacture. For this

reason, together with the assurances from Westinghouse and Allis Chalmers,
it is assumed that at the time the motors are required at Tehachapi they will

be available from competitive bidders fully adequate for the desired full volt-

age start of the watered pumps.

All data used to evaluate the motors for each of the three alternate lift

systems are therefore based on the use of full voltage starting of motors
directly connected to watered pumps.

It should not be concluded however, that the feasibility of self- starting

motors has been completely established. The starting problems and alternate

starting methods have been studied at some length as reported herein, and
should continue to be studied until a final firm solution has been reached.

D. MOTOR STARTING REQUIREMENTS

The starting requirements involve the design and control of motors to

provide:

a. Adequate means to start, accelerate and pull the watered pump
motors into synchronism

b. Ability to withstand a starting frequency of one start per day which
will occur during the early life of the station when the plant is operating on
off-peak po-wer

c. Characteristics to limit the starting inrush to values -within per-
missible limits of the power system supplying the plant.

In December, 1963, visits were made to the main plants of Allis -

Chalmers, Westinghouse and General Electric, and the preceding problems
were discussed in detail with their engineers. At that time all three manu-
facturers indicated a willingness and capability to provide motors of

75,000 to 80,000 horsepower for full voltage across -the-line starting at

speeds through 600 RPM which would meet the desired load and operating
conditions. As previously stated however, considerable apprehension was
expressed, for providing corresponding motors with higher speeds of 720
through 1200 RPM.
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When these companies were again contacted in October through December
of 1964, AUis Chalmers and Westinghouse reaffirmed their ability to provide
motors to meet the design conditions with full voltage starting. General
Electric Company, however, felt that the desired full voltage starting duty
for the 80,000 and 70,000 horsepower, 600 RPM motors was too severe to

enable them to guarantee such motors for an acceptable number of full
voltage watered starts. This change from their previous position with re-
spect to 600 RPM motors resulted from design and tests which they have
recently made on large machines and subsequent to the first meetings which
were held at their main plant in December 1963. They have, therefore, pro-
posed as an alternate that the motors be non-self-starting with the motors to

be started and brought up to speed by auxiliary means using a back-to-back
synchronous starting method. General Electric did concede, however, that

the smaller and slower 46,000 horsepower, 514 RPM motors could be reliably

started at full voltage and guaranteed by them for an acceptable number of

starts before requiring excessive maintenance. General Electric further

stated that they are conducting an exhaustive development program to investi-

gate and seek solutions to the motor starting problems, and at the time that

the motors are bid, will probably be able to make more definite recommenda-
tions which will possibly revise their present stand.

Although previous investigations had led to the conclusion that motors of

600 RPM and less would not entail critical design problems, the present
concern expressed by the General Electric Company has created the need
to consider the starting problem more carefully. To further the study,

especially with respect to the motor starting, Motor Columbus has conferred
with major motor manufacturers in Switzerland and has prepared a report
entitled "Swiss Practice in Large High-Speed Synchronous Machines" which
is included at the end of this chapter.

1. European vs. U.S. Practice

The Motor Columbus report indicates a strong preference by Swiss
manufacturers for the use of solid poles in lieu of laminated poles and amortis-
seur bars for the application under consideration. They feel, in fact, that if

the motors are to be self-started, solid poles are the only solution with re-
spect to design of the rotor. The U.S. manufacturers, on the other hand,
when questioned on the use of solid poles were unanimous in preferring the
use of laminated poles because of their greater latitude for designing for
optimum overall torque characteristics to match breakaway, accelerating
and pull-in requirements. They also preferred laminated poles because of

the advantage of having smaller eddy current losses in the pole assemblies.
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It i s concluded in reviewing these opposing viewpoints, that Europeans
are far more experienced than Americans in the use of solid pole machines
while Americans are more experienced in the use of laminated poles with

Amortisseur windings. With due consideration being given to the greater ex-

perience of European firms with solid pole machines, it is important to note

that according to Swiss claims, the solid pole design will solve all of the

amortisseur winding problems, which are considered by all of the American
manufacturers to be one of the two most critical areas in designing the

Tehachapi motors.

However, it should be noted that from the Motor- Columbus report, the

Swiss firms have estimated a required starting inrush of 5. 5 to 5. 7 times

rated current as compared to corresponding values of 4. 1 to 4. 7 from U. 5.

companies, which indicates an advantage of the American design to linnit the

starting surge to a smaller value.

The general assessment of the design of the stator windings with re-

spect to the requirements for special bracing of the coil ends is much the

same with the Swiss firms as with the firms contacted in this country. The
Swiss firms indicate that excessive maintenance, possibly involving a yearly

major overhaul of the stator windings is to be expected unless reduced voltage

is used to alleviate the severe mechanical stresses on the coil ends. This
attitude supports the feeling of General Electric in this apparently critical

area. The attitude of AUis Chalmers and especially Westinghouse, however,
is much more optimistic. Westinghouse has very strongly expressed confi-

dence in the ability of their system of insulation and bracing to withstand full

voltage starting frequencies of one start per day without any decrease in the

life of the motors.

I. Full Voltage Starting

Full voltage starting with watered pumps is the most desirable

method of starting because of the low cost of starting equipment, and the sim-
plicity of control and operation. It would also provide the fastest method of

getting all units into operation. With this method, the elapsed time to start

16 or more units would probably be limited only by the rate of power increase
which could be permitted by the power system supplying the stations. Although
full voltage starting is the most desired, it is also the most adverse method
from the standpoint of imposing mechanical and thermal stresses on the motors.

The stresses which cause concern include those which result in

flexing of the coil ends where they overhang the stator core due to strong
magnetic force associated with the high currents in the stator during the
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starting period. With laminated pole machines, they also include the very
severe duty placed on the amortisseur windings due to the heavy, induced cur-

rents when starting as an induction motor. To produce the necessary starting

and pull-up torques, the amortisseur bars embedded in the pole faces must be

of very appreciable size and also must be continuously connected between poles

as opposed to non-continuous connected windings which are adequate for ma-
chines operating only as generators, or motors using a non-induction start.

The connections between poles must be carefully designed and constructed to

withstand the heat absorbed during the starting period and the associated move-
ment of the bars due to thermal expansion and contraction. To appreciate this

problem it should be understood that during the starting period, the amortisseur
windings must absorb energy equivalent to the energy in the rotating mass of

the machine in addition to that required to overcome the load torque. Since cop-

per and copper alloy bars lose strength rapidly with increased temperature,
and are vulnerable to fatigue failure with repeated starting, it is important that

means be provided for transmitting as much heat as possible into the pole body
and that the heat absorbed -will not exceed safe limits for the amortisseur wind-
ing. It should be noted that the energy to be absorbed by the amortisseur wind-
ing is essentially the same for either full voltage starting or reduced voltage

starting. For this reason, reduced voltage starting has very little, if any, bene-
ficial effect on the amortisseur windings when using an induction type start.

In exploring the feasibility of motors to reliably provide the desired
frequency of full voltage starting, Westinghouse engineers were asked to ex-

plain their confidence in overcoming the problems involved. With respect to

the stator problems, they place their confidence in their patented "Thermo-
lastic" insulation which they feel is superior to any other system of insulation

yet developed, and when used with their established bracing techniques, "Thermo-
lastic" overcomes the problem resulting from flexing of coil ends as well as

thermal expansion and contraction. The "Thermolastic " insulation consists of

nnica tape made with a special bonding resin. This is applied to the coils and
wrapped with an outer glass tape and the entire coil impregnated with a patented

solventless resin. The coils are then heat treated at their operating tempera-
ture to produce an elastic solid insulation. The coil ends, after assembly in

the stator core, are spaced with dacron felt between coils and then completely
impregnated with a special epoxy resin. End rings are also incorporated in the

end bracing and the assembly air-cured at room temperature. This type of con-
struction is used in the 3,600 RPM short circuit generators used in the West-
inghouse high voltage test laboratory which is repeatedly subjected to 3,000,000
KVA short circuits, a duty which was described as being far more severe than
the starting duty required at Tehachapi.

When questioned about their ability to overcome the amortisseur winding
problems, Westinghouse admitted that brazing of bars to the end rings was very
critical and largely dependent on the skill of individual workmen. They are
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nevertheless confident of their ability to overcome these problems, stating that

it is essentially a matter of designing to meet the required duty. They reported

that one of the 65,000 HP units at Grand Coulee, which was designed for syn-

chronous starting, was accidentally started at full voltage with the brakes on

and yet withstood this extreme starting condition for which it was not designed,

with only nominal damage to the damper windings.

Westinghouse has made computer studies which indicate that the re-

quired amortisseur bars would be 1-inch x 2-inch copper with 1-1/2 inches

between bars. There would be six per pole and they would be deeply embedded
in the poles and designed to favor pull-in torque. The pole faces would be ap-

proximately 17 inches across and 80-to-lOO inches in length with approximately
20-inch spacing of poles around the rotor circumference.

Westinghouse also expressed their feeling that if the system can stand

it, full voltage, across -the-line starting is to be preferred and that the motors
should be so designed even if they have to be started by alternate methods dur-
ing the early years of operation due to limitations of the power supply. Neutral
reactor reduced voltage starting was suggested as an alternate during the

period.

While the problems of full voltage starting should not be minimized, it

is logical to assume that the problems (excluding power supply problems) can
be overcome by an intensive effort to provide an assured solution. The Motor
Columbus report reflects strong confidence on the part of Swiss designers that

the amortisseur winding problem can be eliminated with the use of solid poles,

and Westinghouse, among American manufacturers, have been very convincing
in their claims that their system of insulation and bracing will solve the stator

problem (even though they are less convincing in their claims that their system
can withstand the full voltage inrush, a combining (if required) of U. S. and
European design practices should be able to produce motors to meet the desired
requirements

.

3. Alternate Starting Methods

Since the configuration and characteristics of the high voltage power
supply to the Tehachapi Station have never been firmly established, assumed
values have been used to define the stiffness of the supply system and to set

values for allowable inrush KVA. These values were established as a result
of informal discussions with the Southern California Edison Company in De-
cember, 1963. At that time, as a basis for discussing design characteristics
with prospective motor suppliers, it was assumed that the power to supply the

motors would be delivered by a power system capable of producing a 230 KV
short curcuit of 4,000,000 KVA at the Tehachapi site and also permit a motor
starting inrush of 250,000 KVA.
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The figures of 4,000,000 short circuit KVA and the limit for inrush of

250,000 KVA are assumed values only, with the possibility existing that the

system may be only partially developed to its ultimate size. For this reason,
and also because of previously mentioned concern with the severe stresses on
the stator coils and amortisseur bars, occurring during full voltage starting, a

number of alternate starting methods have been examined. The alternates to

full voltage starting which have been considered include the following:

a. Reduced voltage with watered pumps

b. Reduced voltage with dewatered pumps

c. Starting motors with dewatered pumps

d. Back-to-back, synchronous starting with watered pumps

e. Back-to-back, reduced frequency starting with watered pumps

f . Unloaded full voltage starting with the motor connected to the

pump through a torque converter.

Method a. would alleviate the starting problem with respect to the
stress on the stator coils but would provide no appreciable benefit to the amor-
tisseur windings. To provide the necessary pull-in torque, the transfer to full

voltage would have to be made prior to pull-in. Open transition starting meth-
ods are not recommended due to the possibility of high surges which can result
from the open transition during switching from starting to running voltage prior
to pull-in. For this reason, the reactor form of reduced voltage starting is

recommended. The feeling among the U.S. firms is, that reduced voltage
starting should be used in preference to full voltage starting, only if the high
values of starting KVA resulting from full voltage starting cannot be tolerated
by the power system supplying the plant.

Methods b. and c. have the disadvantage of requiring the pumps to

be dewatered, which is undesirable for any of the pumping schemes and particu-
larly so for the use of four-stage pumps used for the single-lift arrangement.
Theoretically, method c. could be used with a watered pump but the starting
motor would be of such a large size as to prohibit its use.

The back-to-back synchronous starting method d. has been recom-
mended by General Electric Company and is the method for which the 65,000
horsepower pumps at Grand Coulee Dam were designed. While the Grand
Coulee pumps were designed for synchronous start, they are presently being
operated by the reduced frequency starting method e.

Synchronous starting is accomplished by tying a motor to a generator
electrically at standstill, applying field current to both units, and then starting
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the generator with either a hydro-turbine or a wound rotor motor being used as

the prime mover. The motor is then brought up to rated speed in synchronism
with the generator, at which time both units may be synchronized with and

connected to the normal power supply. The starting generator may then be taken

off the line and be re-used for starting additional motors as required. Separate

motor-driven exciters are required for this method as well as means for brak-

ing the starting generator to standstill in preparation for starting the next pump.
For braking the starting unit, it is proposed to use dynamic braking after the

generator is removed from the normal supply bus.

Reduced frequency starting is accomplished similar to synchronous
starting except that the two units are electrically connected together with the

generator operating at approximately 50 per cent of rated speed. The motor
then starts as an induction motor at the reduced frequency. The generator

speed decreases as the motor is accelerated until synchronism between the

generator and motor is accomplished. The two units in synchronism are then

accelerated to rated speed through control of the prime mover at which time

the motor is transferred to the normal supply bus by the same procedure used
for the synchronous start. This method eliminates the need for dynamic brak-
ing of the unit for subsequent starting use. With this method, the starting duty

on the stator coil ends and amortisseur windings becomes greater than required

for the synchronous start but is nevertheless, far less severe than required for

the full voltage induction type start.

Torque converters, method f , have been used in several European
pumping installations. By this method, the motor is started and pulled into

step unloaded, and then by means of a hydraulic torque converter the pump
is pulled up to synchronous speed at which time the driving shaft of the motor
is locked to the driven shaft of the pump followed by removal of the hydraulic

fluid from the converter.

The use of any one of methods d., e., or f . will greatly alleviate the

motor starting problems involved in the design of the motors, but at the expense
of high additional cost and increased complexity in the starting operation. As
an example. General Electric, in proposing starting method d., provided sup-

plemental information on a wound-rotor driven M-G set which would adequately
provide the necessary starting unit. The following is quoted from G.E.'s letter:

"A number of different pump ratings are under discussion. The
starting M-G set which we have investigated will be suitable for start-

ing the largest of these, or the 80,000 HP rating. It would be rated as

follows:

39,000 KVA Gen.

.95 P.F.

(50,000 HP output)

Estimating price: $1,100,000.
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"Approximate dimensions:

Length: 45 ft.

Width : 16 ft.

Height : 14 ft. (including 3 ft. for base)

"The wound rotor motor driving the set will have one less pair of

poles in order to be able to synchronize to the bus. The generator and

motor rated speed which we have used is 600 and 720, respectively.

"We would expect that the most economical method of feeding this

unit is directly from the 13.8 KV bus to which the pump motor is con-

nected.

"A single liquid rheostat can be supplied to handle this size wound
rotor motor. Data is as follows:

Rheostat dimensions: 16' x 15' x 17' high

T^o heat exchangers :
24' long x 40" in diameter

Estimated price (incl.

amplidyne control: $185,999.

"We would plan to use dynamic braking to bring the M-G set to a

stop for starting the next pump. This would be done by applying a DC
voltage to the wound rotor motor primary after it has been tripped off the

bus. We estimate that a 125-volt, 125 KW M-G set would be suitable for

this purpose. The cost of this item is negligible with respect to the other

items; however, a separate metalclad breaker will be required to connect

this small set to the W. R. motor primary.

"The approximate accelerating time would be one minute. Assum-
ing a minute for starting aiixiliaries and another minute for synchronizing,

the total starting time would be of the order of three minutes.

"We have also taken a look at reduced frequency induction starting

and it does not appear that this has any advantage over the synchronous
start other than the fact that no dynamic braking is needed. The attached

curve illustrates this type of start. The available induction motor torque

is small, so synchronizing takes place at a low motor speed. M-G exci-

ters would be required for either type start so there would not be any sig-

nificant difference in estimated costs for the two schemes.

"We believe that the synchronous start would be the simplest from
the control standpoint. "
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If adequate reliability is to be provided, the above starting units would

have to be provided in duplicate to insure that one unit would always be available

for starting use. A further additional cost would also be required for additional

bus work and switching equipment.

Because of the numerous disadvantages associated with the alternates

studied, full voltage starting has been made a part of the current criteria for

motors used in all of the lift schemes considered in this report. The feasibility

of using full voltage starting has been supported by replies from two of the

three manufacturers to which inquiries were directed. As previously pointed

out, however, this criteria should be accepted with some reservations, and the

final design criteria for the motors under consideration should be culminated
only after a more thorough detailed study has been made of the motors in con-

junction with the power system supplying the plant. This study should encom-
pass the power supply from the source(s) of generated power to the point where
power is delivered to the motor terminals, and after all of the pump require-

ments have been established in their final form. Such a study should make use

of an AC network analyzer or involve the use of a suitable computer. The study

should consider the effects of motor starting surges on motor performance and
the attendant effects on the power system. It should also include load flow stud-

ies under normal and emergency conditions, establish values of fault duties and
system stability limits if they are adversely affected by changing load conditions.

While assisting in power system planning, it would also examine the possible

need for power factor control and the possible benefits from incorporating a

predetermined synchronous condenser capacity into the motors.

4. Summary

The following is a summary of the information developed during numer-
ous meetings with the three major U.S. manufacturers, the study of current
technical papers, and a review of the findings set forth in the Motor Columbus
report. The Motor Columbus report is included herein at the end of this chapter.

a. The opinion is unanimous among U.S. manufacturers as well as

Swiss manufacturers that no particular difficulties will be encountered if self-

starting of the motors is not required.

b. The only two critical design areas with self-starting motors are:

(1) The rotor with respect to designing for adequate torque as
well as the ability of the amortisseur winding to withstand the severe heating
effect created by induced currents while starting as an induction motor.

(Z) The stator coils, especially with respect to insulating and
bracing of the coil ends to prevent failure due to mechanical flexing resulting
from the strong magnetic forces created during full voltage starting.
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c. There is a major difference of opinion between U.S. and Swiss
manufacturers. Swiss manufacturers feel that rotors with solid poles and with-

out amortisseur windings will, without any great difficulty, eliminate the rotor
problems, and is the only reliable solution in designing the rotor. All U. S.

manufacturers favor the use of laminated poles and amortisseur bars.

d. There is a wide divergence of opinion between the U.S. firms of

Westinghouse and Allis Chalmers as opposed to the General Electric Company
with respect to the feasibility of self-starting motors . Westinghouse and
Allis Chalmers are on record that self-starting motors for all the sizes and
speeds required can be manufactured to reliably start once a day. General
Electric feels that only the 46,000 HP, 514 RPM motors can beguaranteed for

the required frequency of starting. However, there is no precedent even for
the 46, 000 HP motor".

e. Full voltage starting as the preferred method, in addition to im-
posing severe stresses on the motors will also require a power system suffi-

ciently stiff to maintain acceptable voltage levels associated with the high
starting inrush requirements.

f. Alternates to full voltage starting involve the
following considerations:

(1) Motors started by auxiliary means (non-self-starting) will

result in high costs for auxiliary equipment, increased complexity of control,

and will require a longer time for start-up.

(2) Reduced voltage starting will not appreciably benefit the

rotor but will reduce stresses on the stator coil ends. It can also be used to

greatly reduce the magnitude of starting KVA drawn from the power system.

5 . Conclusions

a. Self-starting motors are much to be preferred over the use of

motors started by auxiliary means.

b. The amortisseur windings present the most critical of all the

design problems, if the motors use laminated poles and are to be self-starting
with either full voltage or reduced voltage.

c. Reduced voltage starting can be used to appreciably reduce the
starting inrush as well as reduce the mechanical stresses on the coil ends of

the stator winding, but will not benefit the amortisseur windings to any appre-
ciable extent.

d. The magnitude of the motor starting problems are considered
equally critical for both the 80,000 and 70,000 horsepower, 600 RPM motors.
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The problems involved with starting the smaller and slower 46,000 horsepower,
514 RPM motors, however, are considerably less than for the larger machines.

e. If we exclude the advantages of starting the 46,000 horsepower
motors, the relative advantages of the single-lift, two-lift and three-lift

systems for the motors alone are inconclusive because of the wide differences

which may result with respect to the cost of the associated electrical equip-

ment. A realistic evaluation must consider the relative advantages of the

alternate electrical installations in their entirety.

f. While there is much to support the feeling that reliable self-

starting motors can be provided, the apprehensions expressed by the U. S.

General Electric Company and certain manufacturers in Switzerland leave the

feasibility of these motors open to doubt. Continued effort should be exerted
to eliminate this doubt so that the feasibility of the required motors can be
accepted without question.

g. In order to examine the motors in greater depth, it is highly
important that the characteristics and limits of the power system supplying

the motors be established.
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TEHACHAPI PUMP MOTORS

BASIS FOR DESIGN

A. DESIGN RATING

Vertical, synchronous, 13,800 volt, 60 cycle, 3 phase, 1.0 P. F. direct

connected exciter, 60 C. rise, designed for 407o over speed.

COMMON FEATURES

Amortisseur windings for across-the-line starting of watered pump
with closed discharge. Motor enclosed in air housing with water cooling

and provided with high oil pressure lift on thrust bearings.

The following should be included with each motor at the quoted price:

Exciter including exciter cubicle

Air coolers

Air housing, platform, handrails and stairway

Thrust and guide bearings

High pressure lubricating system

Foundation bolts, half coupling and CO2 system piping

Brakes and jacks

CT's for differential relaying

Space heaters

Heat detectors

Handling equipment and unit accessories

Rail freight to destination

Combination jacks and brakes shall be included which will elevate the

rotor and rated to brake 1% of rated torque from 50% speed to standstill

in 7-1/2 nninutes.
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ASSUMPTIONS

General

Motors will be started across -the-line with pumps watered with

closed discharge. Starting frequency will equal one start per day.

Power will be supplied from a 230 or 500 KV system capable of

delivering a minimum of 4,000,000 short circuit KVA to the high side of

the transformers supplying the pump motors. Voltage drop on the high

side of these transformers, resulting from starting of individual motors,

shall not exceed 5%.

Motors are expected to operate in an ambient of 104 F. maximum
with a cooling water temperature of 87 F.

Case 1 (Single Lift)

Units required (for 4-stage pumps) 16

Horsepower each unit 80,000

Speed (RPM) 600

Elevation above sea level (ft.) 1,232

Pump WK^ (lb. ft. ^) 190 , 000

Pump Load on thrust bearing (lbs.) 200,000

Pump Load at full speed with closed discharge

(% of motor rated HP) 62

Motors will be connected to one (1) common
250,000 KVA transformer for each four (4) motors.

Case 2 (Two Equal Lift Stations)

Units required (for 2-stage pumps)

Station A 9

Station B 9

Horsepower each unit 70,000
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Speed (RPM) 600

Elevation above sea level (ft. )

Station A 1, 222
Station B 2, 187

Pump WK^ (lb. ft. ^) 230, 000

Pump Load on thrust bearing 100,000

Punnp Load at full speed with closed discharge

(% of motor rated HP) 55

Motors will be connected to one (1) common
165,000 KVA transformer for each three (3) nnotors.

Case 3 (Three Equal Lift Stations)

Units required (for 1 -stage punnps)

Station A 9

Station B 9

Station C 9

Horsepower each unit 46,000

Speed (RPM) 514

Elevation above sea level (ft.
)

Station A 1, 206

Station B 1, 850

Station C 2, 494

Pump WK^ (lb. ft. ^) 80,000

Pump Load on thurst bearing 100,000

Pump Load at full speed with closed discharge

(% of motor rated HP) 51

Motors will be connected to one (1) common
110,000 KVA transformer for each three (3) motors.
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Summary

This report was compiled on the request of the Department
of Water Resources, to contribute from Swiss practice and
experience to the problem of large, hiph-speed self-start-
ing synchronous motors as anticipated for the Tehachapi
pumping plant.

It contains minutes of the meetings held with Swiss motor
manufacturers and a summarizing discussion of the informa-
tion they provided orally and in writing. It deals with the
problems of the motor itself as well as the influence of
transformer and switching arrangement and netv;ork conditions.

Written statements of Swiss motor manufacturers are attached
together with translations.

To achieve an overall point of view, alternative starting
methods are listed and their possibilities discussed.

The report is closed with conclusions and recommendations.
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INTRODUCTIOM

The motors to drive the rumos of the Tehachapi pumping plant
will have the followinp rating:

Single lift concept, alternative I eO,000 HP 600 rpir

Two-lift concept, " II 70,000 HP 600 rom

Three-lift concept, " III U6,000 HP 514 rpm

Motors of even higher SDceds, 900 and 12C0 rpir , had been con-
sidered during earlier stapes of the croject, but were aban-
doned because of objections of the US manufacturers against
such high speeds. However, with further investigations, it
became evident that, dependin," on the specific design, dif-
ficulties are involved also with 600 and 514 rpm, rsnd at
least one US firm expressed serious concern regarding fre-
quent starting of the motors.

On the other hand. Brown Boveri & Cie., one of the leading
Swiss f irm.s , had expressed in previous discussions (with
Mr. Troost of DUR in August 1953, and with Mr. H. Gartmann
of DMJH on August 20, 1964, see neirorandum dated October 29,
1964), that they vjere able to design self-starting motors
of this range, and even with 900 and 1200 rpm. This is due
to the special rotor design they use for high-speed syn-
chronous machines in general ,which is especially suitable
for self-starting.

In October 1964, the DeDartwent asked Motor-Columbus to
acquire more detailed information frorrc Swiss manufacturers
on their design irethods and recommendations on self-starting
synchronous machines of this size.

2. MEETINGS WITH MANUFACTURERS

There are three manufacturers in Switzerland, who are capable
to build such motors:
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Brown Boveri & Cie., Baden (BBC)

Maschinenfabrik Oerlikon, Zurich (MFO)

SA des Ataliers de Secheron, Geneva (SAAS)

Previous to discussions, the manufacturers were informed of
the rating of the machines in question, desipn and operating
criteria, and network conditions, by transirittinp to them
conies of the "Basis for Desipn" vjhich was comDiled by DMJM
for a parallel inquiry with US manufacturers. Their statements
were requested on the following, questions:

a) What would be the general desipn features of such
machine ?

b) Could the rotors be built for safe and reliable
operation for starting with the pump filled with
water ?

c) What are the specific advantages of the recommended
design with respect to the oiven operating condi-
tions ?

d) Could the motor be started across the line, under
full voltage, provided the grid would be strong
enough ?

e) How v7ould across-the-line startinr effect the life-
time of the stator windinf7 ?

f) V'hich system is recommended for reduced voltage
starting under the given network conditions ?

2.1 Meeting with Brown Boveri (BBC)

The meeting was held on December 14, 1964, at the Brcwn Boveri
plant Birrfeld near Baden, Switzerland.
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BBC:

P. Noser - Chief Engineer )

r. li ,, J ,^ • nr:tT- ) Svnchronous
E. Meyer - Head Desipn Office ( ,, v- r^ * *'

} f'achine Department
K. Baltisberp.er - Desipn Enpineer )

MC;

G. Leupin - Mechanical Dept., Rotating Machinery Croun

A. Weber - Electrical Dert., Transforner Group

0. Hartmann - Project Engineer

BbC was somewhat fandliar with the Tehachapi project and the
motor problems involved from previous discussions. They had
also contacted their New York sales office in this matter.
Their impression v;as that the Tehachapi motors would be pur-
chased in the US and that there would be no chance for any
foreipn manufacturer eventually to be awarded a contract for
these machines. For this reason, they did not want to preoare
a v;ritten technical study, but they were cooperative to dis-
cuss the technical problems with us and to pive us the de-
sired information orally. Major points of discussion were as
follows:

2.1.1 Motor design

BPC said that a synchronous machine v.'ith ratinp 60 MVA (cor-
responding to 80,000 HP, D.f. 1.0) and 600 rpm would not en-
counter serious desipn problems. Mechanical stresses are even
less for the TehachaJ^i i^otors than would be for hydro-gene-
rators of same ratinr because of the low run-avjay speedi of
only IHO % compared with 180 - 200 % run-away speed of hydrau-
lic turbines. Tlierefore, for normal ©Deration (i.e. not self-
startinp) the machine could be built with either laminated
or solid poles. EDO would prefer solid poles in any case, be-
cause this is their standard desipn for high-speed machines.

If self-startinp is reouirpd, 3rc believes that solid coles
are the only solution. Because of limited excerience vrith

laminated pole mi-?chinos the" could not ssy that self-starting
would be impossible with laminated poles and amortisseur
winding, but they were verv doubtful whether the amortisseur
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winding could be designed to withstand the therrnal and mecha-
nical stresses of repeated starting. They recommend solid
poles without any additional interconnections from pole to
pole. The pull-in torque of such machine would be lower than
with amortisseur windin" or with solid poles and intercon-
nections froir pole to pole, but still high enouph for syn-
chronization under 60 % reactive puir.p toraue.

The motor could be designed for starting under full voltage.
However, this would lead tc aporox. 9 % voltage drop on the
high voltage side of the transforner under the given network
conditions. 6.5 % voltac;e drop would be possible with an
enlarged motor with higher reactance. With full voltage start-
ing the inrush curr<^nt would be 5.5 - 5.7 tiires the rated
current, and the stater winding, especially the end turns,
would be subject to heavy rrechanical stresses. This would
require, in BBC's opinion, a yearly major overhaul to check
and refix, if necessary, the end turn bracings, even with
best insulation and special bracing.

BBC believes, therefore, that reduced voltage starting would
be advisable to limit both the voltage drop on the grid and
the shock on the stator winding. Voltage reduction of about
one-half would be sufficient.

2.1.2 Transformer and sv;itching arrangem.ent

BBC recommends that three or four motors are connected to
one transformer as presently anticinated. This arrangement
has the advantage that the voltage droD through the trans-
former is only one-third or one-fourth of that of one trans-
foiTner per unit, V7hen starting the first motOx'. \7hen start-
ing the further units connected to the transformer, the
units already in operation could support the voltage stabi-
lity by over-excitation (most of the current drawn during
starting is wattless current). V/ith this arrangement, it
would be possible to use a trarsforirer of normal impedance.

BBC believes that for reduced voltage starting .^n impedance
coil would be the best solution. Possible switching arrange-
ments of the impedance coil were discussed (see exhibit 3,
Fig. la, b, c).
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2.2 Meetinp with Maschinenfabrik Oerlikon (UFO)

The meeting was held on Dece.r.ber 17, 1964, at the offices of
MFO in Zurich-Oerlikon.

MFO:

F, Seefeld - Chief Design Knpineer, Synchronous Machines Dept,

Dr. H. Roose - Sales Eneiineer , Export Dept.

MC:

G. Leupin - Mechanical Derst., Rotating Machinery Group

A. V.'eber - Electrical Dept., Transformer Group

0. Hartmann - Project Engineer

MFO was also reluctant to undergo detailed studies on the Teha-
chapi motors. However, after explaining, the situation to them,
MFO was prepared to give their reconmendations in writing.
Mr. F. Seefeld made a very exhaustive write-up, which also
covers the discussion we had with them. This write-un is

attached to this report (exhibit U), tocether with the trans-
lation (exhibit 5).

2.3 SA des Ateliers de Secheron, Geneva (SAAS)

From this firm we received a written statement dated January 13,

1965, which is attached to this report together with the trans-
lation (exhibits 6 and 7). Since this statement indicated that
their opinions widely coincide with the information received
from the two other Swiss firm.s, a meeting with S/»AS was con-
sidered dispensable.
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3. DISCUSSION OF MANUFACTURCPS ' INFORMATIOM

Before going into technical details, some general remarks
regarding the three Swiss firms m.av be of interest.

All three firns were founded late in the last century, and
Motor-Colunbus ' business connections with them date back
to this time also. Their manufacturing prograr^ covers a

wide range of electrical equipment. Due to the geographic
conditions in Switzerland with many high-head hydroelec-
tric pov/er develcrments , one of their activities is the
manufacture of hiph-speed synchronous machines. Many of
the hydro-generators they have built in the last 20 years
are in the same range of power and speed as tho Tehachapi
motors. Exhibits 1 and 2 document the experience of the
Swiss firms in this field, and it may also be mentioned
that with 9 of the 36 machines listed, Hotor-Columbus
was the consultinp engineer on behalf of the power plant
owner.

3.1 Motor Desicrn

General design problems encountered vjith high-speed machines
are the following:

a) Mechanical stresses in the rotor, particularly
regarding the pole fixation due to the centri-
fugal forces. This problem is m.ore significant
with hydro-generators than with pump rotors

,

because of the higher run-av;ay speeds of hydro-
turbines. It is standard in Switzerland to test
the complete rotor at run-away speed during
2 minutes in the workshop.

b) Bearings, especially the thrust bearings, cri-
tical speed, and vibrations.

c) Thermal dilatations of both pole and stator
v;indings reouire particular attention with in-
creasing length of the machine. The pole windings
have to withstand both mechanical and thermal
stresses. These problems become more difficult
with freouent stopping and starting of the
machine

.
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V.Tiile the design features of the stator do not differ basi-
cally from those for a low-speed machine, the configuration
of the rotor is different from that of a low-speed chain
rotor. The rotor consists of a cast steel snider with shrunk
-on rolled steel rings, on which the poles are fixed, mainly
by dove-tail or similar fixation. IJith higher speeds and
smaller diameters, the rings may be shrunk on the shaft
(without spider), or the poles are fixed directly on a cen-
tral body which may be in one piece with the shaft or with
bolted-on half-shafts. This will give an idea of the mostly
"used designs, but there is a variety of combinations.

Solid cast or forged steel poles are used as well as lami-
nated poles with darner (amortisseur) winding. Two firms
(BBC and SAAS) Tefer solid Doles as standard design, v;hile
the third firm (MFO) prefers laminated poles in general.
Beside the historical background of the firms' design
methods, the respective features of the two pole designs
can be characterized as follows:

Solid poles allow hijjher mechanical stresses. The role shoes
themselves act as a damper vjinding with high oh::iic resistance;
a special damper winding can, therefore, be omitted, either
for stability of a generator or for startine of a motor. For
the latter case, it is essential that the heat developing
during the start-up is spread over the mass of the poles,
which is much bigger than that of a corresponding amortis-
seur winding.

Solid Doles have higher pole shoe losses due to edcy currents
than laminated poles. However, this difference decreases with
increasing length of the machine.

Due to these characteristics, also MFO uses solid poles in
cases where high mechanical stresses and/or severe starting
conditions are prevailing. The latter is the case with the
Tehachapi motors and leads to a remarkable coincidence of
the design recommendations of all three firms:

A synchronous motor rated 80,000 HP, 600 rpm, lUO % run-away
speed, would not present special problems except starting.
Mechanical stresses are reasonable due to the low run-away
speed. Both laminated and solid poles would be applicable
in view of the mechanical stresses.

179



Self-Starting involves two major jiroblems: Inrush shocks
on the stator winding anc" rotor heatinp.

Mechanical shocks on the stator windine require special
bracing of the end turns. Rereated full voltage starting

,

with inrush current approx. 5.5 rated current, would be
possible with resoect to the motor, but would require
more frequent servicinr and refixing of the winding. As
the shocks are proportional to the square of the in-
rush current, they can be limited considerably by reduced
voltage starting. Startin? with about one-half rated vol-
tage is recomjiiended, which v;ould reduce the inrush current
to approx. 2.5 rated current.

The shock nroblem is the same whether the pump is filled
with water or dewatered for starting.

Over-temperatures of the stator winding due to starting are
very low and do not raise problems.

The heat developed in the rotor is approx. equal to the
mechanical energy developed durinc the starting process,
consisting of the energy necessary to accelerate the unit
and the energy dissipated by the pump. This amount of heat
would lead to extreme temoeratures in an amortisseur winding.
V/ith dewatered Dump, the starting energy of the pump is de-
creased to s negligible value, but still the amortisseur
winding would reach excessive temperatures.

All three firms stated that they would design the motor with
solid poles, to avoid the amortisseur winding. Moreover, MFO
calculated the temperatures of the amortisseur winding and
came to the express conclusion that a design with amortis-
seur winding would not be feasible for either one of the
three alternatives, even with dewatered pump. According to
their calculation, the over-tenperatures of the amortisseur
winding would reach 300 - 400 °'c = 540 - 720 °F, depending
on motor alternative.
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Such temperatures are deemed to be impermissible as the
strength properties of the amortisseur winding material
and its connections would be decreased. It is essential
that the amortisseur winding has also to withstand hiph
mechanical stresses and thermal stresses due to uneven
heating and elongation of the individual rods,

I'nder the same starting conditions the over-temnerature
of the solid poles is approx, 130 °C - 235 °r, which does
not encounter any Droblems, Moreover, the heat originated
in a relatively thin surface layer can easily dissipate
over the whole steel pole body.

The problem of rotor heating is basically the same, whether
full voltage or reduced voltage starting is applied.

MFO and SAAS recommend low-resistance connections from
pole to pole, while BBC would prefer to avoid even this
additional element. The latter is certainly desirable
from the reliability standpoint, but reduces the pull-in
torque of the machine. This solution v7ould be more sensi-
tive to under-voltage in the network and to voltage drop
in the transformer.

3.2 Transformer and Switching Arrangement

As already mentioned reduced voltage starting is not abso-
lutely necessary for the motor, but desirable for the bene-
fit of the stator winding. Reduced voltage starting is also
necessary in order to limit the voltage drop in the network
to 5 % with the arrangement as anticioated, i.e. three or
four units connected to one common transformer.

The voltage reduction can be realized by impedance coils.
The starting voltage would be about one-half the full voltage,
V/hen the unit has reached approx. 60 % speed, the coil is

short-circuited. Exhibit 3 shows three different arrangements
of such impedance coils. Econonic considerations will be pre-
vailing in the choice of arrangement, taking into account
equipment cost, scace requirements, and building cost. .
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MFO recommends full voltage starting, however, with one
transformer per unit. Thus, the full transformer impedance
(against one-third or one-fourth with three or four units
per transformer) would be active and reduce the voltage
on the motor terminals during starting and also the in-
rush current to annrox. 3.3 times rated current. According-
ly the voltage droD on the network x%'ould be within the
limit of S %•. The principal arrangement is also shown on
exhibit 3, figure 2. The simplicity of this solution is
obvious, and it would also simplify the unit protection
and the automatic control. Soace requirements would be
less as the 13.8 kV busbar and switchcear are omitted,
and failure of one transformer would inflict only one
pumping unit. On the other hand, the cost of transformers
would probably be higher, and the starting voltage cannot
be chosen as freely as with impedance coils.

ALTLPNATE STARTIl-JG METHODS

Full voltage asynchronous starting of the pump motor, with
the pump filled with water, is the starting method present-
ly anticipated. There are, however, serious doubts whether
this method is technically feasible with motors having an
amortisseur windinrr. Therefore, a brief discussion of alter-
nate methods is of interest.

Exhibit 8 gives a review of oossible starting methods. The
respective advantages and disadvantages are listed therein,
and a few summarizing rem.arks are mentioned below.

"4.1 Dewatered Pump

Besides the disadvantages on the pump itself, it is doubt-
ful whether across-the-line starting of the motor would be
possible. Problems with heating of am.ortisseur winding arc
reduced, but not eliminated, and the inrush conditions (shock
on stator winding and voltage drop on the network) are the
same with filled or dewatered pump.

Starting with dewatered pump r..='kes other starting methods
technically end economically feasible (pony motor, starting
turbine, synchronous starting with starter unit) due to the
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low power requirements.

^,2 Toroue Converter

With the use of a hydraulic torque converter the filled
pump is coupled to the motor at full speed. For the start-
ing of the motor the conditions are the same as if the
pump W'-f.- dewatered and the remarks under 4.1 are true
also for this method.

U.3 Pony Motor and Startinp .Turbine

It is believed, that both methods are feasible only with
dewatered pump startinp.

t.** Synchronous (Back to Pack) Starting

This method has been used where turbine-generator sets and
pump-motor units are installed in the same plant. For Teha-
chapi the hydraulic or electric starter unit, with necessary
spare, would be additional ecuipment only for startinp pur-
pose. Topether with the additional electrical eauipment the
cost would run very high.

Furthermore, this method is very time-consuming. After each
start the starter unit has to be stopped, and all the elec-
trical svjitch-ovcr operations have to be made before the
next unit can be started. It would take hours to get 16 units
in operation.

5, CONCLUSIONS AND RECOMMENDATIONS

Information received from Swiss motor manufacturers regarding
design of the motors for the Tehachapi pur.ps , together with a

review on alternate starting methods lead to the following
conclusions

:
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a) The design of such motors does not encounter
particular difficulties, if self-startinp is
not required.

b) The motors can also be desicrned for asynchro-
nous self-starting. For this duty a rotor de-
sign with solid poles, without amortisseur
winding is deemed to be the only reliable solu-
tion. Heating of the amortisseur winc'ing would
be excessive for either motor alteniative , and
even with dewstered pump starting.

c) Reduced voltage starting is required if the
voltage drop on the network shall be limited
to 5 %, but is also advisable to reduce inrush
shocks on the stator winding. Impedance coils
in various arrangements are recommended. An al-
ternate solution would be "block" arrangement
of one transformer for each unit, using the
voltage drop in the transformer as to reduce
the voltage for starting.

d) Other starting methods than asynchronous self-
starting of the pumo motor are feasible, but at
the expense of considerable extra cost, space
requirement, and complication. The many additional
elements would reduce the unit and clant reliabi-
lity.

Based on these considerations ,we would like to proDOse the
following recommendations:

a) The feasibility of synchronous motors, suitable
for asynchronous self-starting, should be investi-
gated thorcuphly and a definite decision should be
reached a;, soon as possible, because it concerns
the whole plant layout.

b) Alternat? starting methods should be investigated
further only, if self-starting motors should be
found definitely unfeasible for one or the other
reason.
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c) Every effort should be made to realize a safe
and reliable solution with sclf-startinp motors.
US firms should be reaucsted to desifjn and cal-
culate the motors in detail. Only this would
allow a clear and definite judrenent. Solid pole
rotor design should be taken into consideration
to avoid the amortisseur winding and the problems
encountered herewith.

d) System arrangements for reduced voltape starting
should be investigated to achieve an optimum so-
lution.

e) It would be helpful if these investications could
be based on a final lift concept and on more infor-
mation on the network confipuration.

AC-

MOTOR-COLUMBUS
Electrical Management Company Ltd.

Ends.

:

see page 16

February 16, 1965
S-Hm/2-Lp/bch
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!;X( IHIT 1

Tehachapi Motor Study Motor-Columbus Ltd.

Large high-speed Synchronous Machines

of

Swiss Manufacture

The list contains (not necessarily all) synchronous machines of
more than 30,000 kVA power and speeds of 500 rnm or more, which
had been ordered with Swiss manufacturers since 1915.
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Tehachapi— Motor Study

Possible System Arrangements

exhibit 3

No. 3.24.25.05.1

MOTOR-COLUMBUS
AKT.-OES. FOR ELEKTRISCHE UNTERNEHMUNOEN

BADEN SCHWEIZ

MASSTAB F |E

I J_^ C iB |a

Aiid«run9«n
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_ Name „ No .of Shaft Rated R?ted out- Year of
of power station " units pos . rpm put in kVA order

17



MVA 100

90

80

K20

70 f
17

• IE

Mis

60

12*13

50 9*?o-

6*7

AO

30 I
r

500
51A

26

*2S

I 22

600

Exhibit 2

-X35

K3t

X32

1000 r.p.m.

• 31

• 30

je^2s

720 750 r.p.m.

Large high-speed salient pole synchronous machines

designed and built by Swiss manutacturers

Pa 30 MVA, ns 500 r p.m.

(The numbers correspond to the ilems of the respective reference list)

( X built under the supervision of Motor- ColumtMjs)

Tehachapl alternatives

TEHACHAPI - MOTOR STUDY

MOTOR-COLUMBUS
AKT.-OES. FOR ELEKTRISCHE UNTERNEHMUNOE N

BADEN SCHWEIZ

MASSTAB
I

F

y IC

E jO

;b Ia

And«rung«n

O.TOM ; /

10 2 65 ^ Lu

No. 22^ 25.02
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Maschinenfabrik Oerllkon

Poil«r>»tfir)fl MMC#iln*nf«brlti Ocrllhon. Potilach 0OSO Zuntti

Zurich

EXHIBIT 4

r.DTOR - COLUi.BUS A.G.
fiir Elektrische Untera£.lirnun -r-;]

5401 Baden

Ihr 2*<cf>«n

S-HniAtt

' ^'a &-._L L 1_

i

._ I
CJ-o- '*'^

Telephon; (051) 481810

Teloi S2 135 OerliK Zurich

Telegramme: Oerlik Zurich

Postdiack: Zurich 80 - 671

Ihr Scfirslben votft

8.12.64

- 'UnwM 2oicr>«rv

Vr.yRo/ck
;^

iu^ctij Arrotiern>wiai« S2

13. Januar 1965

Pro,io!<t "e'no' -ip-l USA
Synchror.MO ^orei: fiir Pumpenantrieb

V.'lr be,;iehen uns auf Diren Brief vo;n 8. Eezem'cier ]96'! und
auf die Beoprechunp bei uns am 17. Dezember, an der Ihrer-
seita die Herren Hartmann, Leupin und V.'eber teilnahmer-.. Der
fietroffenen Abmachun/r en ooprecnend senden wir Ihnen bei-
lie{?end ein Expose, welches die von Ihnen cestellten rra/ren
behancelt

.

Sie erkl-irten sich bereit, die Uebersetzun,^ diesea Berichtes
in.; Knfrlisc'ne selber aunzufuhren. V/ir wlren Ihnen ;;ehr iianK-
bar, v/enn Sie uns erne Kopie der Uebersetzung zur Verfii^juncj

stellen konnten.

Im ubrigen hoffen wir, dans der Inhalt unseres Exposts Ihren
Erv/artungen entspricht. Wir v/tirden unr freuen, wenn das
Projekt in der erwarteten Art sich entwickeln wurde und
griissen Sie

Beilaf^e ;

Expose, 2-fach J

309

hochachtungsvoll

H'jVSCHINEKFABRIK OlinLIKOiV

^^-^^

BUim roH
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KM/s/sch

11.1.1965

Batr. Projekt Fehachapl U.S.

A

Synchronmotoren Air Pumpenantrieb

1. Allgemeinea zur Konstruktion

Bei den vorgesehenen Synchronmotoren von 80' 000 bzw. 70' 000 HP bei 600 U./min

60 Hz handelt es eich lui Haschinen, die bei Nenndrehzahl bereits die hohe Umfangs-

geschwindlgkeit von ca. 90 m/sec aufweisen. Im Vergleich zu Wasserkraftgeneratoren

ahnlicher GrOsse erreichen die nechaniachen Beanspruchungen trotzdem noch keine ex-

treoen Werte, veil die Durchbrenndrohzahl nur 40 % uber der Nenndrehzahl liegt; das

ergibt io Durchgang eine Geschwindigkeit von ca. 123 m/sec. Hit deo heute ublichen

Konstruktionen und den seit einigen Jahren erhaltlichen Stahlqualit£ten treten erst

bei Umfangsgeachwindigkelten im Durchgang von mehr ala 160 n/sec schwierige Probleme

rUr die Polbafestigung und die Gestaltung des Rotorkorpers auf. Es kann dcmn z.B.

ndtig warden, wegen der auftretenden mechanischen Beanspruchungen die Polkdrper

massiv, in Stahlguss Oder geschmiedet, auszuruhren. Id vorliegenden Fall trifft

das jedoch nicht zu; im Hlnblick aul die Festigkeit ist der Konstrukteur frei, dl«

Pole entweder massiv oder lamelliert auszuTuhren. Dies gilt natUrlich erst recht

fdr die Motoren gemass Variante 5, die 46' 000 HP bei 514 U./min leisten sollen.

Der allgemeine Aufbau der Motoren wvirde sich von den zahlreicben in Betrieb befind-

lichen vertikalen Hydrogeneratoren kaun unterscheiden. Die Maschinen konnen Uber

Boden Oder versenkt angeordnet werden; dies hangt von der baulichen Gesamtdisposl-

tion, insbesondere fUr den hydraulischen Teil der Anlage, ab.

Die KUhlerelemente werden am Umfang des Statorgehjiuaes angebracht. Bei der ziea-

lich hohen Kuhlwassertemperatur von 87 F = 50,5 C" eoipfiehlt es sich, eine Kalt-

lul'ttemperatur von 45 zuzulassen, damit die Klihler nicht unwirtschaftlich gross

warden. Die Kupfertemperatur wUrde dann im Maximum 45 + 60 = 105 C erreichen;

dieser Wert liegt immer noch 15 C tiefer als die 120 C, die von jeder nach Klasse

B isolierten Uicklung ohne BeeintrSchtigung der Lebensdauer ausgehalten werden.

Es ist rUr Synchronmotoren vorteilhaft, wie in der provisorischen Spezifxkation vor-

gesehen, den cos q> auf 1,0 festzusetzen. Dies ergibt die Kaschine nit der kleinsten

Scheinleistung, also auch dem niedrigsten Preis, und deo. besten Wi rkungsgrad . Letz-

terer bel&uft sich auf ca. 96,5 %•

Der 80' 000 HP-Motor ISsst sich fur die vorgeschriebene Erwfinnung von 60 Cnach un-

serer Erfahrung mit einem GD von ca. 230 t m ausruhren; fur die beiden anderen

192



Varianten liegt der Wort noch etvas tiefer. Ein klaineres Schwungnomont erloich-

tert natUrlich den Hochlauf, da die infolge der Beschleunigung auftretende Warme-

men^e im gleichen Verh^ltnis zuruckgebt.

2. Anlaul'wSrme und Polkonstruktion

Der Anlauf stellt das einzige wirklich achwierige Problem bei Synchronmotoren diese)

Crosse dar. Dies gilt soger dann, wenn die Punpe wiihrend dea Anlaufs entleert wird

und somit nur ein vemachiassigbar kleines Gegennomant entwickalt. Denn die Schwie-

rigkeit besteht nicht darln, mit dem Motor das nBtige Anlaufraoment su erreichen,

sondem die beim Hochlauf entstehende WSmie in Rotor aufzunehmen, ohne dass irgend

ein Teil desaelben Schaden nimmt.

Die Warmeinenge Q, die nur durch die Beschleunigung der Schwungmasse, ohne jedes

Gegenmoment, wfilirend eines vollstiindigen Hochlaufs in Rotor entsteht, iat gleich

gross wie die lebendige Energie dea Rotors bei voller Drehzahl. Soiait gilt

tMr den 80' 000 HP-Motor (Totales GD^ = 250 32 = 262 tm^) ergibt aich

. 262 • 10^ tJL-^OO-.^ 1 ,,,.^ „ ,Q- 6 -9.61 • ^—W^ • -^ = 31000 Kcal.

Vurde man den Motor mit lamellierten Polen und Dampferwicklung ausriisten, wie es

bei Motoren geringerer Leiatung Ublich iat, so miiasten achiitzungsweisc 80 % obiger

Wfirmenenge, d.h. 24800 Kcal. von der Dampferwicklung aufgenommen werden; der Heat

verteilt sich auf Polspulen und Anlnasxiderstand. Eine genaue Untersuchunt; zeigt,

dass bei den durch die gosamten Aboessungen der Maschine gegebenen PlatzverhSlt-

nissen in einem Polschuh hbchstens 4000 mm DSmpferstab-Querschnitt untergebracht

werden kOnnte. Die Stablttnge betnigt etwa 1,80 m. Nimmt man ala Material Bronce

an (
J*

= 8,8) und rechnet mit 25 % Zuschlag Tur die stimseitigen Verbindungen, so

ergibt eich ein Gewicht der Dampferwicklung von

1,25 • 12 • 4000 • 1,8 • 8,8 • 10"' = 950 kg.

Hieraus folgt bei einer spezifischen Wgrme von 0,09 Kcal,^g , C eine Uebertempera-

tur der Anlaufwicklung von

95o.o;9 - ^° '^

Bei direktem Cinachalten wUrde die Hochlaufzeit bis zur anniihemd vollen Drehzahl

ohne Gegeniroment der Pumpe nur etwa 6-10 s betragen. In dieser kurzen Zeit erfolgt

keine Ins Gewicht fallende Varsieabgabe an das Eisen des PolkOrpers. Anderseits
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erhfiht sich die Ajilaufzeit und damit die aufgespeicnerte WiinneiDen^e , sobald der

Motor nicht nur die Schvungmasse zu beachleunlgen, sondem ausserdera ein Cegenmoment

der Punpe zu Ubervinden hat. Dies trifft im vorliegenden Kail zu. Die gesante Er-

warmung wird sich daher auf mlndestens 400 C belauTen. Das hat eine Wtirmedehnung

in der Croasenordnung von lii mm zur Folge, wobei die Erwiirmur.g und damit die Ausdeh-

laing der einzelnen Stabe in der Kegel nicht unbetr&chtliche Unterschiede aufweist.

Zuden wird die Festigkeit auch guter Broncen bei so hohon Temperaturen bereits merk-

lich geschwficht. £s ist leicht einzusehen, dass es praJctisch unir.Oglich 1st, TUr

seiche Verh&ltniase eine iiM wu gliiPotca Danpfervicklung zu konstruieren. Pur die Ho-

toren der Variante 3 liegen die Verhaltnisse ein wenig gunstiger; doch sind auch hier

Temperaturen zwischen 550 und 400 C mit Sicherheit zu erwarten. Es kann daher fiir

keine der Tur das vorllegende Projekt in Betracht kommenden Varianten verantwortet

verden, die Motoren mit geblechten Polen und Dampferwicklung auszuTuhren.

Bei massiven Polen dagegen verteilt sich die WBrme, obwohl sie nur in einer relativ

dunnen Oberflachenschicht des Polschuhs entsteht, sehr rasch iiber eine grossere Zone.

SchAtzt man die Dicke derselben sehr vorsichtig nur auf 20 mm, so kommt man auf eine

ErwdTmung von ca. 130 . Diese wlrft in dem massiven PolkSrper kelnerlei Probleme

auf. Die Ausruhrung mit massiven Polen aus Stahlguss oder geschmiedetem Stahl,

stellt somit rUr Synchronmotoren dieser Grdsse mit Selbstanlauf die einzige betriebs-

sichere Liisung dar.

Die rechnerische Behandlung des Anlaufvorganges bei Kotoren mit Massivpolen ist

schwieriger und die Ergebnisse sind weniger zuverlfissig, als dies bei Kotoren mit

Anlaufwicklung der Fall ist. Es 1st dtther wichtig, dass die europ&ische, vor allem

auch die schweizerische Industrie zur Kontrolle der Rechnung zuhlreiche Messungen an

ausgefUhrten Maschinen durchger.U\rt hat und somit uber ein umfangreiches Erfahrungs-

material veriugt. Dieser Umstand gestattet den massgebenden Firmen, Synchronmotoren

dieser Grosse auch mit massiven Polen so zu entwerfen, dass auch hinsichtlich der

Anlaufelgenschaften ein Optimum errelcht wird.

3. Schaltung

Qjrch die Art der Disposition des elektrischen Teils der ganzen Anlage ISsst sich

der Anlaufvorgang weitgehend beelnflussen. Gemiiss vcrlAufiger Spezlfikation ist vor-

gesehen, je 4 bzw. 3 Motoren auf einen gemeinsamen Transfonnator zu schalten und die

Motoren direkt anlaufen zu lassen. Hit der Eigenreaktanz des Motors von maxio-^l

19 % und der anteillgen Reaktanz des gemeinsamen Transformators von ca. 3 % ergibt

100
sich eine Gesamtreaktanz von ca. 22 % und ein Aulaufstrom von ~^ = 4,5 I^. Dies
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entspricht TUr den 80' 000 HP-Motor einer Anlaufscheinleistung im Kfctz von 270 CTA

und bei 4000 HVA Kurzschlusslelstun^ des Netzea einem Spannungsabfall von 6,73 %•

Die gewUnschte Crenze von 5 % 16s3t sich also mit dieser Schallun/; nicht einhallen.

Zum mindestens miisste eine Drosselspule vorgesehen werden, die gegen iinde des Hoch-

laufa kurzgeschlosaen wird. Sie wUre so zu bemessen, dass sie den Einschaltstrom

auf das 3,53-fache und dami t die Einschaltleistung Huf 200 MVA begrenzt. Bei Anord-

nung der niJtigen Trenner wurde Tiir jede Gruppe von 4 bzw. 3 Hotoren eine Drosselspul

genUgen. Bei der 46' 000 UP-Variante kann sie wegfallen.

Neben der vorgeschlagenen Schaltung sollten auch noch andere Losungen grundlich stu-

diert werden. Wenn z.B. jeder Motor mit einem eigenen Transformator in Blockschal-

tung verbunden wiirde, so wgren im Falle der Variants 1 (80'000 HP) 17 Trafos S

62 MVA anatatt 5 & 250 MVA erforderlich; dabei wurde in jedeo Fall 1 kompletle tin-

heit als Reserve angenommen . Pax die Trafos allein ware diese Losun/j zweifellos

teurer. f\ir die Oesantanlage oieht es aber vielleicht andera aus; denn das ganze

Sammelschienen-Systera nebst Trennmessem, das bei Gruppenschaltung nbtig ist, kann

bei Blockschaltung fortfallen. Auch eine Drooselspule wird dann uberfliissig, well

die Gesamtreaktanz (Motor 19 ^ Trafo 11 %) genugt, um die Anlaufleistun^ auf

200 MVA zu begrenzen. Als weiterer Vorteil dieser Ldsung darf gelten, doss bei einen

Defekt an einem Trafo nur ein einziger Kotor ausfallt und nicht deren drei oder vier.

4. Weitere Anlaufprobleme

Fur den Motor selbst ware der Anlauf an voller Spannung ohne weitere:^ zulassig. Die

Wickelkbpfe der Statorwicklung kbnnten genUgend stark abgestutzt werden, um oelbst

den 4,5-fachen Strom einmal pro Tag auszuhalten, ohne sich zu deforuueren. Ob die

Lebensdauer der Statorwicklung durch die auftretenden mechanischen Beanspruchungen

uberhaupt merklich herabgesetzt wird, Ifisst sich schwer abschatzenj zahlerjiassige

Angaben darUber sind jedenfalls nicht moglich. Wohl aber ist damit zu rechnen, dass

die Bandagen schneller als sonst locker werden. DemgemUss mlissten die periodischen

Revisionen in um so kurzeren Zeitintervallen vorgenommen werden, je grosser die beim

Einschalten auftretenden Stromatosae sind; dies hangt wiederum von der gewahlten

Schaltung ab.

Tharmiach wird die Statorwicklung durch die Ueberatrbme beim Hochlauf nicht nennens-

wert beanaprucht; die Temperatur-Erhbhung hat die Grbssenordnung von etwa 20 C.
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Das Synchronisieren des Motors gegen ein Pumpannooent von marl awl 62 % ist auch

bei massiven Polen ohne Schwierigkelt moglich, warm im Pclradkreis der Maachine

ein Anlasswlderstand paasender CrOsse vorgeaehen wird.

Zusanmenfassung

Folgende drei Featstellungen bilden die Schlusafolgerungen aua dam Caaagten:

- Die allgeneina Konatruktion der Maachine bietat keine groaaen Schwierigkaiten.

- Kasalva Pole sind unerlaaslich.

- Blockacbaltung Kotor-Tranaformator wird dringend enpfohlen.

>C/^.
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EXHIBIT 5

Translation

(letter of Ilaschinenfabrik Oerlikon, Zurich) January 21, 1965

Motor-Colunbus AG
fur elektrische Unternehmuneen

5401 li a d e n

Project Tehachapi USA
Synchronous tiotors as Pump drive

Referring to your letter of December 8, 196t, and to the discus-

sions held v;ith your Messrs. iiartmann, Leupin, and V'eber we are

enclosing herewitl; a write-up dealing with the Questions raised

by you.

You declared your willingness to translate this write-up into

English. We should be very grateful if you v.'ould send us a copie

of your translation.

We hope that the contents of our write-up corresponds to your ex-

pectations and should be rlad if the project develops in the direc-

tion expected.

We remain,

Very truly yours,

HASCHI;JE.'FADKIK OilRLIKOr

End .

:

Write-up
(in duplicate)
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EXHIBIT 5

Translation

Re: Tehachari Kfl/S/sch
Synchronous Motors for Pumps 11.1.196S

1 , General_reir.arks_concerning_construction

The considered synchronous motors of 80,000 and 70,000 KP respec-

tively, at 600 rpii., 60 cps, are li.otcrs which show at rated speed

the high circumferential velocity of anprox. 90 m/s. Nevertheless,

compared with hydro-power fenerators of siirilar size, the mecha-

nical stresses do not reach extreme values, because the run-away

speed only ar^ounts to l^O % of the rated speed, resulting in a

circumferential velocity of anprox. 125 m/s. V/ith the constructions

used nowadays and the steel rualities which are available since

some years, serious problems concerning the pole fixation and the

desipn of the rotor body arise only at circumferential velocities

of rore than 160 m/s. Because of the deriving mechanical stresses

it may then become necessary to r-anufacture the pole bodies in

solid forced or cast steel. This, however, is not the case here;

with regard to the stresses, the desi<Tninp engineer is free to

make the poles either solid or laminated. Of course, this is all

the more valid for the motors according to alternative 3, which

have an output of 46,000 KP at Sm rpm.

The general structure of the motors would not much differ from the

numerous vertical hydro-'7enerators in o^^eration. The machines can

be placed above the floor or sunk; this depends on the structural

general arrcnger.cnt, especially concernine the hydraulical part

of the station.
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The air coolers are arranfed on tlie circur.ference of the stator

frar.t. It is recommended to allow a cooling air temperature of

US C because cf the rather high coolino water temperature of

87 F = 30.5 °C, so that the coolers do not get uneccnomically

big. The copper temperature would then reach maxinun 45 + 60 =

105 °C; this value is still 15 °C lo\;er than the tem.perature of

120 C, w]iich is withstood by an>' windini? isolated according to

class B, without shcrteninp. the lifetime.

As provided in the preliminary specification, it would be favour-

able to stipulate 1.0 pov;er factor. This results in a machine

with the smallest apparent power, and, conseouently, lowest price

and best efficiency. The latter amounts to anprox. 98.5 %.

Accordinr^ to our experience, the 80,000 KP-motor can be laid out

for the reauired temperature rise of 60 °C vdth a CD of 230 t m2*;

for the two othei' alternatives the value is som.ewhat lower. Of

2course, a sr.aller i^D facilitates the startmf as the quantity

of heat, due to acceleration, retrcprades proportionally.

2. Starting heat and Pole_dcsi2n

Starting is tfie only really difficult problem, with synchronous

motors of this size. This is true even with the pum.p being de-

watered during startinf; and, conseouently, dovelopinp only a

negligible sm.all reactive torcue, because tlie problem is not how

to reach the necessary starting toroue, but how to absorb the

heat developing in the rotor during starting without damaging any

part thereof.

*) Gd2 (tm2) ^ 1

WR2 (lb.ft2) 6

199



The quantity of heat C venerated in the rotor by accelerating

the flywheel mass only, withcut any outside reactive torque,

is as big as the kinetic energy of the- rotor at full speed.

Therefore:-

= M X (
^^

)2 x-^ Kcal

For the 80,000 KP-F.otor (total GD^ = 230 + 32 = 262 tm^):-

If the motor is equipped with lardnated roles and amortisseur

winding, as usually done for p.otors with lower output, about 80 %

of the above tentioned heat, i.e. 24,800 Kcal would have to be

absorbed by the amortisseur winding; the rest is divided on the

pole coils and starting resistor, A thorough investigation shows

that according to available space only UOOO itiri2 amortisseur rod

sectional area can be placed in one pcle shoe. The length of the

rod is about 1.80 m. If bronze is chosen ( = 8.8) and if an

additional wei'^ht of 25 % for the frontal connections is assumed,

the wei'=;ht of the amortisseur winding will be

1.25 X 12 X 4000 X 1.8 x 8.8 x lO'^ = 950 k?

Hence, with a specific heat of 0.09 Kcal/kp °C an overtemperature

of the 2unortisseur winding results in

„^:*800 ._ 2qo oc
950x0.09

When starting under full voltaco, the starting time up to nearly

full speed woulc be onlv about 6 - 10 s, without sn reactive

torque of the pump. Durinr this short period, no serious heat

transfer to the steel of the pcle body can take place. On the

other hand the starting time as well az the generated heat ouantity
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are increased if the motor has not cnlv to accelerate its fly-

wheel mass, but ^Iso to overcor.e ? reactive torque of the pump.

This is the case here. The total temperature rise v;ill, there-

fore, reach at least 400 °C. Subseouently , there will be a thermal

expansion of 15 rjn, whereby the lieating, and consequently the

expansion of the inc'ividual rods show considerable differences.

Furthermore, the strength of bronze even of good Quality will

be considerablv reduces at such hip,h temperatures. It is obvious

that it is practically impossible to desipn a reliable amortisseur

winding for such operating conc'itions. Concerninpr the motors of

alternative 3, the operating conditions are somev;hat more favour-

able; but also in this case temperatures between 3 50 and 400 °C

must be expected. Therefore, one cannot take the responsibility

to equip the motors with laminated poles and amortisseur windings

for either alternative taken into consideration for the actual

project.

With solid poles, however, the heat spreads very fast across a

larger area, although it is developed only in a relatively thin

surface layer of the pole shoe. If the thickness of same is

estimated to be only 20 mjn, there will be e temperature rise of

approx. 130 "^C. This does not raise any problems in the solid

pole body. Therefore, the only reliable solution for self-starting

synchronous motors of this size is the desifn with solid poles

of cast steel or forged steel.

The calculation of the starting process of motors with solid

poles is more difficult and the results are less reliable than

with m.otors with amortisseur winding. Therefore, it is very impor-

tant that the European, especially the Swiss industry has made

numerous measurement on already existinp units in order to control

the calculation, thus disposing of a broad experience. This en-

ables the leadinc manufacturers to design synchronous motors of

this size also with solid poles in such a way, that an optimum

in reached also concerning the starting characteristics.
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3. Switching

Starting can be considerably influenced by the layout of the elec-

trical part of the whole station. According to the preliminary

specification, it is -rovided to connect 3 or t motors to one

common transformer and to start the 'lotors under full voltage.

Self reactance of the motor of ir.ax. 19 % and correnpondinp reactance

of the com.r'on transformer of approx. 3 % result in a total reactance

of approx. 22 % and an inrush current of —s-^ = U . 5 I^,. Concerning

the 80,000 hP-mctor this corresponds to a starting apparent power

of 270 MVA and with 4000 HVA short-circuit power of the system

to a voltage drop of 6.7 5 %. This arrangement does not allow to

restrict the voltage drop to the reauired liirit of 5 %. At least

an impedance coil should be provided which will be short-circuited

at the end of starting. This impedance coil would have to be laid

out in such a way, that it limits the inrush current to the

3.33 Ij, and, conseouently , th'; starting power to 200 MVA. \Ihen

providing the necessary breakers, one impedance coil would be

sufficient for each group of 4 or 3 motors. At the alternative

of 46,000 HP it can be omitted.

Apart from the suggested arrangement, also other solutions should

be studied thoroughly. If, e.g. every motor would be connected to

its own transformer (block arrangement) it would be necessary to

have 17 transformers a 62 HVA instead of 5 a 250 MVA for alterna-

tive 1 (80,000 HP); hereby always taken into consideration one

complete transformer is meant to be a spare. No doubt, this solu-

tion would become more expensive for the transformers alone.

It may, however, be different if one takes the whole conception

into consideration, because the complete busbar-system including

disconnecting svjitches necessary for group arrangement can be

omitted when using block arraneeir.ent . Even an impedance coil be-

comes superfluous, because in order to limit the starting pov;er

to 200 MVA a total reactance (motor IS % + transformer 11 %) is
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quite sufficient. Another advantage of this solution is the fact,

that in case of a transformer failure only one motor fails and

not three or four.

4. Further starting problems

For the motor itself a startinp at full voltage would be permittable.

The end turns of the stator windinp could be braced in a way to

withstand even an inrush current of U.5 Ij^ once per day without

deforming. VThether the lifetime of the stator windinp will be

considerably reduced by the mechanical stresses is very difficult

to say; in any case, it is impossible to give infornation in

figures. However, it must be expected that the bracings become

loose in a shorter time than normally experienced. Therefore,

with higher inrush current, the periodical overhauls would have

to be carried out in shorter time intervals. This again depends

on the switching arrangement chosen.

There is no considerable thermal stress on the stator winding by

overcurrents during starting; the temperature rise is about 20 °C.

Also synchronizing of the m.otor against a pump torque of maximum

62 % is possible with solid poles without any difficulty, if a

resistor of a matching size is provided in the rotor field cir-

cuit of the machine.
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5. Conclusions

The conclusions of the above nentioned are as follows :-

- The general design of the
motors does not raise any major
problems.

- Solid poles are indispensable.

- Block arrangement motor - trans-
former is strongly recomraended.

signed: Seefeld

Februar" 11, 1965
MC - S-Hm/2-Lp/bch
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T«iin40**« <o*i> M«TM
T«L«1 »ai30

000« A. •. C. •• CO'TlON

watacNTB ar OHtoucs poitaui l- m
•ANOUI NATIONAia tUIStl NO XUV
e*H potTAki steHiRON. ocnCvc ai

••ostMr* Me 3T0.O3«

I
AM TIUM tLICTRlCITt

I

Projet Tehachapl USA
Moteurs synchrones pour
1 'entralnement de pompes

Ja£N.£v£ ^ 13 juH|^4 C!i "Ib'65"
I

M0'im-j:0_LyMBU5-_ ^i:_i^^-

AG fur elektrlsche
Unternehnmngen

5401 Baden

v«wi«t: S-Hm/btt voMiMB.*, 8.12.1964 Nou rtMrMCt DP/Gl/dh
A rap(Ml«< dan* voir* r4poAW ft. v. p.

Messieurs,

Nous avons bien re9U votre lettre du 8 decembre
1964 qui a retenu notre mellleure attention. Malheureuse-
ment, k cause de la longue fermeture de notre usine pour
les fetes de fin d'annee, 11 ne nous a pas ete possible
de vous repondre plus rapldement.

Tout en vous prlant de blen vouloir nous en
excuser, nous avons malntenant I'avantage de pouvolr
repondre, dans le meme ordre que vous avez adopte, aux
dl verses questions contenues dans votre lettre.

1. La construction de moteurs de 80 '000 ch k 600 t/mn
et 40 % de survitesse ne presente aucune dlfficulte
partlcull^re. La roue polalre conslste en un moyeu
central en acler coule sur lequel vlennent se fixer
2 deml-arbres avec plateaux de fixation. La jante
rotorlque est constituee par des anneaux en acier
forge frettes sur le moyeu. Les poles peuvent etre du
type feulllete avec amortisseurs pour demarrage ados-
s^ k frequence variable, ou massifs avec connexions
entre poles pour demarrage en asynchrone k tension
r^dulte ou demarrage k frequence variable.

Annex*

:

Jusqu'Ji present, les gros moteurs synchrones batls par
notre societe sont pr^vus pour demarrage a roue noyee:
couple de demarrage Cd a 1 'enclenchement env. 15 yt_

C(j5 avant synchronisation 55 ^ (60 ^ seralt ^galement
possible si n^cessalre).

Nous recommandons 1 'usage des poles massifs avec con-
nexions entre poles comme la solution la plus robuste
pour ce genre de service.

^oraL 47 • t. a aoooo
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S.A. OeS ATEUERS OE SCCHERON « MOTOR-COLUMBUS *• 13.1.1963
Baden

4.-5. Pour de telles puissances, le d^marrage direct sous
plelne tension est exclu du fait des repercussions
sur le r^seau (l^ env. f> k 6 x !„, cosphlj env. 0,2)
et dco contraintes ^lectrodynamlques rep^tees sur
Ic:: a^veloppantes.

6. D^marrage k tension r^dulte par autotransformateur
k gradlns et ^Inserateur de prists) ou d^raarrage dos

k dos k frequence variable avec groupe de lancement
unique pour toute la centrale (puissance env. 1/10

k 1/6 de la puissance apparente des groupes prlncl-
paux) ou utilisation de I'un des groupes princlpaux Si

Ics groupes sont rdversibles, la puissance dlsponlble
en pompage <Stant alors Inf^rleure d'un groupe k la

puissance en turblnage.

Nous esp6rons alnsl vous avoir rendu service et res tons a
votre disposition pour tout r«nselgnenient complementalre qui
pourralt encore vous etre utile.

Nous vous prions d'agr^er. Messieurs, nos salutations di-
stingu^es.

S.A. DES ATELIERS DE SECHERON

|,'>^ Art^'^^^-^^A
j

Faro. 4» «•< 10 000
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EXHIBIT 7

Ateliers de Secheron SA
Geneve latter of January 13, 196S

Translation

MOTOR-COLUMBUS

AG fiir elektrische Unternehmungen

Si+Ol Baden

Project Tehachapi USA
Synchronous tiotors as Pump drive

Gentlemen:

Thank you for your letter of December 13, 196S. Our answer has

been delayed because our works were closed during the end of year's

holidays. Please excuse us.

The answers to your questions are Dresented in the same order

as that used in your letter.

1. The construction of 80,000 HP at 600 rpm and 40 % oversoeed

motors presents no particular difficulties. The pole wheel

consists of a cast steel core to which two half shafts with

fixation end plates are attached. The rotor's outside rim

is made of forged steel rinps shrunk on the core. The poles

can be laminated with amortisseur windinp.s for back to back

synchronous starting, or solid with interconnections from
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pole to pole for asynchronous starting with reduced voltage

or back to back synchronous starting.

2. Up to now, the large synchronous motors built by our company

are foreseen for starting with the pumps filled with water:

break-away torque C^ approx. 15 %, pull-in torque C^jg 55 %

(60 % would be Dossible, if necessary).

3. V^e recommend the use of solid poles with pole to pole inter-

connection as the most rigid solution for this type of appli-

cation.

U/S.For this range of power , full voltage starting is impossible

because of reactions on the grid (inrush current Z^ is approx.

equal 5 to 6 times the rated current I^, starting power factor

approx. 0.2) and because of repeated electrodynamic stresses

on the end turns of the stator winding.

6. (Possible starting methods are:-)

Reduced voltage starting with stepping autotransformer, or

back to back synchronous starting with a single starting group

for the v;hole plant (power approx. 1/10 to 1/6 of the apparent

power of the main units) or the use of one of the main units,

if these are reversible, however, the available pumping capa-

city is then reduced by one unit compared with the possible

turbine capacity.

We hope that our answer will be of good use to you, and we remain

at your disposal for any additional questions.

Very truly yours,

SA UES ATELIERS DE SECHERON

* Insert of translator
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State of CaliTor:- i.i

Tel'.acl api Puinpinr -Idnt
riot or- Columbus
Uadnn/Swi t/^rlaid

COMPAPISO:; OF STAHTTfjn HLTKODS

I'u.Ti.'^ fiiled ?ump d^watercd

c: n c d V If s ; Advantat-OE ;

usual nethod
hvaraul ically simple

Disadvantao

hiph reactive punp torque
(SO - 60 1 rated torque at
pull-in)

- low reactive pump torque
(? - S t) at pull-in

- wpll establisiied netliod with
two-stjf^e, double-flow and
sinple-sta^e pumps

Diftadvantaffcs:

- novel method for four-stage
pumps, feasibility to be in-
vestigated further

- hydraulically complicated,
more complicated controls

- Inwer pump efficiency due to
larp.er wear rin(^ clearances

2. lair r.otor
sriirtinp

?.l full vol-
Advantapes

:

Advant^nes:

electrically sirple and
cheap

Disadvanta(>es :

problems with stator windinp.
due to hi^f"' inrush current
problems with hoatinp of
amortisseur winding, if such
is used
volta^'',e drop on network

- electrically simple and cheap

Disadvantages^

- problems with stator windinp
due to hiph inrush current

- problems with lieatinp of amor-
tisseur winding-, if such is
used, are reduced, but still
serious

- volta[;:e drop en network

2.2 reduced
voltage

Advantares

:

reduced inrush current , ad-
vantageous for stator windinp
and network voltape drop

Disadvantapcs

:

more complicated and expensive
switchgear
problems with heatinp of amor-
tisseur windinp,, if such is

used

Advantages

:

- reduced inru3h current, advantapeous
for stator winding and network vol-
tage drop

Disadvantat^es

:

- more complicated and expensive switch-
gear

- problems with heating of amortisssur
windinp, if such is used, are re-

duced, but still serious

Starting Technically and economically
pony motor unfeasible because of pony
on main unit motor power SO - 60 % of main
shaft motor rating

Advantages:

well established method
pony motor approx. 10 % of
main unit power
main motor starting problems
eliminated

Disadvantat^es:

- additional cost and complica-
tion

- additional length of unit may
require additional bearina

- permanent windage losses of
nony motor
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(continued)

A.Pump filled with water Pump dewatered

.' • .irr in? Pelton
lurMne on msin
unit fir.aft

Technically and economically
unfeasiblft because of starting
turbine power 50 - 50 ° of
nain motor ratinn

- n.ain moCor startinp, problems
t. li;iiii':a ^^C

Disadvantapos

:

- additional cost and complica-
tion

- additional If^npth of unit
- possibly additional bearing
- rer"i("in'"r.t uindape loss of

'.tarti nr turtinr:

Torque con-
verter bet-
ween pump
and motor

Advantages :

Rtartin? conditions as listed
under A *pu.T.p filled -:ith wster'
are transformed to those listed
unaer li ' runir dev.atered

'

Disadvar.tarer

:

additional cost and conplicntion
additional lenrth of unit
increased buildinp heipht
additional purp thrust bearing
nerir.anent .^indare losses of
torque cor.vprler

redundant

6. Synchro-
nous
Startinp

6,1 with main
pump-motor
unit used
as turbine
-generator
starting unit

.idvjntares:

eliminates main notor starting
problems

Advant.if^''! and Disadvantages:

- same as under 6.1. A, but
ample power available

Di sadvantaf es

:

one add it ional unit required
additional 3-phase startinp bus
and switching system required
separate exitation system required
for starting
complicated and time-consuminp
operation
ti^rbine output possibly not suf-
ficient to develop £0 I pull-in
torque

6,2 with special Advantages
turbine-gene-
rator start- . ,problems
ing unit

eliminates main notor starting

Disadvantages

:

rating of startinj: unit SO - 60 %

of nain unit power
two such starting units required,
one -IS spfire

additional 3-phase starting bus
and switching system required
separate exitation system required
for startinp
complicated and time-consuming
operation

Advantages and Disadvantages:

- same as under 6. 2. A, but
rating of starting unit re-
duced to approx. 10 % of
main unit

6.3 with spe-
cial motor
-generator
starting
unit

Advantages^

eliminates nain motor starting
problems

Disadvantages

:

technical feasibility to bo
investigated
rating of ct'irtinp unit SO - 60 1

of main unit power
two of such startinp units re-
quired , one as spare
separate exitation system required
for starting-
complicated and time-consumir.p.
operation

Advantages and Disadvantages^

- same as 6. 3. A, but rating of
starting unit reduced to
approx. 10 % of main unit

January 21, 1965
S - Hm/bch

EXHIBIT
f
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CHAPTER 5

VALVE STUDY

A. PURPOSE AND SCOPE

The purpose of the valve study is to develop a better understanding of

valve problems and possible solutions to these problems as they relate to

Tehachapi design parameters. The study will result in outlines of common
valve types and their operating characteristics. It will present analyses of

various design alternates with their relative merits. Field experience with
operation and maintenance of valves will be described and cost-weight rela-
tionships tabulated. All of this information will be used to develop specific
valve requirements for Tehachapi pumping applications and to fairly delineate
the advantages and disadvantages of valve types which fit these requirements.

The scope of the valve study will include investigations in all fields

directly associated with the results mentioned above. Valve operations and
applications, valve design and maintenance and valve costs and weights will

comprise a major portion of the scope of work. Valve manufacturers will

be interviewed and brochures and drawings procured to form a study base.
With regard to design and operation, the problems of starting and transient
conditions will be researched in the literature and on field trips to hydraulic
plants of interest. Field trips and manufacturing plants will provide opera-
tion and maintenance data from which valve and operator reliability may be
estimated.

B. CRITERIA

The criteria on which the valve study will be based are those which must
be met in the functions of the three Tehachapi lift concepts. Operating
stresses are probably the most important consideration and these are directly
related to operating head and pump discharge diameter. Turbining and water
hammer conditions in each lift concept will dictate timing of the valve open-
ing and closing functions and place restraints on operator mechanisms. A
virtually continuous mode of operation at Tehachapi will influence valve
selection in that simplicity of design and ease of access for maintenance
must be considered for overall pumping reliability. Finally, a constant
effort must be made to balance technical effectiveness with budget considera-
tions both in initial costs of valves and support structures and in annual expen-
ditures for repair and replacement.
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C. VALVE FUNCTIONS AND TYPES

The valve functions are mainly those of isolation for purposes of stopping'

water backflow or de -watering for maintenance work. The pump inlet valve

is used to isolate the pump from the intake pool or from the inlet pipe which

feeds it and adjacent pumps at intermediate lift points. Discharge valves

may isolate the pump from water in the penstock or may isolate one penstock:

from the water flowing in another. Any two valves in line may be used to

isolate a part of the pumping system for de-watering.

The types of valves applicable to most pumping plant isolation functions

are sliding gates, sluice valves, butter Qy valves , needle valves, and rotary

valves. The construction and operation of these valves will be discussed in

the paragraphs below, together with brief mentions of their associated equip-

ment.

The sliding gate is quite simply what its name implies. It is a square
or rectangular, large metal plate which normally is used to separate water
in the pump draft tube from that in the pumping pool. It is inserted in a

guide slot built into the wall of the forebay adjacent to the pumping plant. It

may also be installed in a concrete blockhouse at the top of a lift to isolate

water in a penstock from that in the surge or storage tanks. It is raised or

lowered in its guide slot by chain-and- sprocket hoists which are powered
electrically or hydraulically. It may also be lifted by crane hoist. Rollers
and counterweights generally facilitate movement. Stop logs are a laminated i

type of bulkhead similar to a slide gate which may be used as a temporary or

emergency closure.

Sluice valves are much like slide gates except that they form an integral

part of the piping and are, therefore, usually smaller than slide gates

because the valve disc must be housed inside the valve casing. The valve
disc is made to slide up and down by the valve shaft and a stuffing box is used
to obtain a water seal. The valves may be operated by oil or water pressure
or by motor

.

ButterQy valves are used extensively in pumping plant installations

where they are subjected to low and medium heads. They consist essentially
of circular discs which are rotated inside of hollow cylindrical housings.
The closed position places the disc face at right angles to the water Qow and
the open position is at 90° from this angle. The disc is supported on the

valve body by means of a valve shaft which penetrates the center of the disc.
When fully closed, the valve disc will come into a tight contact with the valve
body utilizing a rubber or metal seat ring for water-tightness along the peri-
phery of the disc.
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The needle valve is constructed with a spindle shaped interior hull inside

a circular streamlined valve body and the Qow is stopped or adjusted by mov-
ing the conical part of the valve body upstream and downstream. Hydraulic

,
forces acting on the needle are approximately balanced so that the force

j

required to move the needle through its entire travel can readily be provided

j
by mechanical operation. However, large seating forces required by this

type of operation makes it more economical to move the needle by internal

hydraulic chambers utilizing available head.

Rotary valves are widely used in medium and high head pumping plants

as a discharge valve. The rotary valves are of three types: cylindrical,

cone or spherical depending on the shape of the plug which is the rotating

part. Operation of the cylindrical type is probably easiest to describe since

the plug appears much like a segment of the tubing, being of the same inside

diameter. This segment of the piping then'may simply be turned at right

angles to the water flow and valve seats may be made to contact the plug to

seal it or withdrawn to allow movement. Plug seating surfaces at both ends
of the cylinder are placed equidistant from the center of rotation so that the

same seats are used in open or closed positions. Seats may be employed at

only one side of the valve or on both upstream and downstream sides with

one set being used in emergencies or to facilitate repair of the normal seats.

The cone type valve is very similar to the cylindrical type except that it has
a tapered shape to its plug walls to facilitate tight seating by a wedging action.

The plug in this case moves into contact with the seat rather than mating with

movable seats. The spherical valve is built so that a flat plug seating surface
is presented to the movable casing seats. Figure 5-1 shows details of a

typical spherical valve of the type appropriate for use in the pump discharge
lines.

D. DESIGN CONSIDERATIONS

Design considerations are mainly those of operating head, valve dia-

meter and ease of installation. The opinions given here on relative merits
of all valve types except the sliding gate are opinions offered by manufac-
turers.

Intake valves for all lift concept pumping pools are subject to low head
and must seal draft tubes of rather large diameter. The sliding gate is

commonly utilized in the pumping pool or wherever the sealing interfaces
allow easy installation. This includes the concrete surge tank structures at

intermediate lift points where penstocks and storage tanks may be isolated

by sliding gates.

In the case of intakes to the individual pumps at intermediate lift points
where no pool is afforded, butterfly, sluice or needle valves might be used.
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FIG. 5-1

TYPICAL LARGE SPHERICAL VALVE
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It is the opinion of a manufacturer of all three that "although water tightness

in the sluice valve is superior to the butterQy valves, they are large in size,

particularly in height. Extra care must be taken for overall arrangement
and installation, and their cost is higher. Another disadvantage to the sluice

valve is that the capacity of its servomotor is large and requires an oil

pressure system of particularly large capacity". The needle valve, accord-
ing to the same manufacturer, is "much larger, heavier and costlier than

butterfly or sluice valves. Its interior operating mechanism being perpe-
tually immersed in water, rust caused by impurities and slime often dis-

rupts the smooth action after operating for many years".

Discharge valves for the lift concepts must operate under heads ranging
from about 650 feet for the three-lift to about 1,950 feet for the single-lift.

The 650 feet head associated with the three-lift is approximately the upper
limit of head for which butterfly valves are generally selected according to a

manufacturer of all common types. The rotary valve, on the other hand, has
an applicable range of pressure which is usually from 150 to 3,000 feet and
over in water column. It is widely used with medium and high head water
turbines as an inlet valve and with pumps in the same pressure range as a

discharge valve.

A maker of cone type rotary valves states that they "have greater initial

shutoff than either gate or butterQy valves. Closing time can be closely
controlled". With regard to the relative merits of ball and cone rotary valves,
this manufacturer states that the ball valve "has slightly greater head loss
than cone valve", but also states that ."ball valves will give many of the advan-
tages of cone valves, and are less expensive". The statement continues,
"closure of ball valves is quick and easy, with an initial shutoff almost as
great as that found in cone valves".

1 A spherical valve manufacturer claimed the following advantages for

the spherical or ball valve over the cone:

1. Reliability

Of primary consideration is the ability of a valve to dependably
close, open or throttle as required, after extended periods of operation. One
cause of failure to function properly is brought about by abrasive material or
other foreign material which accumulates in the valve. The cone valve is

more susceptible to scoring of the seats and failure to properly seat due to

the conical wedging action of the plug which must be moved downward into a

j

cavity for an effective seal. This cavity is at the bottom of the valve and
I
susceptible to accumulation of foreign material. In addition, the lower bear-
ing trunnion is located at the bottomi of the valve making the hazard of foreign
material entering the bearing surfaces greater.
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The sphere valve is installed with the valve trunnion in the

horizontal plane reducing the hazard of foreign material entering the

bearing surfaces. When seating, the motion of the plug seat unto the body
seat is that of a wiping action which tends to clear the seat of foreign

material.

Simplicity of the actuator mechanism of the sphere valve favors
reliability in that only one direction of motion is required, whereas both

a rotary and downward motion must be imparted to the plug of a cone valve.

Z. Maintenance

The general construction of a cone valve consists of a one-piece
body, plug and head cover. The valve body is designed such that the plug

can be inserted through the top. The head cover seals the assembly port

for the plug and acts as the bearing for the plug trunnion. In order to fully

inspect the seating surfaces of the cone valve, the head cover and plug

mast be removed. The diameter of the head cover must be larger than the

normal diameter of the valve making dismantling time-consuming and
requiring of heavy lifting equipment.

The general construction of this sphere valve consists of two bod/
halves, a plug and two companion flanges. The companion flanges contain

the body seats. The valve seats can be fully inspected by removal of the

companion flange, which requires much less time and equipment than

removal of the head cover and plug of a cone valve.

The main bearings of a sphere valve, being in the horizontal

position, allow greater accessibility for replacennent of bearings.

3. Space and Weight

Due to the symmetrical configuration of the sphere valve, less

space is required. The cone valve must be provided with a large diameter
head cover which increases the face to face width and height dimensions
beyond those of a comparative sphere valve of this same nominal diameter.

Correspondingly, the total weight of the valve increases with the

size. In particular, the weight of a cone valve for high head application is

considerably greater than for a sphere valve.
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4. Special Features

A sphere valve can be equipped with movable body seats which
greatly increase the length of the seat's life by providing a controlled

seating pressure and eliminating rubbing action when the valve seats.

This is particularly advantageous when high pressures are involved as the

loading on the plug is high. Movable seats also provide for a take-up due
to normal seat wear and increases of bearing clearances.

When movable seats are provided on both the upstream and down-
stream side the downstream seat is used for normal operation. In the

event of a rupture of the downstream seat the upstream seat is available,

providing in a sense two valves in one.

The dual seat also provides the advantage of inspection, refur-

bishing or replacing the downstream seat without de-watering the line or

fully dismantling the valve.

5. Economy

Cone valves of certain size and pressure, where the quantity

demand is high, can be less costly than a sphere valve. This is because
the cone valve has fewer parts and the savings in labor offset the higher

costs for material. For non-standard or engineered valves the sphere

valve is more economical d ae to the syminetrical design and savings on

weight. These savings increase greatly as the size and pressure increase.

E. OPERATION AND MAINTENANCE :

A study of 113 generating plants operating for a one-year period

revealed that repair and inspection of intake and head gates amounted to

1. 6 percent of the total maintenance outage for the year. Surveys of

maintenance experience at large pumping plants throughout the United

States and Europe revealed that valves and gates are generally quite

trouble-free in comparison with pumps, motors, switchgear, and

bea rings.

Some galling and undue wear in the operating mechanisms for cone

type rotary discharge valves at Intake, Gene and Iron Mt. pumping plants
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was reported in 1942 after about two years of operation. A bronze face

was put on the rotators and they have since operated in a satisfactory

manner, A manufacturer of these type valves claims they have been in

service for thirty years without replacement of seats.

An American manufacturer recommending the double-seated sphere
pump discharge valve with movable body seats states that replacement or

repair of the upstream (pump side) seats can be accomplished without de-
watering the discharge pipe. This manufacturer reports that their

spherical valves have been highly dependable and trouble-free on high head
Francis and Pelton type turbines over the past ZO years. Another recom-
mendation is that the valve be equipped with an operator sequencing
mechanism to insure that body seats are open prior to plug rotation. The
only report of a field problem was due to improper operation and the

sequencing devices remedied this. This manufacturer also recommends
that the upstream and downstream seat rings be physically inspected

annually for wear and damage from foreign objects. The valve and opera-
tor mechanism should be lubricated monthly, depending upon usage, as a

minimum.

The following spare parts inventory should be kept on hand for pump
discharge valve maintenance:

1. Upstream movable stainless steel type 316 seat rings with seals

(approximately 1 per 2 valves).

2. Trunnion shaft bearing set of bronze sleeves and bushings
(approximately 1 set per 2 valves).

3. Square plaited braid flax or asbestos lubricated with graphite
packing for trunnions (approximately 1 set per 2 valves).

4. Packing for operating cylinder (approximately 1 set per 2 valves),

5. Gaskets for erection coupling (approximately 1 set per valve).

6. Gaskets for downstream companion flange (approxinnately 1 set

per valve.

7. Spare oil pump for hydraulic system.
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8. Spare bearings for oil pump.

9. Spare bearings for air compressor.

10. Spare drive belts for air compressor.

11. Spare automatic sequencing unit for hydraulic system.

A European manufacturer specializing in design and manufacturing of

shut-off valves reports that their double seated spherical valve is so

designed that all parts of the valve which are subject to wear, may be
overhauled while the discharge line is under pressure. These parts in-

clude service seats, packings of the hydraulic drive and trunnions, control

units, and by-pass assemblies.

One American manufacturer has designed a double- seated spherical

valve in which the seats are energized by penstock water pressure
instead of oil pressure which is used to operate the movable seats on the

valves discussed previously. Stainless steel seat rings are constructed

with bolted-in retainer segments which may be removed from inside the

pump discharge line leading to the valve to replace a one-piece urethane

sealing member. This seal replacement may be done with 1100 psi

differential across the emergency seat. This valve design is notable in

that it is not necessary to disconnect the pipe between the pump and the

valve in order to replace the "normal seat" seal. The emergency seat

could be supplied with either internally- replaceable parts or non-replace-

able seats.

The sphere (plug) may be coated at the seat contact surfaces with a

hard metal facing of a corrosion resistant material to provide greater life,

and further coated with a baked-on pdytetrafluoroethylene to provide

corrosion resistance and a lower coefficient of friction on the rubbing

surfaces.

Trunnion stem seal replacement is accomplished by removing the

operating mechanism stem lever to gain access to a bolted plate over the

stem and removing a one-piece seal ring containing grooves for a dynamic
seal and a static seal of Buna-N rubber. This is performed with the

valve closed and the "emergency seat" energized. The "emergency seat"

is energized by closing two by-pass valves and opening a drain valve.

Normal seat seal replacement requires dewatering the line between
the valve and pump, removal of locking segments. Seal retaining segments
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can then be retracted, permitting good access to the mechanically locked-

in urethane seal insert.

Valve operator lubrication fittings would be provided at all pin joints

on the cylinder and torque arm assembly. The rod packing on the cylinder

is contained in a cartridge which simplifies repacking if it should become
necessary. The hydraulic power package and accumulator should be

regularly inspected to see that the filters and strainers are clean, oil

level is adequate, and that all valves including relief valves are in proper

adjustment and working order.

The pump inlet butterfly valves for the upper plants of the two-lift

and three-lift concepts can have either rubber or metal seats. One Amer-
ican manufacturer states that a rubber seated valve would have the

lowest initial first cost. They recommend, however, that one field re-

placement of a rubber seat would pay for the additional first costs of a

metal seated valve. They propose to make the body and seat rings of

cast bronze.

Another American manufacturer states that their construction

experience with high pressure butterfly valves dates back to year 1910.

Their design is based upon conservative factors of safety and safe work-
ing stresses to guard against damaging deflections and fatigue strain.

Still another American manufacturer suggests a hard-rubber seat

ring opposite the valve disc seal ring. They also recommend cast body
sections, stating that the seals would not be effective if light fabricated

sections are used.

A European valve manufacturer has an inflatable rubber hose packing

which is fixed to the valve body with stainless steel sections. Leakage
losses with this type of seal are no longer influenced by the deformation of

the disc and are practically negligible. The specially profiled hose can
be replaced without dismantling either the valve or the operating mechan-
ism. In the closed position of the disc, the rubber hose is inflated by
air pressure of six (6) atmospheres pressing it against the disc circum-
ference. A filler ring inside the hose prevents the hose from collapsing

under the valve service pressure.
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Opening and closing time for the pump discharge valves must take

into account the effects of water hammer. The first 80% of valve closure

restricts the flow through the valve much less than 80%, because the pump
pressure increases with decreased flow to provide the pressure drop

required to move the slightly reduced flow through the partically closed

valve. The pump characteristic curves, when available, can be used to

establish a precise relationship. The decrease in velocity of fluid flowing

in a line sets up a pressure wave that travels at the speed of sound through

the fluid. The change in velocity of fluid flow while the initial pressure

wave is propagated outward and is reflected back from the valve to the

inlet or open end of the discharge pipe. For the single-lift concept with

a penstock approximately 8250 feet long, the shock will travel from the

valve to the top of the lift and return in approximately 3. 5 seconds.

Shutoff is equivalent to instantaneous when the time of closure does not

exceed that required for the wave to travel from the valve to the extreme
end of the penstock and back to the valve. Permissible velocity change

for Z5% surge, based on normal pumping velocity in the penstock of

12. 4 ft. /sec. is approximately 3. 4 feet/sec. The deceleration is

therefore 3. 4 ft./sec. in 3. 5 seconds or 0. 97 ft. /sec. The most rapid

valve closure time for stopping the flow from 12.4 ft/sec. is 13 seconds

for a 25% maximum surge pressure. Shorter closure periods would

produce greater surge pressures. This pressure would be produced if

all valves closed simulataneously.

The shortest permissible closure time of 1 3 seconds for the single-

lift concept would require constant deceleration of water flow which means
rapid valve closure initially and decreasing rate of closure as the closed

position is approached. Rapid closure of the valve to 20% port opening

can fall within a 10 to 20 second period and be acceptable from the stand-

point of water hammer. Closing the port opening the final 20% is even

more effective in decelerating the flow of water than the first 80% of

opening and, hence, a source of water hammer. Closing the last 20%
in approximately 20 seconds should hold water hammer to within

reasonable limits and adjustment of fronn 20 to 40 seconds for the last

20% of port opening provides the capability for fairly rapid but safe

closure speeds.

The two lift and three-lift concepts contemplated have shorter

penstocks between pump stations and from the upper pump station to the

top of the lift. The discharge pressures are lower and 25% overpressure
is less for the multi-lift concepts. The net effect is that required

closure times are essentially the same for all lifts.
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F. COST - WEIGHT RELATIONSHIPS :

The cost of spherical shutoff valves provided by potential suppliers

of the valves are shown in the following Table for each of the lift concepts

studied. Development costs and total cost of valves for the completed

pumping plant or plants is shown. The development cost will be applied

to the first order where construction is performed in stages:

TABLE 5-1 - VALVE COSTS AND WEIGHTS:

One-lift Pump Discharge Valves - Rotary

Diam
Inches

48

52

5 I. D.

I. D.

Cost

$160, 000

180, 000

16 Valves

$2, 560, 000

2, 880, 000

Total Cost

Development Discharge

Cost Valves

$40, 000

40, 000

$2,600, 000

2, 920, 000

Weight
per

Valve

125, 000 lb.

150, 000

Two-lift Pump Discharge Valves Rotary

63 I. D.

66 I. D.

$180, 000

200, 000

18 Valves

$3, 240, 000

3,600, 000

$40, 000

40, 000

$3, 280, 000

3,640, 000

125, 000 lb.

150, 000

Three -lift Pump Discharge Valves - Rotary

60 I. D.

63 I. D.

$150, 000

170, 000

27 Valves

$4, 050, 000

4, 590, 000

$40, 000

40, 000

Multi-lift Inlet Valves - Butterfly

102 O. D. $ 60, 000

"Development Two-lift

Cost 9 Valves

$40, 000 $580, 000

$4, 090, 000

4,630, 000

Three-lift

18 Valves

$1, 120, 000

120, 000 lb.

135, 000

Weight per
Valve

40, 000 lb.
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CHAPTER 6

HYDRAULIC TRANSIENTS STUDY

A. PURPOSE AND SCOPE

The successful operation of a pumping plant can be insured only by taking

due consideration of transient conditions. The planned starting and shut-

down of pumps must be correctly controlled and proper provision must
be made for conditions of power failure, emergency pump shut-down,

etc. The behavior of the pump, drive motor, and discharge valve are

the essential features of transient operation and they nnust perform in

proper relation to the conditions imposed by the penstock, surge tanks,

etc. Study of hydraulic transients is an essential part of pump selection

and is part of the DMJM research study for Tehachapi pumps.

The current study is intended to give sufficient comparative information

about the lift concepts to aid in that choice. A final study will be made
when a particular lift concept is selected. In anticipation of final studies,

model test firnns are to perform three-quadrant pump testing, thrust

tests, and vibration tests as a part of their programs. For the prelim-
inary hydraulic transient study, estimates of pump performance and
physical information about prototype pumps was sought. It was expected

that S. Logan Kerr, DMJM consultant and recognized expert in water
hammer problems, would perform preliminary computations. However,
it was learned that preliminary calculations had been made by State engi-

neers as part of their systems studies and these calculations were re-

ported in Section M-6 of the Department's September 1964 report,

"Preliminary Report of Technical and Economic Feasibility of Single-

Lift, Two-Lift and Three-Lift Systems; Tehachapi Pumping Plant. " As
a consequence, Mr. Kerr was asked to simply review the water hammer
studies performed by the Department of Water Resources. It is to be

noted that his work concurs with that of the State and no further studies

will be made until the lift concept has been chosen. Mr. Kerr's com-
nnents follow:

1. In order to evaluate Appendix M-6, "Water Hammer and
Surge Studies, " I selected the single-lift proposal and
carried out a graphical analysis using the Bergeron pro-

cedures. Prints of the various diagrams utilized are:
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SK 1442/1 - Surge study for single-lift alternative,

assuming that sufficient pumps were in operation

at the time of power failure.

SK 144Z/2 - Pressure time curve covering the ini-

tial down surge only.

SK 1442/3 - The velocity time curve in an equiva-

lent single conduit.

SK 1442/4 - The pump speed versus time imme-
diately following a power failure.

SK 1442/5 - The approximate profile and estimated

down surge gradient.

2. The maximum and minimum pressures, and in fact all of

the pressures, are shown in actual units of feet head of

water rather than the percentage of normal head as was
included in the (DWR) report and follows the practice of

Mr. Parmakian.

3. The results agree with a similar case in the DWR report

within the limits of reasonable accuracy. It is necessary,

however, to point out that the down surge gradients as

shown in the DWR report for all of the schemes and of the

case which we examined are dependent on having an ex-

tremely heavy flywheel effect not less than two million

pounds feet squared. If a lower value is used for the com-
bined motor and pump, the shape of the down surge gradient

will be altered substantially and may exceed the barometric
limit with a consequent parting and rejoining of the water
column.

On the sketches mentioned above that show the graphical

analysis for Case I (single- life) with a flywheel effect of

about two million, we have added data giving the estimated
conditions for an extremely low value of flywheel effect.
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On SK 1442/1 we showed the estimated down surge and up

surge if there was an extremely low value of flywheel

effect in the pump and motor.

We have extended this to the other diagrams and have esti-

mated that the rundown time would be on the order of 1. 55

seconds and the water column would come to rest in about

that time with a down-surge equal to 300 feet above the

suction level, or approximately elevation of 1539 feet. It

is also assumed that the check valve closure would be at

the point of zero flow. We did not attempt to incorporate

the reverse flow through the pump with the check valve open;

however, this could be calculated if we know the reverse

characteristics of the pumping units. We could estimate

them from information available on other installations or

tests, but for the present we felt that the demonstration

was sufficient as an approximation of the down-surge

gradient with a small flywheel effect.

On SK 1442/5 we have indicated an approximate down surge

gradient whereby the negative wave would travel undimin-

ished to approximately Station 77 or about 3500 feet from

the point of relief to the outlet of the pump discharge con-

duits. It should be noted that, utilizing the estimated pipe

line profile from DWR Drawing M6- 1, the conduits would

be under a vacuum from Station 67 to approximately

Station 90.

Similar characteristics of a less severe nature would

result from a similar analysis on the two-lift and three-

lift schemes. It is, therefore, highly desirable to secure

the results of the Model Tests with their complete reverse

flow characteristics before a decision is reached as to the

profile of the conduits.

In the two-lift and three-lift schemes the balancing tanks

are located at some distance from the discharge pipe line

which, in my opinion, can have an adverse effect on their

functioning. On several projects where I have been a con-

sultant we have utilized balancing tanks on a straight
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through basis and found that they functioned exactly as the

design required. There are many factors relating to balancing

tanks that affect their design in relation to any particular ap-

plication, and at this time I have not attempted to make an ex-

haustive study of their use at Tehachapi. I can advise, how-
ever, that on at least three major projects they have been
most successful, and have eliminated elaborate control sys-

tems and when placed in service have functioned without

difficulty, I would suggest that prior to the decision con-

cerning the 1, 2, or 3 lift scheme that such a study be made.
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CHAPTER 7

RELIABILITY STUDIES

A. PURPOSE AND SCOPE

The reliability study conducted for the Tehachapi Pump Program has
three main purposes: (1) predict reliability and availability of the single-

lift, two-lift, and three-lift concepts; (2) provide a basis for optimizing

designs of the punnping systems under consideration by revealing those

materials and configurations which will function in the most trouble-free

manner; (3) provide information for spare parts ordering and maintenance
planning.

Reliability and availability predictions as presented in this interim
report should be qualified by stating that they are valid only as indications of

the comparative standings of the reliability for the lift concepts. Absolute
reliability and availability values will be derived on completion of statistical

repairability studies. These values will better represent relative concept

ratings but preliminary calculations indicate no changes in rank will result-

Interim predictions are valid on a comparative basis because they reflect

frequency and duration of unscheduled outages which are the overriding con-
straints on series operational modes as planned for the two and three lift

Tehachapi concepts.

The scope of the reliability study is restricted to pumps and pump com-
ponents as major considerations with accessory equipment such as motors,
valves, bearings, and so forth receiving minor attention. It is also limited

to Tehachapi operations as isolated from those of upstream and downstream
plants. However, detailed technical analysis of the punnps as they affect

reliability and availability will yield the most valid predictions for the lift

concepts since punnp maintenance is singularly amenable to accurate weight-
ing and prognostication. It follows that pump connponent design and material
selection as guided by results of this study will do nnore to enhance opera-
tional success at Tehachapi than any other planning function. It is also

apparent that maintenance and spares planning will be most effective if its

most accurately predictable facets receive greatest stress.
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B. SUMMARY AND CONCLUSIONS

The three main purposes of the reliability study have been accomplished

to a limited extent for this interim report. Results based on the studies

conducted thus far are given below along with the major qualifications which

nnust be considered in their use or interpretation. A summary is also given

of the lift concept differences and the study approach which let to the interim

results. A functional block diagram is given in Figure 7-1.

Results to be reported on the progress of the reliability study and

qualifications of the results are:

1. Reliability, Availability, and Concept Effectiveness

The following table presents preliminary results of the reliability

study suitable for comparing the three lift concepts.

Pump Concept Operational Operational

Concept Effectiveness Reliability Readiness

Single Lift .979 '997 .982

Two Lift .950 .970 .980
Three Lift .902 .921 .979

Chief qualifications of the comparative predictions are as follows:

a. Only maintenance of worn pump components is considered

"scheduled" outage.

b. It is assumed that all worn pump component maintenance
is acconnplished in the "scheduled" repair time and consequently the frequency
of such outage is not included in mean time between outages.

c. All outages for maintenance other than those connected with

worn pump components are considered to be "unscheduled" but the total

percentage of time taken per year for "unscheduled" outage per plant is

considered to be the figure derived by the Department of Water Resources
(Ref. 11) for the these lift concept and weighted for the one and two lift.

d. The mean tinne between "unscheduled" outages (as defined

in "c" above) is taken from incomplete maintenance records of five similar
pumping plants.
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e. Mean time of each "unscheduled" repair is based on the

percentage annual outage time and mean time between outages (as described

in "c. " and "d. " above), and the number of repairs allowed annually is

considered to be this mean time per unscheduled repair divided into the free

time in the year aside from needed operating time and annual mean
"scheduled" repair tinne.

f. Annual mean "scheduled" repair time is based in part on time

at which the lift concept prototype components have reached wear limits

based on fixed percentages of average component clearances found in the

field survey. This puts these times on a physical wear basis rather than an

economic one.

g. Effects of upstream plant outages on Tehachapi operations are

not considered.

h. Preliminary calculations of lift concept reliability using

procedures which attempt to remove all of the above qualifications (as

outlined in Section F. 7) indicate that while absolute reliability figures will

not agree with those given here, the comparative order of availability,

reliability, and effectiveness figures for the lift concepts will not be altered.

2. Design Recommendations

With regard to providing a basis for optimizing pumping system
design, a linnited number of results may be reported. It appears, first of

all, from the results of the field survey and weighting process, that water
quality is the dominant factor in determining component life and that solid

particle abrasion is the chief wear mechanisnn to be considered. Therefore,
abrasion resistance should rate high on the list of qualities for material
selection. Secondly, it appears that water velocity has almost as great an
influence on wear as water quality and that much can be done in the field of

proper component design to control this factor. However, there are common
sense limits of workable clearances, space limitations and expense which
nnust be considered in component design. Thirdly, it may be reported that

the average water delivery plant considers satisfaction of water user's
demands first and costs of repair second when determining worn component
replacement times. Therefore, component designs and materials should be
chosen on the basis of which afford the greatest probability of satisfying

annual demands and on efficiency-loss costs versus replacement costs; in

other words, on a cost-effectiveness basis.
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The above results must be qualified by stating that they are based

on a limited number of controlled experiments and on rather broad interpre-

tation of field survey results. They also reflect a rather narrow outlook on

pumping "system" optimization in that they consider only pumps and pump
components whose chief mode of failure is wear.

3. Maintenance Planning

The study has provided the necessary analytical tools and formulas
for predicting mean times between replacement of worn pump components
and therefore provides a basis for spare parts ordering and maintenance
planning. The preliminary prediction is for replacement of fixed metal
bushing shaft packing every ten to fifteen thousand operating hours and
general overhaul about every twenty-five to fifty thousand operating hours.

The overhaul would include replacement of interstage seals and wear rings

and repair or replacement of impellers and guide vanes, if any. The study

also revealed that overhaul time for a multistage pump would probably
exceed that for a single stage pump and that balance labyrinth overhaul about

every twenty thousand hours would have to be added to other maintenance
actions for the single lift prototype pump.

Qualifications for the maintenance planning outlined above are
chiefly those of predicting what the water quality at Tehachapi may be like

and of incomplete analyses on the tolerances which should initiate part

replacement action. Also it is assumed that the installation will be free of

cavitation damage. Again the results are limited to pump components.

4. Specific Observations

The foregoing results are of a general nature with regard to the

reliability study as a whole. The following specific observations on lift

concept traits were made in the course of the study.

a. Identical pump components will wear at a rate which is approxi-
mately proportional to a power of relative water velocity.

b. Wear in the suction impeller of the Tehachapi four stage

prototype pump should proceed at a slightly faster rate than in the two stage
which, in turn, should proceed at a slightly faster rate than in the single

stage because of relative inlet water velocities.
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c. In the absence of defined cavitation, repair of worn suction

impellers is generally scheduled to coincide with overhaul time.

d. In view of the relative similarity of impeller wear rates for the

three prototypes and design objectives which pronriise adequate submergence
limits, it is assumed that impeller repairs coincide with punnp overhauls in

each lift concept.

e. It is found that multistage, single suction pumps generally suffer

outages in addition to those for overhaul in order that balancing labyrinths

may be replaced.

f. Because of balance labyrinth repair it appears that the single

lift prototype pumps will experience the highest frequency of scheduled
outages.

g. Surveys reveal that average overhaul time for a multistage

pump is greater than that for a single stage pump because of a greater
number of stages which must be dismantled and a greater number of com-
ponents which must be maintained.

h. Wear rings with identical leakage characteristics subjected to

single stage operational parameters in the Tehachapi three lift concept
should wear at a faster rate than those in the other pump concepts because of

higher head.

i. Time between punnp overhauls is dictated by wear in the wearing
rings so that overhaul outages in typical one and two lift plants should be less

frequent than in a typical three lift plant used for the same application

provided that identical clearance increases are tolerated.

5. Conclusion - Comparative Reliability

The traits and characteristics presented above have direct effect on
the comparative reliability which is the relative chance for successful
operation of the concepts. Overall connparative reliability of the Tehachapi
concepts (concept effectiveness) is the product of their ability to deliver the

required supplies of water (operational reliability) and the availability of

pumps to operate for the needed annual time periods (operational readiness).
Operational reliability is dependent on frequency and duration of outages
since concept operation involves a series of interrupted operating times
with maintenance action or standby time bridging the gaps. Operational

!ti
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readiness is also dependent on outage frequency and duration. Application of

reliability methods to the above mentioned pump analyses reveals the

following:

a. Non-coincident unscheduled outages in each plant of a multi-
lift concept result in increased outage time over a single lift.

b. Increased outage in multi-lift plants reduces availability and
free time which may be used for repair.

c. Forced series operation of multi-lift plant configurations
together with unscheduled outages results in increased frequency of outages
and decreased availability of repair time per plant.

d. The culmination of unscheduled outage effects is that the single

lift is more reliable than the two lift which is more reliable than the three
lift concept.

6. Study Approach

A summary of the approach used to achieve results presented
herein is as follows:

a. Pump maintenance and failure data along with design and opera-
tion information was gathered from a select and sizeable group of comparable
pumping plants.

b. Parameters which affect pump component life were determined
from theory and experience .

c. Data were tabulated according to parameters which affect

component life.

d. Normalization of tabulated data was achieved through weighting
factors utilizing parameters of Tehachapi lift concepts and the individual
3lants surveyed.

e. Reliability curves for punnp components were generated from
he weighted data.

f. Pump component mean lives were computed from theoretical
;urves best fitting the raw reliability curves.
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g. Mean times for component repairs were obtained by averaging

field survey estimates.

h. Component mean lives and mean repair times were used to

hypothesize a planned outage schedule.

i. Mean time between unplanned outages and mean time of each

outage was determined from data at hand.

j. Concept operational availability was deternnined utilizing mean
annual planned and unplanned outage tinne.

k. Concept operational reliability was determined using mean time

between unplanned outages, mean unplanned outage repair time and mean
annual scheduled repair time using a curve drawn to estimate effects of

fractional repairs on the partially redundant situation.

1. Lift concept effectiveness was computed to be the product of

operational reliability and operational availability.

Prediction of absolute reliability, effectiveness and availability for

the selected Tehachapi lift concepts as an isolated entity will be given in the

final report after a thorough analysis of economical repair considerations

and after outages for motors, valves, bearings, and so forth have been
predicted on an average basis. Cost-effectiveness analyses utilizing wear
test data will be instituted to optimize material selection. Design improve-
ments will be discussed with manufacturers and maintenance actions will

be planned on the basis of optimized design selections.
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C. GENERAL CONSIDERATIONS

I. Reliability Concepts

Reliability is quite simply just a logical and useful method of counting.

It may be imagined that Figure 7-2 represents a road map including four cities;

Zero, One, Two, and Three. Highway routes a, b, c, d, e, and f between
these cities are all scenic routes while x, y, and z are not scenic. If a

traveler approached a fork in the road and picked any of the three routes from
Zero to One at random, what are the chances that he picked a scenic route

(either a or b)? The chances that a is the chosen route are one out of three.

That b is chosen is also a one-third probability. Then since either of these

paths would be scenic, the chances are two of three that the traveler will

follow a scenic route from Zero to One. This example is illustrative of

adding probabilities in an "either-or" situation ( either route a or^ b in this

case are good choices).

To determine the probability that the traveler will go all the way
from Zero to Two on scenic routes it is only necessary to count up the ways
in which scenic routes may be taken (a, c; a, d; b, c; b, d) and the total number
of routes which might be chosen (a, c; a, d; b, c; b, d; x, c; x, d; x, y; a, y; b, y).

The number of different scenic routes is 2 x 2 or four and the total number of

different routes is 3 x 3 or nine. Then it is easily seen that the chances of

going from Zero to Two on scenic routes are (2/3)(2/3) or 4/9. This is

illustrative of multiplicative probabilities when a "both-and" situation arises,

that is, the traveler had to go to both One and Two in series on scenic routes

to be successful.

In the above example of counting ways to succeed, nothing was said

about the time element involved in taking scenic routes. It could be that some
of these routes are too long for the traveler to take certain combinations and

still cover as much ground as desired in a limited vacation time. Thus another

important element in reliability is time, which is also handled by counting,

and it will be pointed out later that time is a factor in limiting the ways
Tehachapi lift concepts nnay successfully deliver their water.

Continuing with the example of the traveler, it may be desirable to

predict wear on the tires before making the trip so that the chances of having

to replace badly worn tires before completion of the trip may be judged and

preparations made. Assume the traveler has meticulously noted mileage

figures at every needed purchase of a set of tires during his 25 years of driving

experience. He figures that the mileage on his present set will be 20, 000 by
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the time the trip is over and he counts seven out of nine sets of tires in his past
which successfulLy went over 20,000 miles before reaching a point of baldness
so he is reasonabLy sure that he is safe in not making the purchase before the

trip.

Of course the tire manufacturers are ten jumps ahead of the traveler
and have plotted the statistical percentage of tires safely exceeding any mileage
versus mileage on the basis of almost unlimited experience and controlled
tests so that they know the probability of making their usual profit on a tire

warranty based on tread life. They find that if a batch of tires are all tested

on wear testers under controlled conditions and all treadless tires are removed
from the test, then the number of tires taken out of testing every month as a

percentage of those still undergoing test follows a linearly increasing function.

Reliability versus mileage or time (at constant speed) is found to fit normal or
Gaussian distributions very well so these distributions are commonly adopted
in cases where reliability is dependent on a wear failure mode.

The traveler knows that if he had as much data on tires as the manu-
facturers his reliability curve for worn tires would resemble a normal curve
so he assumes a best-fit normal curve for the data points he does have to

enhance the accuracy of his predictions. Another technique he may use to

increase accuracy is to make use of his knowledge that some of his tires ran
for certain mileages without wearing out even though their final wear-out
points are unknown to him due to automobile trades. He counts the number
of tires surviving a certain failure mileage (including non-failures) as a per-
centage of the total surviving prior to the failure and the survival rate for any
mile increment between failures is multiplied by the reliability at the previous
failure mileage as if the tire must operate through a series of mileage intervals.

Other than using these reliability techniques, his prediction accuracy
may be improved by weighting the tire-wear lives in his experience according
to tire material resistance to wear (rubber versus nylon), friction factors

(rough roads versus smooth), depth of tread at purchase, and speeds traveled.

Tire life is not completely determined by wear so that if a traveler
wished to predict his chances of successfully completing his trip without tire

trouble he would have to consider the probability of road hazards leading to a

blowout. Road hazards are completely random in that time of their occurance
is not predictable. If a batch of tires were observed from new until all had
met with a blowout (wear being within tolerance at all times) it would be found
that the number failing in any interval as a percentage of those surviving the

previous failure would always be about constant. Hazard rate is constant for
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random failures and the distribution which best fits this situation is the ex-

ponential as used to determine length of road hazard guarantees.

2. Reliability Definitions

It is first necessary to define reliability as it relates to the function

of the Tehachapi pumping concepts. That function is to deliver water when
it's needed. The function suggests that both ability to operate and availability

to operate are necessary for successful accomplishment. Then Tehachapi
reliability is equivalent to an index known as "system effectiveness" in

reliability practice. Effectiveness is the product of operational reliability

and operational readiness confirming its applicability to the "both-and"
Tehachapi situation defined above. Formal definition statements for these

terms are given below as found in reference 7-12*. Corollary definitions and
explanations applied specifically to the Tehachapi Pumping Plant are also

given where needed.

a. System Effectiveness or Lift Concept Effectiveness

The overall capability of a system is described quantitatively by
the term "system effectiveness". The optimization of system effectiveness

can be accomplished by a proper balance between the conflicting requirements
of performance, operational readiness, and cost.

"System effectiveness is the probability that the system can suc-

cessfully meet an operational demand within a given time when operated under
specified conditions. "

The corollary definition is: Lift concept effectiveness is a com-
parative index of the probability that the Tehachapi Pumping Plant can pump
its yearly demand during each year from 1971 through 2040.

b. Reliability

"Reliability is the probability that a system will perform satis-

factorily for at least a given period of time when used under stated conditions. "

The corollary definition is: Operational reliability is the proba-
bility that a Tehachapi lift concept will operate for the duration of time needed
to deliver annual water requirements.

* References are listed at end of this chapter.
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c. Operational Readiness or Availability

"The operational readiness of a system or equipment is the

probability that at any point in time it is either operating satisfactorily or
ready to be placed in operation on demand when used under stated conditions,

including stated allowable warning time. Thus, total calendar time is the

basis for computation of operational readiness. "

d. Redundancy

"Redundancy is the existance of one or more ways for accomplish-
ing a task, where all ways must fail before there is an overall failure. "

e. Time Divisions

(1) Operating Time

1 "Operating time is the time during which the system is

! operating in a manner acceptable to the operator. "

(Z) Outage Time or Repair Time

"Outage time is the total tinne during which the system is

not in acceptable operating condition. "

(3) Storage Time or Standby Time

;

"Storage time is time during which the system is presumed
!

to be in operable condition, but is being held for emergency—i. e., as a spare. "

3. Pump Failure Modes

The data collected in the field made it obvious that the chief failure

I mode in pumps is wear and that the following components are commonly
' replaced because of this wear:

a. Impeller wear rings

b. Interstage seal rings

c. Balance rings
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d. Shaft packings

e . Impellers

Figure 7-3 gives a pictorial representation of these components along

with the pump bearings which are sources of unplanned outages. The relative

complexities of single stage, two stage, and four stage pumps as planned at

Tehachapi may readily be seen in this figure and it is this added complexity in

the multistage pumps (particularly the four stage) which makes them less

reliable pumps than the single stage.

4. Pump Maintenance Practices

The following assumptions which parallel those of DWR in Reference
7-11 are made as a starting point. Scheduled outages are planned so that one

unit at each plant is down for service at the same time. Maintenance work on

these units is then performed simultaneously on a 24 hour basis. Maintenance
personnel requirements to perform unit overhauls on this basis are being

explored.

Other possibilities which can be evaluated to level out or reduce peak
personnel requirements include:

a. Sequential or partially overlapping maintenance on corresponding

units of the two- lift and three-lift concepts.

b. Scheduled maintenance performed on something less than a 24

hour round the clock basis.

c. Increased plant capacity or spare units to accommodate a and b.

5. Tehachapi Operational Parameters

The assumed yearly water demand buildup and unit installation

schedules are shown in Tables 6-1 and 7-1 of Volume I. The data presented
in these tables were obtained from the basic criteria given by DWR in

Reference 7-11. Based on the assumed yearly water demand and unit instal-

lation schedules, tables of accumulated unit operating hours were computed.
These accumulated unit operating hours are shown in Tables 6-II and 711 of

Volume I for the single-lift and multi-lift concepts respectively. The plant

capacity of 5000 cfs represents 104. 9% of the required continuous flow rate

in year 1991 and thereafter.
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6, Tehachapi Design Parameters

Design parameters assumed for the reliability studies include the

plant features given by DWR in reference 7-11 and prototype pump designs

made by Allis Chalmers/Sulzer, Baldwin-Lima-Hamilton/ Voith, and Byron
Jackson of the 4-stage, single flow; Z-stage, double flow; and 1 -stage,

single flow pump types respectively. It is expected that the major impact of

the reliability studies on pump design will be to point out the effects of

n-iaterials selected for pump components on maintenance requirements.

7. Tehachapi Reliability Concepts

The number of ways in which a pumping plant may successfully

deliver its quota of water has limits. It might operate without an outage

until it has successfully delivered its quota or it might operate some length

of time, suffer an outage and repair, and resume operation in time to make
its water deliveries on schedule. It might also be repaired twice or three

times on any number of times in the course of its operation and each of these

modes of operation may result in successful delivery of water. It may be

seen that the limit to the number of ways in which success is accomplished is

the number of repairs which may be made in the time span of interest. Time
allowed for repairs annually is idle time provided by plant overcapacity.

Two types of repairs must be made, planned and unplanned. Since

the planned outages may be predicted because of their wear failure modes,
these outage times are determined first and any time left after subtraction of

operating time and planned outage time is time available for repair of un-

planned outages. This time then must be apportioned among the lifts to make
them independent of one another. That is, time available for repair of outages

in the two lift concept must be divided by two because any time taken in one

automatically results in the same time taken from the other even though it isn't

in need of repair. In order to use the techniques outlined under Reliability

Concepts, the lifts, like the routes, must be independent of each other.

As with the example of the traveler predicting wear-reliability of his

tires, the reliability of the wearing pump components is based on rather limited

data and several techniques are used to improve the accuracy of predictions.

Data from components which have not failed is incorporated to help offset the

preponderance of short times to failure necessitated by the fact that contempo-
rary practice is of greatest interest and failures in new plants reflect unusually

bad water or design conditions. Fitting a theoretical normal curve to the data

points gives the distribution symmetry and also helps to avoid a reliability
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skewed to the shorter times to failure which weight the study. Finally, the

data lives are weighted for eScpected Tehachapi conditions with regard to

water, design, operational, materials and tolerance parameters.

In regard to the redundancy factor used later in the text, this simply

represents the counting of ways to succeed where the different ways are

different numbers of repairs. To the probability that the unit succeeds for

the needed time without an outage is added the probability that one failure

takes place in that time and the repaired unit succeeds for the remainder of

time needed. The summation used later carries this method on to any

number of repairs desired where the added terms represent products of

probability that each number of failures will occur and the same number of

repaired units will successfully complete their period of operation.
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D. STUDY METHODS

In reaching the goals of the reliability study, the basic tasks perfornaed
were the mechanics of data collection and processing, and the application of

general mathennatical techniques used in statistical analyses. The steps

which comprise these tasks are described below. Examples of how the

nnethods are utilized are given in Section 7. E. and tabulations of the results

are given in Section 7. F.

1. Data Tabulation

A great share of the time and effort expended on the reliability study

was used to gather, extract and tabulate data on field maintenance experience.

Sources of the material studied included personal interviews, articles in

professional journals and manufacturer's magazines, and correspondence
with various plants, agencies and individual pumping problem analysts. Some
forty or more pumping plants were investigated covering close to two hundred
pumps operated for millions of total hours. Material of interest to the relia-

bility study made up only a small part of the total pump research input and
the needed elements had to be extracted and interpreted and interpolated to

achieve a compendium of pump reliability data which is probably without
precedence.

Work sheets were made up with fifty vertical columns containing

elements of information, all of which were utilized in the study as will be

dennonstrated in later sections of this report. Plant operational character-
istics were listed first including plant name, type of pumps, number and
manufacturer of each, specific speed, capacity, normal submergence, total

head, head per stage, speed, efficiency and starts per thousand hours.
Descriptions of general water quality and water solids content followed
operational parameters. Important component paranneters were tabulated

in all rennaining columns. Included were component materials, diameters,
designs, tinnes to repair or replacement, times operated without repair or
replacement, repair times, and repair remarks.

Components listed were wear rings, balance rings, interstage seal
rings, packing arrangements and impellers. Design information for rings
included clearances, number and average length of throttling surfaces, seal

water attachments, friction coefficients, number of 90° bends or pressure
relief chambers and their sizes, and seal water quality. Drawings accom-
panied descriptions where they helped to clarify the design.
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Times to failure and without failure as derived from the raw data

were immediately adjusted in cases where final clearance or leakage was
given. For example, a ring at Tracy Pumping Plant had worn from an
average 0. 037 inch clearance to an average 0. 1Z3 inches in 30, 815 hours of

operation. The time at which it reached the normalized standard tolerance

clearance (twice original clearance) was calculated to be (30,815 x 0.037)/

(0. 123 - 0. 037) or about 13, 300 hours. This application of a judgment
weighting factor is more fully explained in a later section.

Repair remarks included number of men on the crew, standard work
day or week, other repairs included at that time within the same time period,

and whether the pump is dismantled axially rather than horizontally.

2. Application of Weight Factors

In order to standardize varied field experiences and bring them more
in line with what might have been had they occurred in the Tehachapi appli-

cation, all times were weighted by various factors. The weight factors were
based on common practices in punnp design and maintenance as well as

particular designs, operating conditions and water quality expected at

Tehachapi. The derivation of these factors and examples of their application

are given in later sections.

The field survey operational characteristics listed on work sheet

tabulations plus their Tehachapi counterparts as found in Ref. 7-11 were
used to derive water velocity weight factors which were applied to all com-
ponent lives. A new listing of these weighted lives was made with plants

arranged generally in order of water quality and component materials listed

beside the life times. Analyses of relative component operating times for

different materials but similar water were made to corroborate the choice
of material weight factors made.

Material weight factors were applied to the component lives and
mean lives in various water quality groups were calculated. These data were
studied to confirm the choice of water quality classifications and to derive

average quality weighting factors. The water factors were applied and
resulting times to failure and times without failure were listed on sheets

according to the component for which they were found.
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3. Prediction of Component Life and Repair Times

In order to predict overall plant reliability and maintenance

schedules it is necessary to predict component nnean times between repairs

and repair time for each component.

A mean time between repairs could be found by simple arithmetic

averaging of the weighted times to repair but greater accuracy in the

predicted value should be achieved if a statistical distribution for the data

may be determined and the mean of this distribution taken. The reasons for

this and techniques involved are outlined below.

If the rings of a pump were subjected to hundreds of controlled wear

tests under conditions which were as identical as a laboratory could produce,

probably no two measurements of weight lost or clearance gained would be

alike to three or four significant places. If the results were exannined to

only one or two place accuracy a trend in the results could be seen and the

re-occurrence of one or two values more than others could be discerned. In

fact, if enough tests were run, the distribution of number of like results

versus value of the results would appear to have a peak near the arithmetic

average of the results and taper off symmetrically to either side of the peak.

A smooth curve drawn to best fit the points would have a bell shape and it

could be closely simulated by a normal or Gaussian distribution curve.

When examining the number of impeller or ring repairs in each ten

thousand hour segment of time it is noted that some gaps appear in which no

failures are recorded and other segments have far more or fewer failures

in thenn than neighboring segments. The fewer total instances of failure

reported, the more noticeable are the discrepancies. Experience has shown
that these gaps and discrepancies would disappear if a sufficient number of

results could be obtained. Assumption of a statistical distribution as indi-

cated by data trends helps to smooth over these deviations from the norm
and, in effect, yields results which appear to be based on many more data

points than were actually available. At the same time it decreases a

tendency to err in the direction of shorter times to failure caused by the fact

that these times will naturally be observed more often in plants of nearly

equal age.

A second reason for taking the mean of a distribution rather than

averaging is that it allows for the use of operating times "without failure" as

well as those"to failure. " Operating data from contemporary plants and those
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with very long component lives may thus be utilized. Certainly it is not

wise to take 20, 000 hours as mean time on the basis of ten failure observa-

tions if sixteen or twenty pumps have run this component 30, 000 hours and
are not yet in need of repair.

If tinne between repairs is taken as the random variable and
probability of survival is calculated at every instance of failure, the

reliability estimate beconnes

R(tO= <^1 -^1 + 1) (Nz - ^2+ ^) (N3 -f^ + 1
)

( N. - f. + 1) (7-1)

IS^ + 1 N2 + 1 N3 + 1 N^ + 1

where ^i^) = Reliability at time t^^.

N- = Number of components surviving t- including

both those which later fail and those which do not.

f- = Number of components being replaced or repaired
at t..

1

t. = Any time of interest at which planned maintenance
took place.

An example of how this technique is used is given in a latter section.

A measure of how closely the estimated curve fits the normal
reliability curve and of the accuracy of the estimated mean time to failure is

given by the 95% confidence limits which are:

1/2
95% Confidence Limits = (m * 1.96 s/f ) (7-2)

where m = estimated mean time to failure

s = standard deviation

f = the number of failure observations made. = ^ f[

Standard deviation (s) and nraean time between failures (m) for the

best fitting normal curve may be found either graphically or as a solution to

the sinnultaneous equations:

f. t. = fm + s ^ y. (7-3)
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and

^-. t. y. = m?y. + s?^y.^ (7-4)

where y. is the normal deviate corresponding to R(t-).

Component repair time was taken as an approximate average from
repair times given by plant maintenance men. It was assumed that all

repairs are made by a crew of proper size and training for the job. Where-
ever possible, the latest repair times were used to calculate the average

since it is assumed that repair proficiency increases with the tinne that each

plant has operated. It was assumed that field repair work was done in eight -

hour days, five-day weeks, 21 -day months. It was also assunned that repair

tinnes for all multistage punnps were applicable to both Tehachapi multistage

prototypes and that repair times for single-stage pumps were applicable to

the single-stage prototype.

4. Prediction of Planned Outage Schedule

Once component mean lives have been determined from the simul-

taneous equations for the best fit distribution, these mean times may be used
to set up a probable repair schedule.

Mean life of the wear rings was taken as tinne between overhauls.

Mean times between stuffing box or balance ring replacements were adjusted

slightly to nnake nnultiples of these times coincide with overhaul times. This

process is demonstrated later. The planned outage schedule then was plotted

only to the time at which the cycle of repairs is repeated.

5. Prediction of Unplanned Outages

Unplanned outage time per year was taken fronn ref. 7-11 and the

frequency of these outages was derived from a study of unscheduled outages

for 45 punnps at five plants covering a total punnping tinne in excess of two
million hours. Pump hours at each plant were divided by nunnber of un-

scheduled outages in those hours and the resulting times between unscheduled
outages were averaged to get mean time between unplanned outages.

6. Prediction of Lift Concept Availability and Reliability

Availability of a lift concept is defined as the probability that the

concept is ready to operate at any time. This is called "operational readiness"
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for which the symbol is "Pq^." and it is found from

_ , _ (unit hours per plant scheduled outage per year) (7-5)
(8760 hours/year)(number of units per plant)or

_ (number of plants)(unit hrs/plant unscheduled outage/yr. )

(8760 hrs/yr)(no. of units per plant)

Scheduled outage per year is calculated using needed operating tinne

per year and mean repair time. Operating tinne needed to deliver 3,451,200

acre feet of water per year with 5000 cfs capacity is about 8350 hours. Pre-

dicted repair times are added up for the complete cycle of repairs and are

multiplied by 8350 over the total pump hours in the cycle to get mean
scheduled outage per year.

Unscheduled outage time per year is taken from ref , 7-11 as
0. 31% for the three lift plant and weighted upward to 0. 425/# for the two
lift and to 0. 475/rfor the single lift. Weighting is based on the relative

complexity of the double stage pumps in the two lift and the four stage
pumps in the one lift plants.

Reliability of lift concepts is calculated on the basis of unscheduled

outages only. It is assumed that planned maintenance times are chosen

prudently enough on the basis of early Tehachapi experiences and safety

factors so that the pumps never have to stop for replacement* of worn parts

before their scheduled maintenance times once continuous operations

commence. Perhaps the only premature wear which could cause early

stoppage is that in the packing where leakage would spill over if disposal

means were not sufficient. The probability that packing will need replacement

before scheduled replacement time may easily be calculated knowing the fre-

quency distribution of the failures for all experienced conditional parameters
representing limits for variance in wear which could be expected. However,
this probability would be identical for each lift concept so it adds nothing to

the comparison of the concepts. Another factor to consider is that early and

late replacements of stuffing boxes should average out over the years as

varying conditions average out.

Reliability of a pump suffering unscheduled outages is assumed to

follow an exponential curve representative of a constant hazard rate. That is,

since unscheduled outages are random rather than predictable, they could
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come at any time and the probability of such an occurrence in any fixed

interval of time is constant. Verification that reliability on the basis of un-

planned outage is exponential for punnping plants was obtained by plotting it

for the five plants used to determine frequency of the outages. Mean time

for these reliability curves is simply the arithmetic average since no times

without failure enter into it. The 95 per cent confidence limits can be described

by the following equation:

confidence limits
2f m
X^

(7-6)

2f

where f the total number of failures

m = the aiean tinne to failure

2 2X is obtained from a table of the X distribution
2f for 2f degrees of freedom at the . 025 and . 975

probability points.

The probability that a lift concept will operate continuously from
start to "t" hours without occurrence of an unscheduled outage is

Pr =(e) -"^/"^
(7-7)

P = probability that the concept will run successfully for "t" hours

t - operating time of interest

n = number of plants in the lift concept

m mean tinne between unplanned outages

The tinne of interest, "t", is chosen as needed operating time per

year or 8350 hours in the case of a 5000 cfs capacity. A year's pump tinne is

chosen, first, to coincide with the time increment nornnally used to calculate

availability, and secondly, because it appears logical that dennand for water
will decrease to its lowest ebb once per year nnaking a convenient cycle of

operation.

Since the two-lift and three-lift concepts depend on punnping in

series without limited storage between plants, an outage in one plant will

force an equal outage in the others. The series nnust operate successfully in

order for the concept to fulfill its requirennents. Therefore, the "n" for
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number of plants or lifts is included in equation (7-7).

In actual operation, when a unscheduled outage occurs, repairs

will be made and the plant put back on full operational capacity. The pumps
do not necessarily have to run continuously for any specified time interval

such as 8350 hours. K repair can be made in allowed standby and outage time,

the situation beconnes identical to that in which a duplicate system is con-

stantly on standby, ready for use when needed. The probability for success-

fully running 8350 hours per year with repair and restart is:

^ k
, ^\ n

Tn ^-- (t/m)^P = ((e)
^ ^ ^^^T^r

I
(7-8)

r = o
r \

^— r"'"

where k = the number of repairs and restarts allowed per year. Points were
plotted for the summation above with k = 0, 1, 2, and 3, and a smooth curve

was drawn connecting the points. Values of the summation were then taken

off the curve when fractional numbers of repairs were allowed annually.

7. Prediction of Lift Concept Effectiveness

Lift concept effectiveness is essentially a measure of the chances that

the concept can successfully deliver its predicted annual quota of water over

the Tehachapis. It is the product of the probability that it can run successfully

for the needed number of hours annually tinnes the probability that it will be

ready to start operating at any tinne of year it is needed; in other words, it

is the product of operational reliability and equipment availability. The
equation is

:

P = P P (7-9)
ce r or

where P = lift concept effectiveness
ce ^

Pj. = operational reliability (equation 7-8)

P = operational readiness or availability (see 7-5)

Lift concept effectiveness as calculated in this report is based on

standard practices in pumping plants similar to those making up the concept.

These practices are determined irom surveys and literature. The effective-

ness index is calculated for a number of over -capacity allowances.
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E. QUANTITATIVE DEVELOPMENT

Once the goals, requirements and methods of the reliability study are
established, it remains to perform the necessary calculations, tabulate the

results and perform analyses. Computations are the primary concern of this

section. Examples are given of techniques used in treating weighting factors,

component lives, repair times, maintenance schedules, reliability, availability

and effectiveness,

1. Derivation of Weighting Factors

The methods by which weighting factors are derived include studies

of pump behavior and theory, discussions in depth with plant operators and
maintenance men, and thorough examination of records, descriptions and
drawings. The factors receiving earliest attention are those which are most
obvious or best documented, factors about which there is little uncertainty.
Once these weighting factors have been established and applied to the data it

is possible to use statistical or analytical information from the data itself to

get assurance that subsequent weight factors are correct or to generate weight
factors without recourse to prior knowledge and experience.

A weighting study can treat a limited number of variables, therefore,
assumptions are made so that selected phenomena may be deemphasized or
excluded from the study. These assumptions are presented first in the follow-
ing discussions and are followed by descriptive summaries of weighting factor
derivations. Sample calculations and applications of the factors will be found
in a following section.

a. Assumptions

The reliability study is primarily concerned with determining
scheduled outages and the influence of scheduled outages on the ability of the
pumping plant to deliver the required water quotas. Therefore, only predicta-
ble outages are of interest and these are limited to pump components replaced
because of wear. Pump bearings were not considered to be among these
components because no instance was found in which repair or replacement was
due to wear. Rather the outages caused by bearings are due to high spots or
seizing due to loss of oil flow which are unpredictable and better left in un-
scheduled outage. Scheduled replacements are made for worn wear rings,
balance rings, impellers, stuffing boxes and interstage shaft seals.
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A simplifying assumption was that wear or failure of any one
component did not significantly affect the wear or failure of any other com-
ponent. It is also assumed that the pump is initially well constructed and
suffers no excess vibration. Adequate submergence of the Tehachapi pumps
is assumed so that cavitation wear may be neglected. Cases in which impeller
wear is undoubtedly connected with cavitation are not included in the reliability

analyses. If guide vanes are employed, it is assumed they may be repaired
at overhaul times.

b. Judgment Factors

The average time between repair or replacement of a worn com-
ponent is dependent on the plant operator's judgment as to how much wear is

tolerable. Tolerance limits are often influenced by demand for pumping time
or by wear rates which differ greatly from those expected. In any case, the

times between maintenance actions on a particular component should be adjust-

ed to reflect the percentage of wear which motivated them. If the amount of

wear at replacement is unknown, a judgment factor will not be used to weight
the data, but proper selection of the tolerance should lead to a statistical

cancellation of much of the resultant error.

(1) Wear Ring Judgment

The wear rings of a pump will be defined as those rings

which restrict the flow of water between the impeller outlet and its suction

intake at the eye.

A logical basis for setting tolerance limits on the wear to be
allowed in the Tehachapi wear rings would be an economic analysis. This
would relate an increase in ring clearance with a loss in overall pumping
efficiency. Then, if the rate of wear versus time can be reliably estimated,

the efficiency losses may be integrated over time and a cost of power wasted
may be obtained as a function of pumping hours. When the cumulative cost

of power which can't be utilized reaches a point where it equals the costs of

pump time lost, man hours expended and materials needed for ring replace-
ment, this point should mark the useful life of the wearing rings. Actually,

these computations should include losses of interstage seal rings as well as

wear rings because both types are usually replaced when the pump is dis-

mantled.

A "rule of thumb" standard for wear ring tolerance respected
by many pump experts is the one which advises that a set of wear rings should
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be replaced when their original clearance has doubled. Examination of field

data covering a broad spectrum of pumping demands, wear rates and mainte-
nance-consciousness shows that double the clearance is not a bad average. In

addition to efficiency losses caused by wear, many rings are grooved to a

depth approximating that of the clearance so that the standard allowed increase

should lead to a decrease in relative roughness of the surfaces and a corre-

sponding acceleration of wear rate.

It could be assumed that double clearance in the prototype

wear rings represents a loss which should be eliminated for reasons of

economy, and field data mean lives could be adjusted to fit times at which
wear was double the Tehachapi prototype clearance. However, the prototypes

are designed with smaller clearances than are generally found in the plants

surveyed so that initial efficiency losses should be lower and proportionate

increases will not yield equal monetary losses. In order to use the "rule of

thumb" of the pumping industry and to reflect the uncertainties involved there-

in, it was decided to weight all data on the basis of relative increases in the

clearances used at the plants surveyed, rather than absolute increases based
on prototype designs.

Although theory indicates that wear rate should have an
increasing slope with time, tests on slotted clearances (ref. 7-1) result in an

almost linear extrapolation. This may be because the specimens were smooth
at the start and roughness which results from erosion increased the friction

factor enough to offset velocity increases or the test durations may have been
too brief to show a trend. However, in the absence of documented records of

wear acceleration, linear extrapolation will be used. Any error introduced

in this manner should not be too great if the tolerance is well chosen and
clearance at replacement does not fall too far to either side. Twice the

original clearance seems to provide a good statistical fit.

(2) Interstage Seal Ring Judgment

The interstage seal rings of a pump will be defined as those

which restrict the flow of water between the impeller inlet and the outlet of

the previous stage as it exists in the vicinity of the shaft.

As in the case of wear rings, interstage seals should have
their tolerance calculated on a cost-effectiveness basis. General practice
will be used as the preliminary guide in the belief that experience has supplied

a seal wear criteria which will not differ greatly from that which cost analysis

might produce.
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Interstage seal rings are normally subject to less pressure

across their clearance than found in wear rings of the same pump. For this

reason, the same percentage of clearance increase in seal rings as wear rings

will not produce as great a loss in pump efficiency. Pump manufacturers
generally take advantage of this by using less expensive and faster wearing

materials in the interstage seals than in the wear rings. When the wear rings

are replaced, the interstage seals are also replaced.

Sulzer assumes that the head across the seal ring is about

one fourth of stage head while that across the wear ring is about three fourths

of stage head (ref. 7-8). If the same efficiency loss is considered the tolerance

for wear in either case, the seal ring should withstand three times as much
wear as the wear ring. Setting the judgment factor tolerance at six times the

original clearance does not fit the data in every case as well as the wear ring

judgment factor but it appears to be a good average.

(3) Balance Ring Judgment

The balance rings will be defined as those which restrict the

flow of water between the discharge of a single suction pump and its balancing

chamber which is normally at suction pressure or close to it.

Data are available which sets the balance ring leakage rates

considered tolerance limits for several multistage pumps. These limits

average out at about 75% above original leakage which corresponds to a 75%
increase in clearance. Most single stage pumps are designed with very little

difference between clearance, width, diameter and material of their wear and

balancing rings and they are often considered as upper and lower seal rings.

However, the wear in the balance ring of a single stage vertical pump tends

to proceed at a slower rate than that in the wear ring so that tolerance limits

of 75 versus 100 per cent are still usually applicable.

(4) Stuffing Box Judgment

The stuffing box or shaft packing will be defined as that set

of seals which restricts the flow of water between suction pressure and atmos-
pheric at either or both ends of the pump.

The criteria by which stuffing boxes are replaced are not

dependent on efficiency losses so that tolerances are not readily calculated.

The general practice is to replace the box when the leakage comes close to

exceeding the disposal capability or on a regular maintenance basis. In two
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recorded cases of fixed bushing type stuffing boxes the increases in allowed

Leakage were 250 and 450%. Because of the wide disparity and lack of further

information it is best to assume no judgment factor for stuffing boxes.

(5) Impeller

Impeller erosion is repaired by welding in many plants. It

is not possible to set a standard of wear at which time repair should be made.
It may be that seasonal pumping plants have more outages for impeller repair

than would be necessary for successful operation at a continuous pumping
plant but valid data are not available to confirm this. No judgment factor will

be used to weight impeller time between repairs. Since this repair is usually

done without dismantling the pumps, no significant increase in outage time is

foreseen if a judgment factor is not applied.

Impeller replacement time can not be connected with area or

depth of erosion because of lack of data and information on the effect of this

wear on pump performance. It will be assumed that replacements made due

to wear are justified in all cases reported and no judgment factor will be
applied.

c. Water Velocity

One mechanism by which the metal parts of a pump erode is the

turbulent rush of water past the surfaces of the components. It is found that

the rate of erosion increases or decreases as the water velocity relative to

the metal surface increases or decreases. This is also true when undissolved

solids contribute to the wear since their velocity is dependent on water velocity

(ref. 7-2). The components of Tehachapi pumps and all those surveyed in the

field are subject to attack by water and solids of varying velocities so that

data on component life should be weighted with a water velocity factor.

(1) Rings

Erosion wear of slotted metal samples by clear water is

found roughly proportional to pressure across the clearance when the material
tested is carbon steel (ref. 7-1). In writing of experience with balancing
arrangement design, Karassik and Carter (ref. 7-4) state that one joint design-
ed to operate with total head will present no more problem than several joints

distributed throughout the pump because "wear is essentially a function of the

pressure drop per inch of running joint length, and if the lengths of these
joints are chosen to maintain the same pressure drop per inch, the wear will
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not be affected by the number of joints nor by the pressure differential across

them".

Stepanoff (ref. 7-3) finds that the pressure or head across a

narrow clearance such as that of a pump ring may be expressed as follows:

H . f^I^ ,0.5 ;^ +;i (7-10) (ref. 7-3)
L d 2g 2g 2g

where H-r = head across the clearance

f = friction coefficient of the metal

L = throttling length

d = diametrical clearance

V = water velocity

g = acceleration due to gravity

The first term of equation (7-10) represents a friction loss,

the second an entrance loss, and the third is velocity head at discharge.

Equation (7-10) may be rearranged to get leakage water
velocity through the clearance as follows:

^2. ^ ^^^L (7-11)
^ (fii + 1.5)

d.

Thus, it is seen that if wear is proportional to head, it should also be pro-

portional to relative water velocity in the clearance taken to the second power.

There is some controversy over whether this was true in the tests in ref. 7-1

where two leakage rates were measured, and whether different materials have

different reactions. However, it will be shown later that wear in pumps must
be much more intimately tied to solid particle erosion than to the corrosion-

erosion of interest in these boiler feed tests.

Finnie (ref. 7-2) finds that erosion of metals by particles in

a fluid stream is proportional to velocity squared and sometimes to velocity

to the fourth power where turbulence is involved. In view of field experience
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data outlined later in the report and Finnie's findings, it is assumed that wear

rates are generally proportional to water velocity squared until such time as

sufficient wear test data using average water proves otherwise.

Equation (7-11) will suffice for simple rings with a straight

bore and only one entrance and one exit loss. However, common practice in

European pump design is to break the total throttling length (L) into segments

arranged as a labyrinth of throttling surfaces of length "1" for each surface.

Each throttling surface in the labyrinth has a pressure relief chamiber at either

end of it so that entrance and exit losses are multiplied by the number of throt-

tling surface segments. Equation (7-11) then becomes:

2g Ht
v2 = I_Ji (7-12)

z (f ^+ 1.5)

where z = the number of throttling surfaces

1 = average length of each throttling surface

The above equation agrees almost exactly with results

obtained by Sulzer (ref. 7-8) in controlled tests with a variety of labyrinth

configurations and pressures. Stepanoff's tests with various ring designs

(ref. 7-3) have been given a different interpretation by Denny (ref. 7-9). but

European design allows a much larger relative clearance at discontinuities in

the throttling surface than were used in these tests.

American ring designs are usually straight so that equation

(7-11) applies, but there are instances in which lands with relatively narrow

clearances at the discontinuities are used. In these cases, the more refined

versions of head loss nnay be used. That is:

h^ = C
<^1 -"2^"

(7-13)

2g

where h^ = head lost at a sudden enlargement or contraction in clearance

V, - velocity of the water before the change in clearance

Vp = velocity of water after the change

C - 1 for a sudden enlargement or 0. 4 to 0. 5 for a sudden reduction
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For changes in annular clearances as found in rings, it may
be assumed that velocity is inversely proportional to clearance. Thus, if the

change in clearance is large, equation (7-10) applies, but otherwise it may be

modified by (7-13).

A 90 change in the path of the water flow with relatively the

same clearance should result in a v /Zg loss. The effect of two 90° changes
or a step in the ring with relatively little change in clearance may be calculated

from Stepanoff s equations, including (7-13).

Because the water between the impeller and its shroud is in

;, rotation, the pressure at the wear rings or balance rings is not equal to stage

|t head. It may be calculated from:

2 2
u. - u

H, = H ( 1 - K^) - 1/4 -L.^ L- (7-14) (ref. 7-3)
L 3 2g

where H = head per stage

K = a design constant for volute area (function of specific speed)

u. = impeller peripheral velocity

u = ring peripheral velocity

Equation (7-14) in most cases results in a head for wear rings

of about three-fourths stage head which agrees quite well with empirical
' measurements, (refs, 7-3, -8, -10). This equation miay also be used for

balance rings whose outside diameter is not too dissimilar from that of wear
]\. rings, but to H figured for the last stage must be added the total head of the

other stages.

,1

!j Pressure decreases slightly between the wear ring and the

1 shaft where the interstage seal ring is located. Head on the impeller dis-

il

charge side of the seal ring may be calculated from

i ^2 _2
H , = H, - 1/8

"^ ^ (V-IS) (ref. 7-3)
sd L 2g

where H , = pressure at the impeller discharge side of the seal
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u = peripheral velocity of the interstage seal ring

Head at the impeller suction side of the interstage seal is

about the same as head at discharge of the previous stage. The head across

the seal ring clearance is

2 2

H = H - H, + 1/8 ll-LJl^ (7-16)
s L 2g

which usually amounts to slightly more than one-fourth of stage head.

Leakage velocity as calculated from the above equations

represents only the velocity component perpendicular to the plane of the ring

diameter. The water is also given a tangential component of velocity by

peripheral motion of the ring. Water in contact with the ring surfaces would

have a tendency to either remain stationary or rotate at the same speed as the

contacting surface, but narrow clearances, leakage velocity forces, and

turbulence would act to hinder the occurrence of relative tangential velocities

close to zero. Then too, the erosion by solids whose size is significant

compared to the clearance would be a function of some midstream velocity,

the tangential component of which might be up to one-half the peripheral

velocity of the ring.

The wear tests currently being conducted by DWR and DMJM
employ both stationary and rotary specimens so that the difference in wear rate

due to tangential velocity will be investigated. In this preliminary report an

estimate of the effective tangential velocity will be used and the estimate will

be refined as conclusive results become available from the wear test.

The preliminary estimate of effective tangential velocity

component is taken from a study of wear in the wearing rings of a pump as

compared to wear in the interstage seals of the same pump. Such a comparison
removes water quality and number of starts as variables. The pump chosen

was one of both average size and water quality as far as the field surveys

were concerned. Design parameters, materials, and extent of clearance

increase were known. Material weighting factors were taken from the results

given in ref. 7-1 and 7-6. For this particular combination of materials, both

references agreed on their comparative merits. Leakage velocity squared

factors were calculated from the above equations using the known design

parameters. Then the relative wear as it should have been on a material
2 2

basis alone was weighted by a v, + x factor to make it fit actual wear. It
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2
was found that the additional x factor needed was one -eighth of peripheral

velocity squared. The total velocity squared term of interest as a weighting

factor is then:

v^ . v^ + 1/8 (^^^ ")' (7-17)
L, 60

where v = resultant water velocity of interest

V = leakage component of velocity

Dj, = ring diameter

n = rpm of the pump

One all encompassing equation was derived by combining the

above equations as follows:

Z
V

64. 4 [h-H'K + I. 06 X lO'^n^ (D^ - Dj.) + 5. 31 x lO'^n^ (D' • - Dj.)]

z (^ + 1.5)
d

60 / ^ \ 60

where H = head

Z
K = 1-K^ » s design constant

n - pump speed

D. = impeller diameter

D = ring diameter

Dg = seal diameter

z = number of throttlings

(7-18)

267



f = friction coefficient

1 - length of throttling surface

d = diametrical clearance

Substitution or deletion of the proper parameters and use of

the appropriate sign for "z" allows the equation to be used in the various

velocity computations for all ring types. The "z" quantity may also be adjust-

ed to fit the rare situations in which bends or narrow pressure relief channels

are used and those situations in which design parameters can only be estimat-

ed on a comparative basis.

One other device, aside from equation (7-18), was used to

calculate water velocity in an effort to make results fit empirical data as

closely as possible. Leakage rates for five Sulzer designed balancing laby-

rinths were known (ref. 7-8). Leakage velocities were calculated directly

from these rates and known clearances and diameters. An equation was also

given in ref. 7-8 from which relative power losses and leakage rates for a

pump could be calculated using the known losses of the five referenced pumps.
It is:

3/2
P

P*

K
3/4 1/2

D,

l°c
(7-19)

where P = power loss

K = leakage coefficient

n = specific speed

Ht - head across the labyrinth

Dq = outside diameter of the labyrinth

Q - punnp capacity

e = pump efficiency

primed quantities = referenced pump parameters
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The leakage coefficient term may be considered unity when
the two pumps being compared are similar in size and it is found that substi-

tution of total head for head across the labyrinth yields almost identical

results.

Operational parameters used in all of the above velocity

equations such as head, speed, capacity and efficiency were obtained from the

survey forms and ref. 7-11, Specific speeds were given or calculated from
the same information.

Dimensional parameters such as impeller and ring diameters
were obtained for the most part from survey information and drawings. In two
cases, impeller diameter was calculated from

D. =
^Q(^gH)^^^

(7-20)
^

7f n

where K = a constant assumed to be about 0. 5.

In several cases wear ring diameter was calculated from

D^ - k {n^)^'^ Di (7-21)

where k = 0. 017 as an average of ten known cases

ng = specific speed

A few seal ring diameters were estimated on the basis of

ten known cases as being about four-tenths the size of the impeller.

Design parameters such as number (z) and length (1) of

throttling surfaces as well as ring clearances (d) were taken from the field

surveys and drawings and from correspondence with the model test firms.

The number "z" was adjusted in some cases so that 1, 5z would represent all

losses due to path change and pressure relief, as well as entrance and exit

losses.

The coefficient of friction "f" was taken to be 0. 04 for

European pumps because this is the result which Sulzer's experiments have
shown to be empirically correct for Reynolds numbers of interest (ref. 7-8).

Comparisons of other European manufacturers' ring designs and achieved
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efficiencies for similar pumps indicated that they, too, empLoyed a surface

roughness for which the coefficient could be assumed 0.04.

The friction coefficient "f" was assumed to be . 02 for all

American designed pumps because they employ smooth surfaces for which this

is the empirical value at Rg of about 10^ (ref. 7-3). Reynolds numbers do not

vary much for different pump designs because each manufacturer appears to

be aiming for a leakage velocity of 50 feet per second or less.

One exception to the friction coefficients outlined above
involves the single stage Tehachapi prototype. This pump features grooves

on both surfaces of the rings rather than one. The manufacturer declined to

state the empirical coefficient of friction at the time of this report. His

estimate of balance ring efficiency loss (ref. 7-11), if correct, would indicate

extremely high velocity. The v^ factor was first calculated on the speculation

that a 20% increase in friction might be attained with dual grooves. The
resultant factor was tempered by averaging it with v^ factors for other pumps
designed in a conventional manner by the same manufacturer.

(2) Inapellers

Impellers are subject to erosion by turbulent water and
suspended solids much like rings are. However, there has not been much
evidence which could directly link rate of impeller erosion with relative water
velocity squared. Most tests on impeller wear are concerned only with cavi-

tation erosion. One such test (ref. 7-5) used metal discs with holes drilled

through them to create a disturbance which presumably approached that of

cavitation. However, the character of turbulence thus created is probably
not unlike that which exists when the leading edge of the impeller blade strikes

the water in the suction. Relative water-disc velocities were noted along with

volume of material lost in a given time. When these results are plotted for

the same material it appears that v^ quite appropriately suggests wear rate

at a relative speed of 125 feet per second. This relative speed is found to

approximate that of the Tehachapi prototype impellers and makes a fair

average for other pumps surveyed.

It may be assumed that prerotation of the water in the

suction is not a significant factor by design (ref. 7-7). Then the water velocity

relative to the impeller inlet becomes

/ 2 z] \l.
^i = ^m\ + ^1 I
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2 2 2
and Vi = c^^ + u^ (7-22) (ref. 7-3)

where v^ = relative velocity of flow at the impeller inlet

Cj^^ = absolute velocity normal to the peripheral velocity

Ui = peripheral velocity of the impeller eye.

The absolute velocity "Cj^j" is known as the "throughput"
and is found from

where Q = capacity

D^j^ = mid diameter of impeller leading edge

dj^ = average diameter of the cross sectional flow about the mid
point

The dimensions "D^j^" and "di" may be measured from
drawings of the pump.

The peripheral velocity of the impeller eye is simply

fi

-1 - -w- ^'-''^

where n = rpm

Di = impeller eye diameter

Where D, or c , could not be ascertained from surveys or1ml '

drawings it was obtained by means of plots for ten known points rather evenly

distributed over a range of specific speeds from 1000 to 2300 and from known

well.

I
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In case it is not apparent why the inlet velocity triangle is of

interest rather than the discharge triangle, it is because wear is usually most

severe at the inlet due to high local velocities, impact pressures and turbu-

lence.

(3) Stuffing Boxes

The stuffing boxes covered in the survey are of four general

types. The familiar adjustable soft pack is used in slow speed American
pumps. Common practice in Europe is to use fixed bushing types of seals

with either carbon rings or babbit bushings. There is one case in which a

mechanical carbon seal is used.

Great variety in stuffing box design and the large number of

design parameters for each resulted in a situation in which none of the surveys

and drawings gave enough reliable information on which to base a v^ weight

factor. For soft packing, degree of tightening could not be determined. In

fixed bushings, seal water pressure was unknown and clearance of either the

labyrinth or shaft seal, or both, were missing. There was also no way to

account for rubbing wear which quite possibly occurs with the narrow clear-

ances used. For these reasons and others, a v^ factor was not calculated for

stuffing box field data.

The Tehachapi prototypes feature fixed bushings and a mech-
anical seal. No mean life data are available on the mechanical seal used in the

two-stage pump or on the straight bore, double-grooved design used in the

single-stage prototype. Each prototype was, therefore, assigned a convention-

al fixed bushing design similar to that found in the field surveys and the four-

stage prototype. Mean life from the surveys was applied to the four-stage

prototype box. Then the same ratio between stuffing box life and wear ring

life for the four-stage pump was assumed to hold for the one and two-stage

pumps. Increased submergence for these prototypes indicated that v might

also increase as it did in wear ring calculations.

d. Materials

In the interim period before conclusive results are obtained from

the DWR-DMJM Wear Test Program, it is necessary to accept the work which

has already been done in the field of material wear. The two wear tests which

seem most applicable to the pump erosion situation are those detailed in ref.

7-1 and 7-6. However, both of these tests leave much to be desired.
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The corrosion-erosion tests of boiler feed pumps (ref. 7-1) were
conducted using very hot, neutral water with probably no significant solids

content. On the other extreme, the study of material erosion by sand (ref.

7-6) used a solution which was two parts sand and one part water. Neither of

these tests represents the conditions found in typical water pumping as found

in the field or expected at Tehachapi.

The chief mechanism for wear in the boiler feed test was simply

corrosion aided by turbulent water flow. Under these conditions, it was found

that SAE lOZO steel lost about 250 times as much material weight as 12%
chrome steel in the same amount of time. The sand erosion test yielded only

1.4 times the loss for the same materials comparison. Bronzes showed
pretty much the same relative resistance in either test. Table 7-1 gives the

relative erosion weight loss results using 12-13% chrome steel as the standard.

A simple device was used to determine whether the chief wear
mechanism encountered in pumping plants was water or solids. Slotted area

attacked in the water corrosion-erosion tests was known. From known
densities of nnaterials and known original slot clearance, weight loss needed

to double a 0.025 inch clearance was calculated for materials of interest.

Then surveyed component lives, as weighted by judgment and velocity factors,

were used in conjunction with test results on weight loss versus time to

determine what percentage of the needed weight loss might be attributed to

water corrosion-erosion alone. In almost all cases, it was found that water

alone was an insignificant factor as a wear mechanism in pumps. In isolated

cases of cast steel rings, a few percentage points of the wear might be

attributed to corrosion providing a pH of about 8. 4 is assumed and relative

Loss weighted by results in ref. 13 on loss versus pH. In any case, the per-

centages found were less than the normal variance in weight loss from repeat-

ed tests. Therefore, it was decided to use relative sand erosion figures

which seemed to fit the data quite well.

jj
Materials chosen for the wear rings and balance rings in the

' prototypes were 1020 and hardened 1040 steels. It must be emphasized that

these materials were not chosen because they represent the optimum selection.

i
Such a selection must await results of the wear test and further analyses of

I

other test and field data. They were chosen because they are popular in

I

contemporary American pump and turbine plants, they are not expensive,

they show good sand erosion resistance, and they have been tested in actual

service.

I
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Since the water at Tracy Pumping Plant proved to have an

average pH of about seven, it was assumed that no significant portion of the

ring wear at Tehachapi would be attributable to corrosion.

Thirteen percent chrome steel was assumed for the impeller

since the majority of field surveys listed this material, but the popular babbit

and cast steel interstage ring materials were passed over in favor of bronze
and cast iron. The reason for not choosing the softer interstage materials

was that data indicated their mean life might not exceed that of the wear ring

lives weighted for 1020 and 1040 steel materials, and it is desirable to change
wear and seal rings simultaneously. Babbit has not been subjected to control-

led wear tests so that data are not available on its relative resistance to sand

erosion. However, two plants surveyed used bronze and cast iron in their

wear rings and a babbit-cast steel combination for their interstage seal rings.

Mean lives for one plant could be weighted for both velocity and judgnnent,

while the other could be weighted for velocity only so that relative lives were
weighted by two and one, respectively, to arrive at an average relative life of

3.5 for the bronze-cast iron over the cast steel-babbit. The consequences of

this factor being in error are not great since overhaul time for the seal rings

is to be determined from life of the wear rings. Sufficient proof that bronze-
cast iron seal rings will outlast steel wear rings is found in the data.

Stuffing box life was not weighted for material for the same
reason it was not weighted for judgment and velocity; a lack of detailed data.

Most of the fixed bushing types have a chrome and bronze labyrinth followed

by a babbit- steel or babbit-chrome bushing for one end of the pump and the

bushing alone for the other end.

e. Special Factors

Special weighting factors which deserve consideration are con-

tinuity of operation; ring eccentricity; settling, flushing, and centrifuging of

solids; and water quality. Analysis shows that the last of these factors is so

dominant, indefinable, and unpredictable that the others cannot and need not

be determined for data weighting purposes.

It is a common assumption that a pump which is started and

stopped quite frequently in the course of its operation should experience more
trouble than one which suffers few interruptions to its operation. For this

reason, the field surveys included questions on the number of starts per
month or day, length of the pumping season, hours pumped per day and year,

and so forth, so that estimates could be made of the number of starts per
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thousand operating hoi.irs. Tnese estimates range from two ro 1500 with the

average being about ZOO. The plants surveyec were arrangea in three groups

according to water quality with component lives associated witn thern. These
lives were weighted for judgment, velocity, and material, and included times

the component had operated without failure. No correlation could be found

between component life and number of starts within the groups representing

fairly uniform water quality.

Excellent records kept at Tracy Pumping Plant made it possible

to study wear versus ring eccentricity. The records showed north, south,

east, and west measurements of ring clearances at installation and at removal
for overhaul. Accumulated operating hours and unit starts could also be

determined at any time. The only variable in the wear of twelve rings was
eccentricity. Comparisons were made between the wear per 30, 000 hours and
the amount the rings were initially out of round, which ranged from . 002 to

. 026 on an average clearance of . 035. No correlation could be found.

While a pump is idle, suspended solids in water in the volute and
cross-overs settles out and accumulates at the lowest points on the discharge
side of the pump which are in the vicinity of the wear rings for a vertical

pump (ref, 7-4). If this phenomenon were significant, it could lead to longer

life for a horizontal pump's wear rings than for those of a vertical pump
operating under similar conditions. No such trend is definitely indicated by
the data, nor is there any obvious connection between use of seal water flush-

ing and greater ring life.

Other observations of multistage pumps, whether vertical or

horizontal, indicate the rings nearest the suction inlets wear faster than rings

in later stages if the water contains a fair concentration of solids. It is

thought that solids in the inlet are fairly uniformly distributed while the

centrifugal action of each stage progressively forces the particles further out

toward the periphery of the volute or cross-over and away from the rings. In

this case, the multistage pump might be favored because losses in overall

efficiency due to leakage may not increase as rapidly as they would for single

stage pumps in the same application. Evidence of this is also impossible to

filter out of the amount of data at hand, some of which are contradictory in

nature.

The subject of water quality and its effects on component life is

so connplex as to make scientific description and classification difficult, if not

impossible. Variables to consider are parts per million of undissolved solids

(to which wear should be proportional) (ref. 7-2), hardness and size of the
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suspended solids, pH, corrosion index, salt and CO2 content, specific conduct-

ance, and the component materiaLs which are in contact with the water. Field

evidence indicates that concentration of solids is the variable most closely and
dominantly related to wear.

Survey descriptions and laboratory analyses of water quality at

the various plants were studied in an effort to categorize the water. An
attempt was made to ignore mean life of the components at each plant when
drawing up the categories, but it is probable that a plant operator's description
of water quality is influenced by his maintenance experiences. Even among
impartial observers, opinions on what is clear water and what is dirty water
vary considerably. For this reason, fine distinctions in water quality were
not attempted and only three categories were formulated.

Good water is considered to be that in which visible solid content

is not particularly notable. This category includes all the American plants

visited except Tracy, as well as plants with "exceptionally clear" water such
as Etzelwerk, Provvidenza, and Sipplingen, and "good" water as found at the

Hausern complex.

The average water classification includes all those plants with

some solids in their water, but not notable amounts. Most of the glacial silt

waters are in this category whether high or low in altitude and regardless of

the relative compositions of limestone versus quartz. Tracy water, because
of its turbidity, is considered to be average.

The poor quality water category encompasses only six plants.

Typical of the plants and comments describing the associated water is Motec
and "poor, sharp glacial silt, much sand in year 1963". Other plants included

are Arolla, Stafel, and Ferpecle.

Mean lives and times without failure for wear rings, balance
rings, and impellers at the various plants were listed in their respective

quality groups. Only three notable exceptions to the failure time-water quality

correlations were found. One of these cases, Lewiston wear rings, was
eliminated from the mean life-water quality comparison. This was because,
while the wear rings eroded excessively in a short time, the upper or balance
rings exhibited no measurable increase in clearance. Water quality was thus

eliminated as a factor in this case.

Average nnean times to failure were calculated for rings and
impellers in each water quality group. It was found that impeller mean life
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for average water was about half the average for good water and foar times

that for poor water. The balance and wear rings exhibited a proportionate

but greater separation than the impellers. In order to avoid compounding of

errors by over -cor rection, the weight factors one-half and four were adapted.

It was decided that the water at Tehachapi would in all probability-

fit into the average quality bracket since the forebay is not large enough to

afford the plant more than one -half hour of capacity pumping and since Delta

water is quite generally colored and clouded with suspended sediment. It was

also assumed that the water would be neutral as it is in the region of the Delta

near Tracy.

2. Computation of Weighted Component Lives

An example will be given of the computation and application of weight

factors. The sample data chosen for this demonstration of weighting are

from Motec and are neither greatly detailed and accurate nor unusually

obscure. Motec is chosen because it contains all component types which were

weighted and has failure figures for most.

No clearances were given on the seal and wear rings at replacement

but leakage for the balance labyrinth at start and replacement was given as 30

liters per second and 55 liters per second. This was close enough to a 75%
increase so that failure times were not adjusted in this case except that a

needed repair was not made in the Winter of 1963 for lack of spare parts but

the time elapsed since the previous replacement was taken as a time between
failures. The times to failure for the balance rings were 2300, 3000, and

1500; for the wear rings: 5000 and 2000; for the seal rings: 5000 and 2000.

Times without failure were 7900 for the fixed bushing stuffing box, 1000 for

the wear rings and seal rings, and 7900 for the impeller. Times in all cases

were rounded off to the nearest hundred.

Velocity squared for the Motec rings was calculated by hand and also

as a part of the computer program for a double check. Equations (7-12),

(7-14), (7-16), (7-17) and (7-18) were used in these computations with the

following parameters:

H = head per stage - 688 ft.

H|- - pump head = 2065 ft.

K = design constant = 0. 84
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D^ - impeller diameter = 5. 2 ft.

D = wear ring diameter - 3,5 ft.

Di = balance ring outer diameter = 3. 34 ft.

Dg - seal ring diameter - 1. 66 ft.

Z = number of wear ring throttlings = 4

f = friction coefficient of rings = 0. 04

1^ = average length of wear ring throttling = 0. 14 ft.

d = diametrical wear ring clearance = 0.00492 ft.

n = pump speed = 750 rpm

1 = average length of seal ring throttling = 0. 75 ft.

Zg = number of seal ring throttlings = 1.0

dg = diametrical seal ring clearance - 0.00394 ft.

Dv = balance ring mid diameter = 2, 6 ft.

Z^ = number of balance ring throttlings = 11.0

1 = average length of balance ring throttling = 0. 29 ft.

d, = diametrical balance ring clearance = 0.00492 ft.

: Results obtained on the computer and by hand respectively are as

i| follows (in hours):
i

wear ring = 5348.7235, 5360

seal ring = 2134.5351, 2150

balance ring = 3791.4699, 3920

279



The two sets of results are within slide rule and round-off accuracy
for the first two outputs. The balance ring computations were done in two

different manners. The computer figure camie from the general ring equation,

(7-18), while the hand calculation was simply figured on the basis of given

leakage and measured dimensions. The variance is only about three percent

which is considered to be a very good confirmation of weighting techniques

used, particularly when it is noted that real operational clearance is generally

on the high side of design clearance and the leakage figure was rounded off.

Velocity squared for the impeller was calculated by hand from
equations (7-22), (7-23) and (7-24) and turned out to be 12, 765. Impeller v

for the four stage Tehachapi prototype was calculated to be 17, 830 so the

weighting factor for this impeller becomes 12765/17830 or 0. 715 and the 7900

hours without failure at Motec becomes (. 715) (7900) or 5700 hours without

failure for the four stage prototype at Tehachapi.

Ring V for the Tehachapi four stage prototype was computed to be

4150 for the wear rings, 1395 for the seal rings and 6720 for the balance rings.

The first two were found on the computer and the last done by hand using design

dimensions and the manufacturer's estimated power loss converted into leakage

velocity for the balance labyrinth. Weight factors for Motec data on the basis

of this prototype are 5360/4150 for the wear rings, 2150/1395 for the seal

rings and 3920/6720 for the balance rings resulting in the following weighted

times in thousands of hours:

wear rings: 6. 5 and 2. 6 to failure, 1. 3 without failure

seal rings: 3. I and 7. 7 to failure, 1. 5 without

balance rings: 1. 4, 1. 8, and 0. 9 to failure

Material weight factors were applied to the wear rings and balance
rings but the impeller and seal rings proved to have the same materials as

those presumed for the Tehachapi prototypes. The combination of 1020 and
1040 steel gives an increased life factor over bronze and cast iron of (2. 66 +

2. 5) / (I, 4 + 0. 95) or 2, 4 (see Table 7-1). The last two failure times for the

balance rings listed above were obtained with 13% chrome substituted for the

cast iron. The weight factor for this combination becomes (1 + 2. 5) / (1. 4 +

0.95) or 1.49. Mean lives become:

wear rings: 14. 3, 5. 7 to failure, 2. 9 without
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seal rings: 3. 1, 7. 7 to faiLure, 1. 5 without

balance rings: 3. I, 2. 7, 1. 3 to failure

impeller: 5. 7 without failure

When the data are analyzed on a general water quality basis it is

found that Motec belongs to the group with poor water in which average mean
lives are less than one-fourth those in the average water group. This last

factor, when applied to the above weighted data yields:

wear rings: 57. 2 and 22. 8 to failure, 11.6 without

seal rings: 12.4, 30.8 to failure, 6 without

balance rings: 12.4, 10.8, 5.2 to failure

impeller: 22. 8 without failure

3. Computation of Component Life and Repair Time

Presumably, if the weighting factor derivation were complete and

correct, data on failures of all types of rings could be weighted and used in

calculating mean life of any one type. However, when wear in the wear rings

and balance rings of a single stage pump are compared it is found that velocity

factors alone do not account for the differences and in many cases this should

be the only variable. Evidently, the situation or duty of a ring in the pump
has something to do with wear rate so only wear ring data are used to compute
wear ring life and only balance ring data to connpute balance ring life, and so

forth.

The example given here is that of wear ring life computation because

it is applicable to all three lift concepts. A total of 172 times to failure or

times without failure for wear rings were extracted from the data. When
failure time was given as an average time for some number of pumps in the

plant this time was considered the same number of times as the number of

pumps to which it applied. That is, if failure time was the average for a

plant with six pumps, it was considered that six failures took place at this

average time. However, time between ring replacements was assumed to be

dictated by the ring which erodes most readily so only one failure per pump
per replacement time was allowed. Times were all weighted for the four

stage Tehachapi prototype.
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TabLe 7-II Lists the times at which failures took place (t^), the

number of operating times greater than t^ (N^), the number failing at t^ (i^),

the estimated reliability at t^ (R(tj^)), the normal deviate of the reliability-

estimate (yi)j and needed sums and products.

The shortest time to failure in the weighted wear ring data was 13. Z

thousand hours. There were 55 times without failure shorter than 13,200

hours so that the number of observations left at this time was 172 minus 55

or 117. Two failures occurred at this time so that the reliability estimate

was (117 - 2 + 1)/(117 + 1) as per the first term of equation (7-1). The "yi"
was found in a table of area under the normal density function for a reliability

of . 984. It is negative because it occurs before the 0, 5 reliability point on the

curve.

The second shortest failure time was 14, 900 hours but only 104

survivors were left at this time because of the two which failed at 13, 200 and

eleven more whose incomplete operating times lay between 13, 200 and 14, 900.

Survival rate in this interval was (104 - 6 + 1) / (104 + 1) or . 945 and this

multiplied by the reliability at 13, 200 gave a reliability of . 928 as per the

first two terms of equation (7-1). Again the deviate, -1. 46, was found in the

normal area table for a reliability of . 928.

At 17, 200, there were 89 times left, one of which was a failure time.

Then R(ti) is (89 - 1 + 1) (. 928) / (89 + 1) for 17, 200 hours. This process

continues in order of shortest times first until the longest time to failure is

accounted for.

Equations (7-3) and (7-4) are used to get a mean life (m) and standard

deviation (s) which are 31, 500 and 16, 400 respectively for the Tehachapi four

stage prototype. The 95% confidence limits are 27, 700 to 35, 300 as calculated

from equation (7-2) where f is the total number of failures entering into the

data or 70.

Wear ring lives for the other prototypes were calculated using

velocity squared weighting factors. The average velocity squared for the

single stage pumps as calculated in accordance with the procedure outlined

previously under "Water Velocity", is 4510. The four stage wear ring v was
4150. Therefore, wear ring life in the three lift concept is about (4150) (31. 5)

/ 4510 or 29, 000 hours. For the two lift concept it is (4150) (31. 5) / 4200 or

31, 200 hours.
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Repair times were quite variable. The following are numbers of re-

pairs made and time for repairs in hours (assuming three shift maintenance):

multistage wear and seal ring 3 at 380 hours

replacement 10 at 120 hours

multistage seal and balance rings 1 at 253 hours

multistage wear and seal ring plus 2 at 336 hours
impeller welding 1 at 120 hours

The above times were averaged to get a multistage wear and seal ring replace-

ment time of 200 hours.

The following times referred to inapellers only:

multistage impeller repair 19 at 40 hours

multistage impeller replacement 19 at 120 hours

A common procedure in pumping plants is to repair the impeller at two over-
hauls and replace it every third overhaul. If this practice were carried out it

would mean an average impeller maintenance time of (120 + 80) / 3 or 67 hours.

This time could be added to the ring replacement ave*rage of 200

hours to make a total overhaul time but it should be noted that an impeller

repair and balance ring repair already figure in to the ring average and that

assembly and dismantling time are duplicated in the ring and impeller change
times. Therefore, an overhaul time of 250 hours for multistage pumps is

considered to be on the conservative side.

The single stage pump repair times were as follows:

ring replacement 6 at 370 hours
7 at 194 hours

ring replacement plus impeller repair 3 at 40 hours
20 at 136 hours

The average here was 178 hours for ring replacement. Typical of other
impeller repair times was 70 hours. The overhaul time for single stage
pumps was set conservatively at 230 hours.
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Times for fixed bushing packing replacement were two at 60 hours,

two at 48 hours and two at 64 hours for an average of 47 hours which was
rounded off to 50 hours for the study.

Balance ring repair does not require that the pump be completely dis-

mantled, and complete dismantling and ring replacement including balance

rings was listed at 253 hours on a pump having three wear rings and two seal

rings. It was assumed that balance ring repair time alone would be about 100

hours.

4. Preparation of Planned Outage Schedule

Mean time between replacements of wear rings was used as the nucle-

us of all planned outage schedules. For example, it was noted that if the balance

ring life in the four stage pump were adjusted from 20, 400 to 21, 000 hours,

every third balance ring repair would coincide with every second ring overhaul

and maintenance time could be conserved. The stuffing box life was boosted

from 13, 700 to 14,000 hours so that every ninth packing repair would coincide

with a fourth overhaul and every third packing repair would occur simultane-

ously with the second balance ring repair. It was assumed that impeller repair

could be delayed to overhaul time. The following planned outage schedule for

the single lift concept emerged:

Pump Time-hrs. Repairs Repair Time-hrs.

14,000 Stuffing Box 50

21,000 Balance Ring 100

28,000 Stuffing Box 50

31,500 Seal Rings, Wear Rings, Impeller 250

42,000 Stuffing Box and Balance Ring 100

56,000 Stuffing Box 50

63, 000 Balance, Seal and Wear Ring,

Impeller 250

70,000 Stuffing Box 50

84,000 Stuffing Box and Balance Ring 100

94,500 Seals, Wear Rings, Impeller 250

98, 000 Stuffing Box 50

105,000 Balance Ring 100

112,000 Stuffing Box 50

126,000 Seals, Wear Rings, Balance Ring,

Impeller, Stuffing Box 250
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For the one and two stage pumps the wear ring time was taken as

overhaul time for all rings and impellers and stuffing box replacement time
was again adjusted so that every ninth replacement would coincide with every

fourth overhaul. These times are tabulated in Section 7E, Table 7-V.

5. Unplanned Outage Analysis

Percentage of probable unplanned outage time per plant was given in

ref. 7-11 and these results have been checked by independent calculations.

However, in order to calculate reliability, it was necessary to know the mean
tinne between unplanned outages. The only reasonably detailed and compre-
hensive data on hand which could be used to determine frequency of these

outages were those supplied by the Metropolitan Water District on maintenance
for its five aqueduct plants.

All outages except planned overhaul and packing maintenance were
counted for each plant through fiscal year 1963. Packing maintenance, though

not planned at these plants, is expected to be planned at Tehachapi where fixed

bushing types will be used rather than adjustable soft pack. The total pumping
hours for each plant through fiscal year 1963 are obtained from annual reports.

The unscheduled outages are (not including packing problems):
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The pumps at MWD experienced several outages for cracked seal
rings. For the purposes of this report, it is assumed that only four (4) of

these pump failures could be expected at Tehachapi since the remainder of

the outages were due to the experimental nature of the replacement rings.

These outages (given above) were analyzed from the standpoint of

double flow, two stage and single flow, four stage to deternmine the relative

number of outages expected from these more complex pumps. It was assumed
that the basic design of the motor, bearings and other individual components
would be equal in quality for the three types of pumps. The failures attributed

to pumps of the single stage type were then weighted to account for the greater
number of bearings, seal rings, seals and balancing rings in the two and four
stage pumps. Total outages for the three types of pumps for purposes of the

Tehachapi analysis are:



It was found that the mean time for correcting unplanned outages was
. 31% for the single stage pumps at Tehachapi,

(. 31%) X (31, 000) H^ = 101.8 hours
8350

NOTE: 8760 hours in a year

8350 operating hours in a year for Tehachapi.

The tinne to repair a single stage pump was weighted according to

complexity and the added time to repair the balance ring, added bearings and

seal rings. The following repair times for unscheduled outages resulted:



1.0

H

w

10 20 30 40 50

OPERATING TIME IN THOUSANDS OF HOURS

60

FIGURE 7-4 INTAKE PLANT RELIABILITY
FOR UNSCHEDULED OUTAGES
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6. Computation of Lift Concept Effectiveness

The equation used in computing lift concept effectiveness is (7-9)«

The terms of this equation are found from equations (7-8) and (7-5).

Again taking the one lift concept as an example, operating hours are

8350 and hours devoted to scheduled overhaul are (8350)(1700)/ 126, 000 or

113 hours. There are 297 hours left in the year for unscheduled repairs if it

is assumed that Tehachapi operation is independent of unscheduled outages in

upstream plants. The mean unscheduled outage tinne is 105 hours so 297/105
or 2.83 repairs may be made annually. Concept mission reliability is then

exponential (-8350/21, 100) multiplied by 1. 484 as found for 2. 83 repairs on

Figure 7-5. The resulting one lift reliability is (0. 672)(1. 484) or 0.997.

Operational readiness or availability of the one lift concept is 8760

minus 113 hours scheduled outage nninus 41 hours unscheduled outage divided

by 8760 or 0. 982.

One lift concept effectiveness is (0. 997)(0. 982) or 0.980 for 5000 cfs

plant capacity. Increases in plant capacity reduce the number of pump hours

per year which increases available repair time annually and therefore increases

both concept reliability and operational readiness. Values of effectiveness for

various overcapacities are given in the tabulation of results.

The three lift concept puts three plants in series rather than one as

with the one lift concept. Annual repair time allowance is (8350)(1320)/

116, 000 or 95 hours, leaving 315 hours per year to complete unscheduled
repairs. This allows 315/3 or 105 hours repair in each plant of the three

lift since an outage in one forces equal outage in the others. Reliability of

each plant in the lift is (0. 766)(1. 27) or 0. 973 but since all three must operate

in series the lift concept reliability is (0.973) or 0.921.

Availability of the three lift is 8760 - 95 - (3)(. 0031)(8760) divided

by 8760 or 0. 979 so that lift concept effectiveness is 0. 902.

Two lift concept effectiveness is computed in a similar manner.
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F. RESULT TABULATION AND QUALITATIVE ANALYSIS

This section of the report presents tables of results of the reliability

study, an analysis to test their validity, and guidelines for making a choice

of lift concepts and pump designs.

1. Component Mean Lives

The following tables present predicted component mean life (time

between repairs or replacements) for Tehachapi Prototypes on the basis of

the following assumptions.

1. Water quality is average, pH about 6-7, about the same
undissolved solids content as Tracy water.

Z. Cavitation does not take place.

3. Wear and balance ring materials are SAE 1020 and 1040

hard steel.

4. Interstage seal ring materials are bronze and cast iron.

5. Suction impellers are 13% chrome steel.

6. Wear rings are out of tolerance at twice the original clearance

of the average wear ring surveyed in the field.

7. Balance rings are out of tolerance at 1.75 times the original

clearance of the average balance ring surveyed in the field.

8. Packing is of the fixed bushing type with babbitt bushing, cast

steel sleeve and a four throttling surface labyrinth of 13% chrome and bronze.

9. Interstage seal rings are out of tolerance at six times the

original clearance of the average seal ring surveyed in the field.

10. Water velocity squared is as noted in the table.

Mean lives and confidence limits are calculated for components of

the four stage pump. These mean times are adjusted by water velocity

squared for the two-stage and single-stage pumps. The same velocity factors

are used for determining packing life as for wear rings.
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2. Validity of Component Predictions

Validity of the component mean life predictions depends on validity

of the data, the weighting factors, and assumed Tehachapi conditions.

Although every effort was made to base the data on written records

and official drawings, this was not always possible, particularly for data

from Europe, and a margin of accuracy exists because of this. A measure

of data validity is obtained by comparing data points with theoretical curves

for reliability in the wear failure mode (normal curves). Also confidence

limits and standard deviation are of interest because they yield a measure of

uncertainty due to the number of data points available and their spread about

the mean. Figures 7-6 through 7-12 show these parameters. Lack of data

is particularly noticeable in the case of interstage seal ring lives.

The component lives are subject to question and ultimate revision

due to the application of judgment factors. Certainly it would be more
accurate if an absolute clearance increase could have been used rather than

a relative one, and this procedure will be followed for the final report. To
check the effects of using absolute clearance, a reliability curve for wear

rings was generated on the assumption of a 0.020 inch increase in clearance

(double the prototype design clearance), and all data were weighted on this

basis. It was found that nnean life in this case was 22, 900 hours, with 95%
confidence limits from 20. 2 to 25. 6 thousand hours and standard deviation of

11, 600. The comparison of field mean lives based on absolute wear does

not alter either the water quality factors or the general picture of life versus

frequency of unit starts, nor does it indicate a re- evaluation of materials is

needed.

A summary analysis was made to find out if the 31, 500 life predic-

ted for the four-stage prototype on the basis of field experience was more
reasonable than the 22, 900 wear ring life based on original prototype clear-

ance. An efficiency difference of one percent is estimated to cost about

$28. 20 per hour for 9. 4 MW of power at three mils per kilowatt-hour (Ref. 11).

For each of sixteen pumps in the single lift concept, the cost is $1. 76 per

hour per unit per one percent loss in efficiency. On the basis of leakage

equations used in this study, it was determined that wear ring efficiency loss

for the four-stage prototype would be about 0. 067o initially. The loss would

increase by about 0. 06% every 22, 900 hours when clearance had increased

another 0. 020 inches. There are four wear rings in the prototype but

experience has shown that the suction ring wears at a greater rate so the
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other three rings might each be assumed to lose 0. 75 times the efficiency

lost by the suction ring in the same period. Interstage seal ring life was

computed on the basis of about the same efficiency loss as the wear ring but

it takes twice as long to reach this point according to component lives so the

three seal rings will each be considered as losing 0. 5 of what the wear rings

lose in efficiency at any time. Then the portion of one percent efficiency lost

by one suction and three downstream wear rings plus three interstage seal

rings is (4. 75)(. 06) (operating hours)/2Z, 900 hours. Cost of each one percent

loss is $1. 76 per hour times operating hours and the product of average loss

and cost per loss should equal cost of the overhaul if it is done on an econo-

mic basis (power cost only).

Cost of an overhaul is based on very fragmentary information. The

price of two sets of seven foot diameter, smooth surfaced, stainless steel

rings, in one instance, was found to be $8, 125. For this analysis it was
assumed that wear rings cost $4, 000 per set and seal rings which will be

made of less expensive materials cost $1, 000 per set. Labor costs of $5 per

hour for five men over an overhaul period of 250 hours will be assumed in

addition to material costs for a total of $25, 250.

It is found that cost of lost efficiency will equal cost of an overhaul

in 48, 000 hours for the single lift prototype pump. Predicted component

lives are seemingly shorter than they may be when operations at Tehachapi

connmence, but this is preferable because of uncertainties involved in esti-

mating water quality, velocity, material resistance and probability of

adequate submergence. The important consideration for this report is that

comparison of lift concepts is realistic. Similar rough analysis of economic
conditions were, therefore, applied to the other lifts to make the comparison.

The two lift prototype has two suction wear rings, two aft wear
rings, and two interstage seal rings for a total of 4. 5 efficiency losses as

compared to 4. 75 in the one lift. Because of lower horsepower per unit the

cost per one percent loss goes down from $1. 76 to $1. 56 per hour. It will

be assumed that initial leakage in the wear rings for the two concepts is

similar which seems reasonable since they both experience equal head per

stage. However, the total capacity-head product for the two stage unit is

slightly smaller than that for the four-stage, so efficiency loss should be

(313)(1951)/(557)(975) or 1. 12. It will be assumed that initial ring clearance

is 0. 020 inches for the two-lift unit and its ring diameter does not differ

greatly from that of the single-lift. Then the same 22, 900 hour period as

used above should result in a loss which is double the initial loss for the

wear rings. Cost of overhaul is calculated on the same price scale as above
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with the result that it is $24, 250 and economic repair time is 48, 500 hours

for the two-Lift.

The three-lift prototype has a cost of only $1.04 per one percent loss

per hour because of its low power motor, and its overhaul consists essentially

of replacing 1, 75 suction rings. However, if the same initial leakage per ring

is again assumed, the percentage of efficiency loss per . 020 inches increase

in clearance is 2. 22 times what it is for the single lift prototype because of

difference in head per stage and total head and capacity. Overhaul costs are

again assumed $4, 000 per ring plus $5 per hour for five men over a shorter

period of 230 hours for a total cost of $13, 750. Economic life for these rings

is then 50, 900 hours.

Two qualifications must be put on the above relative life comparisons.
The first is that overhaul time for the multistage pump might be considerably
longer than assumed so that costs of overhaul may be more, and time between
overhauls would be extended proportionately. Second, it must be pointed out

that assuming the same leakage for the single stage pump rings as for the

others is giving it an unrealistic advantage in view of the fact that head is

about one third higher. Nevertheless, it is preferable that repair time be
dictated on an economic basis rather than a "rule of thumb" and it is apparent

that single stage pumps in the United States are allowed to suffer a greater

extent of wear between overhauls than their multistage counterparts in Europe.
Thus, concept effectiveness is calculated on the basis of the above rough esti-

mates for "case 4" under the tabulations. Here also, balance ring overhaul
was calculated on the basis of 0. 57% initial efficiency loss as predicted by

Allis -Chalmers/Sulzer and twice this loss was assumed to take place at 14, 800

hours rather than 22, 900 hours for reasons of increased water velocity. The
price of the labyrinth was assumed to be five times that of the wear ring or

$20,000 because it is built to withstand about five times as much pressure.
Overhaul time of 100 hours is multiplied by five men at $5/hr. for an overhaul
cost of $22, 500. The balance overhaul might profitably take place every
15, 700 hours then, but this was cut to 24, 000 to make it coincide with general

overhaul every second time. Stuffing box lives were adjusted for all lift

concepts to make every third replacement coincide with general overhaul,

again giving an unmerited advantage to the two and three lift systems in view
of contemplated higher submergence pressures involved.

Relative ratings of lift concept effectiveness were not changed materi-
ally by awarding the two and three lifts extended life lor their rings and shaft

packing. This fact, in addition to physical advantages assumed and the lack of

confirmed economic data, made it seem that component lives as outlined in the

previous selection and backed by common practice and experience are probably
the most valid at the present time.
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The velocity weight factors will probably be a source of dispute and

discussion but the data indicates that they are definitely a factor and that the

importance of these weighting factors may have been slightly underestinnated

rather than overestimated. Witness the following listings of v factors as

found for the four stage pump and raw data on the failure tinaes for the plants

involved (Table 7-1 V).

It may be noted in Table 7-IV that higher velocity factors are quite

generally accompanied by shorter times to repair. Water quality, materials,

judgment and other factors, of course, enter the picture, but Grand Coulee

and Hausern, for example, presumably both have good water. Water velocity

certainly appears to contribute to wear if it is not the primary factor involved.

Field data corroborates results of laboratory tests. Water velocity effects

will be easier to judge when wear tests are completed.

Preliminary results from three initial wear tests support the

contention that v is on the conservative side for comparing mean lives. On
the basis of tests with 500 and 1000 feet of head and the accompanying flow

rates, it appears that wear is proportional to some power of velocity ranging

from 2. 4 to 10. for seven samples with one notable exception. The excep-

tion is chrome plate which showed no increase in wear with increase in head

on the basis of just two tests.

First wear test results indicate that material weight factors may
also be valid. Wear of 13% chrome steel is found to be seven times that of

chrome plate, while the Stauffer sand test listed eight relative to a softer

13% chrome sample. The 13% chrome is also found to be 2. 5 times more
resistant to wear than bronze, which was the factor used from the sand tests.

The material weight factors used are also supported by the data.

Certainly, no case is evident in which chrome steel was 170 or 34 times
more resistant to wear than cast steel or cast iron, respectively, as suggest-

ed by boiler feed pump tests. In fact, when turbine bronze and cast iron

balance rings at Motec were switched to turbine bronze and 13% chrome the

ring life increased only from 1, 400 to 1, 800 hours and then dropped to 900

hours in a year because of increased sand content in the water. Cast steel

also holds up fairly well in most applications where water is not corrosive
as indicated by material weight factors used. These factors will be improved
in accuracy by the wear test results.

The water quality factors were the most loosely defined because
water quality itself is ill-defined. There is no good wear index which may
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be applied to water but, as illustrated at Motec, it is a factor which must be

considered. It is hoped that wear test results combined with water analyses

at Tracy will provide a clearer picture of the dominating wear mechanisms
in water. Results of the first 250 hour wear test, if extrapolated and weighted

for water velocity and materials, indicates a . 020 inch clearance increase in

50, 000 hours for the rings but actual experience at Tracy Pumping Plant

belies this preliminary indication.

A study of the times to failure in the raw data shows it is necessarily

top heavy with short times due to the fact that the newer plants of greatest

interest have not suffered failures as yet unless they have high velocity or

poor water or both. This is the best argument in favor of the weighting

process as a whole if realistic predictions are to be made. For instance,

mean impeller life from raw data alone is about 10, 000 hours but when they

are properly weighted for Tehachapi conditions the mean time becomes about

28, 000 hours.

Finally, a defense should be made for the calculation of component
life for the one and two stage prototypes on the basis of four stage life

weighted by velocity squared factors. It appears, first of all, that this would
be the only variable which distinguishes between the operational characteris-

tics of one stage, two stage, and four stage pumps used in the same applica-

tion. Secondly, an attempt has been made to make every phase of this study

reflect common pumping practices for if it did not, field data would not

really be applicable in making reliability predictions.

The single stage pump is not generally used in high head situations

so that its ring clearances are generally smooth and straight for ease in

machining and fitting. Leakage is generally low because of low head but it

usually represents a higher percentage of the power lost than in multistage

punnps on which designers tighten up on leakage rates to keep efficiency up

despite more rings, more disk friction and sometimes balance device losses.

In general then, it seems reasonable to assume that water leakage velocity

in the single stage prototype will be higher than that in the multistage proto-

types because its head per stage is higher, its inherent efficiency advantage
will allow greater comparative clearance tolerances and its lack of a history

of higher head applications may penalize attempts to improve on straight,

smooth bores.

The velocity squared calculated for wear rings of the two stage

prototype is only slightly greater than that calculated for the four stage

pumps. This reflects in general the close proximity of v factors found for
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these types of pumps in field studies. The usual assumption is that double
flow pumps will exhibit slightly higher efficiencies than multistage single

flow punnps for the same total head and capacity. This indicates that the

double flow pump could probably afford a little more ring leakage and gener-
ally does.

It is probably quite true that a designer could alter the length,

roughness, and configuration of a ring to make it nnatch any other in water
velocity despite differences in head and rpm. For this reason, lift concept
effectiveness is calculated on the assumption that velocity squared does not

vary for the components of the three prototypes and it will be seen that results

do not differ greatly from those based on the above mentioned weighting

process (case 2 of Table 7-VI).

3. Component Material and Design

The only materials on which there is sufficient information to judge
their relative merits are the cast iron-bronze and bronze-bronze ring

combinations. The former appears to be 1. 5 to 2 times more resistant to

wear than the latter. The chrome-bronze ring conabination appears to be
about equal to but probably better than the cast iron-bronze ring. Most
common, by far is the cast iron-bronze which gives quite good wear in most
cas es.

Isolated cases of ring materials which outlast the cast iron-bronze
average indicate that a chrome-cast iron combination holds nnost promise
followed by manganese steel. Stainless steel ring combinations of different

hardness are being field tested at several installations but their operating
lives are too brief to draw any conclusions. The 1020 and 1040 steel rings

assunned in this study are in use at Lewiston and Hiwassee. Hiwassee has
run about 6, 000 hours without trouble. Lewiston changes its lower rings

about every 3, 700 hours but the upper rings of the sanae material show no
wear when replacement occurs.

No material recommendations will be made as a result of this study

inasmuch as choice of materials should not be limited to those which have
been investigated in the field. Pump rings are too long-lived to field test for

best materials. In their technical review of 1961 (Ref. 7-14), Sulzer
recommends wear rings having a combination of 13% Cr. steel with a

Cr - Ni - Mn - Mo - V steel to avoid seizing and cracking which results when
high chronne steels are used. The material tested had 0. 75 Cr, 3 Ni and
0. 6 Mn.
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Field interviews indicate that the important point to stress in wear
ring design is that clearances be large enough so that maintenance crews may-

replace them without undue nnachining to prevent rubbing. Such machining is

time consunaing, may lead to rings which are out of round and will cause
losses in efficiency. It would seenn preferable to choose a prototype with a

little less efficiency initially than to find design tolerances untenable at over-

haul time and be forced to re-design the impeller to make up capacity lost to

ring clearance enlargement. Minimum clearance with which many nnainten-

ance men find they can work is about 0. OZO to 0. 025 inches.

Of course, the best ring design as far as wear is concerned is that

which allows the lowest relative water velocity in the clearance. Thanks to

a moderate choice of pump speeds the multistage prototype ring designs allow

water velocities which are about average for the punnps surveyed, but if

space and cost allowed it would be beneficial in the long run to have a greater

number or increased length of throttling surfaces.

Interstage seal ring design presents no particular problems. Water
velocities through these rings are found to be much lower than through the

wear rings. This is partly due to lower head across the clearance but also

due to the length which is nnade available between stages for crossover and
narrow clearances which are often used with babbitt and steel seals.

Predicted balance ring leakage for the four stage prototype is such
that it appears the balance ring will have to be replaced more often than the

wear rings if values assumed in the water velocity equations are realistic.

Methods should be explored to bring these mean lives closer together by
increasing wear tolerance or length of throttling surface, and so forth. A
saving in repair time would probably result.

Three types of shaft packing other than the fixed metal bushing
were considered in the study because it seenned possible that any of the four

might be used. Soft pack may be used for moderate pressures and peripheral
speeds without excess heat or wear (Ref. 7-14). Its nnean life was found to be
about 2, 700 hours with about 8 hours repair time. Carbon ring packing life

was calculated to be 8, 700 hours which is connparable to the 8, 000 hour
average life found in the carbon rings for boiler feed pumps (Ref. 7-14).

These packings may also be repaired in a short time compared to fixed metal
bushing types. However, there have been instances of seizing with carbon
rings. The mechanical seal employing self adjusting carbon seals has
operated successfully at Vianden for a maxinnunn of about 3, 600 hours. It is

still considered a "delicate organ whose behavior is difficult to predict"
(Ref. 7-14)
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With reference to impeller life, it should be emphasized that

wear in these predictions was considered due to erosion and corrosion in

the absence of cavitation. If cavitation is present, wear may proceed at a

rate comparable to the 6th or 7th power of the fluid velocity rather than the

second power as assumed here (Ref. 7-15).

4. Maintenance Schedule Tabulation

The table (7-V) shows estimated maintenance schedules for each

prototype pump in the three lift concepts. It is assunned that repairs are

made simultaneously at each plant.

5. Validity of Maintenance Schedules

Unfortunately the repair times in the maintenance schedule are
based on less information than was used to compute tinnes between repairs.

Because of uncertainty in repair times on the basis of available data, lift

concept effectiveness was calculated using repair time and schedule from
ref. 7-11. The schedule is probably realistic in that it lists balance ring

replacement separately from overhaul time for the four stage punnp.

Experience has shown this to be quite common.

6. Lift Concept Effectiveness Tabulation

Table 7-VI gives the essential information which went into the

calculations of concept effectiveness. The items, by colunin number, are
explained verbally here.

(1) Mean time between failures is average time between
unplanned outages according to data from MWD aqueduct plants which was
adapted for each plant of the three lift concept and weighted for each plant

in the other concepts by pump complexity factors.

(2) This column lists the probability that each plant of the lift

concept will operate for 95% of any year (8350 hrs. operation required by

5% overcapacity) without suffering an unplanned outage. The exponential

form is used here because it best describes the constant hazard rate

associated with unplanned outages and it is verified in plotting data from
individual plants.
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(3) The mean annual planned outage time per concept is given as

derived from Table 7-V predicted schedules. It is the needed annual

operating time divided by total accumulated operating hours per concept as

listed in the Table and multiplied by total repair time in the total accumu-
lated hours for a cycle of repairs.

(4) Time available to repair unplanned outages per plant is time

left in the year after mean annual planned repair and operating time are

subtracted from total hours in the year. This time is then divided by two

for the two lift concept and three for the three lift concept to make repair

time for each plant independent of the others in the concept because time

taken in one is taken in all.

(5) Unplanned repair time per repair is derived for the three

lift concept from mean time between failures (col. (1) ) and 0. 31% mean
annual unplanned outage time per plant as found in the DWR unplanned outage

analysis. This time is extrapolated to the other lift concepts by considera-

tions of time taken for each additional repair indicated by pump complexity.

(6) The summation which results in a redundancy factor repre-

sents a count of the ways in which each plant of the concept might succeed

as limited by the number of repairs allowed by dividing column (4) by

colunnn (5). Each added term represents the product of probabilities that

"r" failures take place and "r" repaired units succeed after repair. The
product is used to express the fact that failure must occur before repair

and renewed successful operation is assumed.

(7) Operational reliability is the total sunn of all ways a plant

may succeed taken to a power equivalent to the number of plants in the

concept because the plants must succeed in a series for unplanned outages.

(8) Mean unplanned outage time per year is operating time per
year divided by mean time between failures (1) as multiplied by unplanned

repair time per repair (5) and number of plants per lift concept.

(9) Operational readiness is annual hours nninus the sunn of

columns (3) and (8) divided by annual hours.

(10) Concept effectiveness is the product of operational reliability

(7) and operational readiness (9).
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Table 7-VII shows the effects of increasing overcapacity on concept
effectiveness. It nnay be noted that two lift overcapacity must be increased

to 10% and three lift overcapacity to about 15% in order that they may both

have the same concept effectiveness as the single lift with 5% overcapacity.

Equal operational reliability may be attained with 10% overcapacity on the

three lift and 10% on the two lift.

7. Validity of Lift Concept Effectiveness

The validity of lift concept effectiveness as a comparative index

does not appear to be subject to dispute at this time. Neither the reliability

nor the availability of individual pumps designed for about the same head
per stage, capacity and speed varies enough to be a factor whether the pumps
be one, two, or four stage. Where the one lift concept is inherently more
reliable than the other two is in the fact that it requires only one system to

operate successfully while the others demand success of two out of two or

three out of three. If the chances of one system succeeding are x, the

chances of three systems succeeding are x-^, because the chances of having

a failure are greater.

In the knowledge that some error might be involved in utilizing

the assunnptions, judgments and techniques which formed the basis for this

report, a series of validity tests were conducted to determine whether any
logical variation in this basis could lead to changes in the order of concept
effectiveness figures or even significant changes in comparative values.
All test conclusions confirmed the validity of lift concept effectiveness as

listed in this report.

The tests involved detailed calculations of concept effectiveness
and its component parts incorporating the following variations:

Test 1: Scheduled outage time was assumed to be 2. 7% as

presented in ref. 7-11. This represents the portion of time the entire

aqueduct is out of operation and available for repairs, inspection, altera-
tions and so forth. For Test 1, it was assumed that 2. 3% of the year (5%
overcapacity minus scheduled outage time) was available for unscheduled
outages. It was assumed that equal times were available for repair for

all concepts.
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Test 2: Reliability here dictates that rings and stuffing boxes in

the one and two stage pumps be designed to allow no greater water velocity

factors than found in the four stage pump. This puts all lift concepts on an

equal footing as far as component life is concerned, but penalizes the one

lift concept slightly by assuming separate repair of balance labyrinths.

Test 3: Test three assumes that repair schedules as drawn up

in ref. 7-11 are applicable. Component life is improved possibly through

use of new materials so that overhauls are performed every nine years.

Overhaul time is 480 hours for the one and two lift concepts and 240 hours

for the three lift. Sixteen hours are added for inspections and lesser

maintenance.

Test 4: Since the two and three lift prototype has fewer parts to

replace at overhaul and since equal losses in efficiency cost less in power,

it is postulated that time between overhauls based on economics for these

lift concepts may exceed that for the single lift. Estimates of repair times

are derived in the section on validity of component life predictions. Wear
rates are assumed equal in the prototypes as in Test 2, providing an

unmerited advantage to the three lift concept in view of its head per stage.

Test 5: This test compares the lift concepts with regard to a

combined distribution of planned and unplanned outages rather than assuming
100% reliability for planned outages. It utilizes some of the techniques

recommended below for incorporation in the final report on absolute relia-

bility.

It nnight be well to recall here the character of the study basis for

the results given in this report. Generally patterned after common practice

in design and field maintenance, this report assumes the rings and stuffing

boxes in the one and two stage pumps will wear at slightly greater rates

because of increased pressures across the clearances and decreased effici-

ency dennands as discussed previously. It also assumes separate repair of

the balance ring for the single lift concept. Tehachapi is considered

independent from other aqueduct operations.

For the final report, it is proposed that all times between mainte-
nance action be included in determining operational reliability whether they

be scheduled or unscheduled. Of course, the times between pump repair

outages will be those from the data as weighted for Tehachapi conditions

including economic clearance tolerances. The times between outages for

motor and valve maintenance may also be weighted for Tehachapi parameters
if correlations can be found.
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Times for maintenance actions will be plotted on one curve whether

planned or not. Again the best fit distribution will be used to get mean
repair time and probability that a repair is completed in any time interval of

interest. This probability may be treated as a switching reliability in a

standby redundancy situation as described by:

r(t) = exp(-t/m)(l + p^ t/m+p^t^ /Zm^ + p^t^ / 6m^ (7-25)

4 4
+ p^t /24m +....)

where r(t) = reliability of a unit at time "t"

m = mean tinne between outages

p = probability of completing one repair in time allotted

p = probability of completing two repairs in time allotted

p = probability of connpleting three repairs in time allotted

(and so forth)

Time allotted for each repair is time not needed because of over-
capacity divided by number of repairs. The above summation would be
carried on only as long as necessary to determine the limiting value.

Equation (7-25) really applies only to the exponential case and must be

modified if other distributions are more fitting.

Probability that the concept is ready to operate at any time of year
it is needed should be calculated from

^or = ^a - ^a^s + ^s <^-2^>

where P = operational readiness
or

P = operational availability

P = standby readiness

The form of equation used here is the result of an "or" situation.

That is, the system can operate because it is operationally available or it is

in a state of standby readiness. Operational availability is percent of
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calendar time when the systenn is operating or ready to operate if demanded
because it does not need repair. It is operating hours divided by operating

hours plus some factor times outage time. The factor is used to reflect the

fact that availability when dennanded may be increased by repairing the system
when it is not in demand. The standby readiness is percent of calendar time
when the system is ready to operate if demanded because operation has not

been needed. A factor may also be used here which reflects the chances that

a unit or a whole plant may be forced to submit to maintenance action despite

its standby mode. As long as repair time is not included in the standby, the

operational availability and standby readiness should be nnutually exclusive

and equation (7-26) should be applicable.

Other areas in which validity of the lift concept effectiveness will be
improved for the final report include data gathering and computation. Empha-
sis will be moTri on absolute accuracy of predictions than comparative.

I Data gathered will be improved in accuracy and detail. Operating
hours to repair and component condition at repair will be clarified. Much
more data on costs of repairs and tinnes of repairs will be gathered so that

repair time distributions may be formulated and repair cost-effectiveness

analyzed. More information on maintenance of motors, valves, bearings,
and switchgear will be procured as well as detailed accounts of failure modes
involved. Designs, clearances and water qualities will be more accurately
determined.

Judgment weighting factors will be placed on absolute bases for the

1
various lift concepts. If possible, a preventive maintenance program for

• valves, switchgear and motors will be developed with respect to water
hammer, voltage, insulation heating and number of starts. Economic and
engineering analyses will determine best tolerance specifications based on
final prototype designs and efficiency data.

I

Applicable water velocity factors will be refined by information
from the rotary and stationary wear tests. Factors adopted will be verified

by closer scrutiny of field experience.

PI Materials suitable to design, maintainability and budgetary considera-

tions will be chosen for prototype components. The wear test will help to

determine connparative operating lives.

PI Water quality weighting will be placed on a more valid basis by
wear test results and reexaminations of field experience in the light of more
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accurate techniques and data. Evaluation of unit starts and settling of solids

will also be put on firmer ground.

Successful implementation of the above propositions will make
concept effectiveness reflect the real picture of Tehachapi's strengths and

inadequacies in so far as is possible without detailed studies of upstream

operations. It may point out needs for spare pumps or increased overcapacity

to be sure of reliable water delivery and it will present a clearer overall

picture of comparative lift concept advantages.
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NOMENCLATURE

a = dimensionless measure of kinetic fraction of total head loss

c = dimensionless coefficient in McDonald formula

Ci = typical kinetic (friction) loss coefficient

d = diameter of pipe

D = diameter of pump impeller or turbine runner

D = eye diameter of pump impeller

f = friction factor; dimensionless coefficient in McDonald formula;
function of hydraulic efficiency in Rutschi formulae

F = friction coefficient in Biel formula

g = acceleration of gravity

h = total head loss in pump or turbine

h^ = kinetic head loss in pump or turbine, i.e. loss proportional
to second power of velocity

Ihf = head loss due to surface friction in pump or turbine

H = net head for pump or turbine
||

1 = subscript to represent a typical value of several like quantities

kp - measure of surface roughness introduced by Fromm and used in

Pant ell formula

I - length of flow passage, flat plate, etc.

m = exponent; hydraulic radius

n = exponent
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Hg = specific speed of pump or turbine

N = shaft speed of pump or turbine, revolutions per minute

o = Subscript to designate the point of maximum efficiency unless
otherwise specified

Q = capacity of pump or discharge of turbine

Re = Reynolds number

u = 7rDN/60 = peripheral speed of pump impeller or turbine runner

V = average fluid velocity

V = average fluid velocity

X = variable; nneasure of length parallel to direction of flow

y = variable

5 = dimensionless ratio of total head loss to net head

&£ = dimensionless surface friction loss parameter

&u = dimensionless kinetic loss parameter

Ai = error defined by Eq. (28)

A, error due to assuming Vy./^\y = 1 in formulae for predicting

pump efficiency

' = linear measure of absolute surface roughness

V - overall efficiency

''h
~ hydraulic efficiency

)? = mechanical efficiencym '

>?„ = volumetric efficiency
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V - kinematic viscosity of fluid

p = mass density of fluid

/ .
= summation of i terms of like character

i

= ratio of hydraulic efficiencies in Eq. 3b; function

Primed ( ) quantities refer to a model pump or turbine

Unprimed quantities refer to a prototype pump or turbine.

I
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METHODS OF ESTIMATING THE EFFICIENCY OF
HYDRAULIC MACHINES FROM MODEL TESTS

A. REPORT IN BRIEF

1. Purpose

The purpose of this report was to recommend suitable methods for

estimating the probable efficiencies of the T ehachapi pumps from tests of scale

models

.

2. Literature Search

The American, British, German, Swiss, and Japanese literature was
surveyed and more than fifty references obtained. These were studied with

considerable care including checking of numerical work wherever possible.

Tlie validity of approximations used in several formulae were tested as shown
in Table 1 and Figs. 1 and 2, Table 2 lists more than forty formulae for esti-

mating the efficiency of pumps and turbines fromi the results of tests of scale

models. Fig. 3 and Table 3 show a comparison of several fornnulae some of

which have been used for both pumps and turbines.

3. Discussion and Conclusions

From a broad viewpoint, all turbines or pumps should fit some comi-

prc-liensive pattern so that information on one machine could be used to predict

the performance of any other. Until such time as this can be done, it has been
customary to define a model as a comparatively small machine which is, for

the most part, geometrically sinnilar to a much larger nnachine called the

prototype.

Most of the nnodels have been built and tested by the firmis that have
designed and built the prototype machines and the details of the miodel tests

have remained their property. Individual manufacturers have been under-
standably reticent to release the volume of numerical data necessary either to

lesl formulae already proposed or to develop better ones. Several formulae,
such as those due to Moody and to Ackeret, were developed by individuals
liaving access to the records of a particular manufacturer. Thus each such
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formula was designed to fit the data on which it was based and appears to have

done so very well. It is nnost likely that individual practices in the construc-

tion and testing of models has differed so much that no single fornnula can be

expected to have universal applicability. A number of formulae have been pro-

posed on a basis of limited theoretical considerations with few if any numerical

data to support them. Moody in particular [22] ^ has warned against placing

too much reliance on any formula which has not been substantiated by a large

number of tests. It may be concluded that any formula or method for convert-

ing the efficiency of a model to that of a prototype machine should have re-

ceived such substantiation before being applied to an installation as important

as the Tehachapi pumps.

Of the many formulae which have been proposed, probably those due

to Moody and to Ackeret have had the widest acceptance and are based on the

largest amount of data from both model and field tests. The Ackeret formula

[35] used the Reynolds number to estimate the surface friction losses in both

model and prototype. It is doubtful if any appreciable effect of viscosity can

be detected where the fluid is cold water'* in both model and prototype so that

the conversion is based on the geometrical scale ratio and the ratio of model
to prototype head. MuTilemann [35] has shown that the Ackeret formula agreed
with the results of tests of some 30 to 40 turbines^ to within about ±2%. These
data were all supplied by the Ateliers des Charmilles S.A.. , Geneva,
Switzerland, and may be expected to reflect the individual practices of that

company.

The several Moody formulae [9, 17, 25, 29] were changed as time
passed. The first formula [9] was similar to the Ackeret but, as experience
accumulated, Moody found that the influence of any difference in head between
the model and prototype had become negligible for the data available to him
[25, 33] and that the exponent of the geometrical scale ratio tended to decrease
as the art of constructing and testing models improved. He also pointed out

that wide variation might be expected in the results of model tests due to

Numbers in brackets refer to the bibliography, Appendix I, Section G.
^Page 376 of reference [25].

Pfleiderer's 1947 formula [34] was a close approximation to the Ackeret
formula. Moody [ 9 ] used the same type of approximation for most of his

published formulae.
'^Less than 85°F.
See Fig. 9.

Page 91 of reference [33],
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individual practices in construction and testing. Kerr has stated that differ-

ent laboratories reported efficiencies differing by as much as two percent for

the same model with the I. P. Morris laboratory usually reporting the low

values. This probably accounted for a large part of the difference in efficiency

as computed by the Ackeret and Moody formulae because the Moody formulae
were based mostly on the I. P. Morris tests.

Table 3 shows prototype turbine and pump efficiencies as predicted

by several formulae. The differences, which in some cases amount to several

percent, must in large measure be due to the individual practices in fabricating

and testing models because each formula may be assumed to have represented
accurately the data on which it was based.

Unfortunately there is no single arbiter of efficiency conversion. The
American Society of Mechanical Engineers Power Test Code, PTC 18 - 1949,

Hydraulic Prime Movers, makes no mention of efficiency conversion. The
Standards of the Hydraulic Institute, Tenth Edition, Second Revision, Page B
(VIII) -21, recommends the turbine formula.

(l-r?)/(l-T7') = (D'/Df (1)

for use with geometrically similar pumps with 0. 26= n = depending mostly on

the differences in surface roughness and clearances of the model and prototype

pumps. In Eq. (1), T) is the efficiency^ and D is the impeller diameter of the

prototype. The primes signify corresponding quantities for the model. The
International Test Code for Hydraulic Turbines Using Laboratory Models for

Acceptance Tests, 1964, recommends that, in the absence of any nnutual

agreement to the contrary, the Moody formula

{l-7,)/(l-T,') . (D'/D)°-^° (2)

be used for geometrically similar Francis turbines. For convenience, r} and
T] are assumed to cover the hydraulic efficiencies.

The Society of German Engineers (VDI), Centrifugal Pump Code, Ac-
ceptance Tests on Centrifugal Pumps, April 1952, [47 ] recommends

Page 730 of reference [l7] , discussion by Kerr.

All efficiencies are decimal values in this report.
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71^ = l.{l-4>iy^) |(D'n')/(DN)J°-^ (3a)

wherein, D and D are any corresponding impeller diameters and N and N are

the speeds respectively of the model and prototype pumps. The function, 0,
is given by

<t>
= \l - (70/D^^-^)]/[l - (70/D;^-^ (3b)

wherein, D and E^are the eye diameters of the model and prototype impellers
respectively in millimeters . This recommendation is accompanied by a strong

admonition that considerable uncertainty is to be expected in the conversion of

model efficiency to prototype efficiency due to the inevitable lack of similarity

in surface roughness and clearances. This is a slight variation of a method
due to R'litschi [ 18, 41, 45, 53, 56, 59, 63} who reported that basing values of

on the eye-dianaeter of the impeller made possible some relaxation in the re-

quirement that the model and prototype have strict geometrical similarity.

No single formula or method for efficiency conversion has received
universal acceptance. Eq. (1) which was first recommended by Moody, has

been used extensively with turbines and in at least two cases for punrips. Jaski

and Weltmer [60] reported that Eq. (1) with n = 0. 25 was used to predict both

the pump and turbine efficiency of the Tuscarora reversible units at Niagara
Falls. Johnson and Wachter [ 65 ] reported that Eq. (1) with n = 0. 20 was
used to predict both the pump and turbine efficiency of the Smith Mountain re-

versible units. Byron Jackson Pumps, Inc. , in a comnnunication dated August
12, 1964 stated that Eq. (1) with n = 0. 165 had been found applicable to their

single-stage overhung -impeller design. Sulzer Brothers, in a communication
dated August 21, 1964, proposed the formula listed under their name in

Table 2, but, in a report^ dated February 22, 1962, it was stated that
" a rather good correction could also be obtained by using "

Eq. (1) with n = 0. 20. J. M. Voith GMBH, in a communication dated August
21, 1964, recommended either the Ackeret or Pfleiderer (1947) formulae
(Table 2), for predicting hydraulic efficiencies and noted that the latter pre-
dicted slightly higher efficiencies than the former. The foregoing are typical

of the divergence of opinion to be found in the literature on the choice of a con-
version formula to fit particular circumstances.

"Determination of Pumip Efficiency", by R. A. Strub and H. Canonica.
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4. Recommendations

a. It is recomnnended that the miodel or models used to represent
the final design of the Tehachapi Pumps be made as accurately to scale as

possible. This should extend even to the wearing ring clearances although it

is recognized that exact modeling of these may not be practicable. The model
pump should be tested both with and without a complete model of the inlet pas-
sage to ascertain what effect, if any, this passage may have on the pump
efficiency.

b. The surface finish of the model impeller and any guide vanes
should be at least 63 microinches for all surfaces in contact with the fluid.

The surface finish of all other surfaces in contact with the fluid should be at

least 1Z5 microinches.

c. The mechanical losses in the nnodel should be determined as

accurately as possible and subtracted from the measured input power to aid in

estimating the hydraulic efficiency. Both the overall and the hydraulic ef-

ficiency should be reported for the model tests.

d. The hydraulic efficiency, TJ ,, of the prototype pump should be
estimated from that of the model by

1 + il/n^) (D /D)
0. 20

(4)

which is the Moody (1942) turbine formula modified to apply to pumps [ 31, 50].

The modification was brought about by the manner in which pump head and
turbine head have been defined. This will be discussed in Parts D. and E.

e. The meager information on mechanical and volumetric efficiencies

indicated that an allowance of one-half of one percent for the product of both
the mechanical and volumetric efficiencies for the prototype machine is as good
a value as can be recommended. (See Part E, 2. and references [ 8, 16, 35,

47]). It is suggested that the overall efficiency, rj , of the prototype pump be
estimated fromi

n =
0. 995

1 + d/'?'^) - 1 (d'/d)
0. 20 (5)
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The use of TJ l7v = 0.995 has very little effect on comparisons among severalm
alternate pumps, all of which are large and highly efficient machines.

B. INTRODUCTION

Interest in the scale effect between model and prototype nnachines appears
to date from the early 1880's. The first conversion formula for turbines was
published in 1909 by Professor R. Camerer [2, 3, ] of the Technical University

of Munich, Germany. It included allowances for differences in size and sur-

face roughness of the machines, and in mean velocity and kinematic viscosity

of the fluid. Surface friction was evaluated by a formula for pipe friction pro-
posed by Biel [ 1 ] . Biel's formula involved the sum of three terms so that

the original Camerer formula was not only unwieldy but required evaluation of

a hydraulic radius representative of the flow passages in the machine. This
latter step required more detailed knowledge of the machines than often was
available. Moody [ 9a, 9b ] wrote that the formula was "in fairly good agree-
ment with actual results of tests." During thenext fifteen years, Camerer
published several simplified versions of the original formula but it is of in-

terest today mainly in that it laid the ground work on which most of the sub-

sequent effort has been based. No attempt to review all of the literature on

this subject will be made here. Rather, a discussion of the reasoning which
has led to most of the formulae will be given and followed by a selection of

typical formulae for both turbines and pumps.

Most of the published formulae have been developed for use with hydraulic
turbines and depend, for the necessary numerical values, on the results of

turbine tests. Pumps differ sufficiently from turbines to warrant separate con-
sideration but so few numerical data are available from tests of large pumps
that turbine test data have been used at least as a guide to the proper numerical
values

.

C. GENERAL FORMULAE FOR TURBINES

1. Component Losses and Efficiencies

Each unit mass of fluid which flows through a turbine runner gives up
pgH units of energy, wherein p is the mass density of the fluid, g is the ac-
celeration of gravity, and H is the turbine net head. Further particulars about
H will be given as part of the discussion of one of the Moody formulae. The
runner transmits to the shaft inost of the mechanical energy in the fluid.

See page 97 of reference [50].

330



Friction dissipates the remaining energy as heat except for a small portion

that appears as kinetic energy in the tail race and which usually is excluded

from the turbine head as measured in the field. A small quantity of the fluid

that flows through the turbine bypasses the runner by flowing through the clear-

ance spaces and hence does no useful work. The volumetric efficiency, 1)^, is

introduced to account for it. A part of the power input to the runner is ex-

pended in friction in the bearings and seals and does not appear as useful work
at the turbine shaft. It is accounted for by the mechanical efficiency, ijj^.

The overall efficiency, i?, is given by T} = Tf rf if (6)

wherein the hydraulic efficiency, Tf accounts for all the losses between the

inlet to the scroll case and outlet from the draft tube which are not covered

by Tf^ and f?^.

2, Separation of Hydraulic Losses

The hydraulic losses can be separated into two groups; those pro-

portional to the squares of velocities and those proportional to powers of

velocities other than the squares. Losses in the first category, sometimes
called kinetic losses, are typified by the loss at any sudden change in cross

-

sectional area such as at the exit from a cascade of vanes having thick trailing

edges. Those in the second category, usually called frictional losses, are

caused by boundary layer phenomena on all of the wetted surfaces.

a. Kinetic Losses

Define a dimensionless kinetic loss parameter for the model by

h^ = hk/H' =2 ^i v| /2gH' (7)

i

and for the prototype

k = \/H = 5]Ci^ Vi^/ZgH (8)

Only the case of turbulent flow is considered here, however, this does not

exclude the possibility of laminar boundary layers on vanes or other surfaces.
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wherein,

kinetic head loss in model,

H = net head for nnodel

= Summation of all i terms of like character.

c: Typical kinetic coefficient for model,

V. = Any typical velocity for model, and

g - acceleration of gravity for both model and prototype tests.

All unprimed quantities have the corresponding meaning for the pro-
totype turbine. It is customary to assume that the loss coefficients C. and C^

are functions only of the geometry of the flow passages. Thus, for geomet-
rically similar machines, each C- of the nnodel is identical with the corre-
sponding C- of the prototype.

A. model and prototype are said to operate under dynamically similar
conditions when

d'n'//h^ = DN/ /TT (9)

wherein,

D = inlet diameter of runner and

N = shaft speed.

For dynamically sinnilar operating conditions it can be shown that

V^2/2g h' = Vj^^/2g H. Thus, it follows that S\ = & k ^°^ geometrically
similar machines operated under dynamically similar conditions.

m

II

332



b. Friction Losses

A dimensionless friction loss parameter for the model is defined by

b\ ^ h^/H' = J^i[{i^/rry[) (Y'.^/ZgH) (10)

i

and for the prototype by

hf = h./H - Z^, (f /mj (V^^/2gH) (11)
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Thus, an assumed typical Reynolds nunnber, could be written as

Re - D>/h/v = ND^/** (12)

wherein, V = kinematic viscosity of the fluid, and Eq. (9) has been used to replace

/iTby ND.

4. The Dimensionless Loss Parameter Ratio

Define a series of functions of Reynolds number, 0.(Re') such that

f. = 0. (Re.) (13)

Then a ratio ofEqs (10) and (ll)for geometrically similar machines operated
under dynamically similar conditions yields

&f/&f =Ef/Ef' - E<Ai (Re.)/E</)! (Re| ) (14)

The dimensionless loss parameter, J, for the prototype machine may be
evaluated as follows:

Let the kinetic loss parameter, ^i , be given by,

i^ =
&;^

^ ai' (15)

wherein, a = **k/^ • represents the kinetic part of the total loss for the model.
The friction loss parameter, &£, is given by

&f
= &fE <t>:{ReO/T.<t>. (Re.) = (1-a) «'E0. (Re )/E0i (Rei) (16)

I J. ^ • ill jiii
by virtue of the fact that

hr = h -hi - b' - a&' = (1-a) b (17)
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The hydraulic losses in a turbine are given by

h - h^ + h^ (18)

and the hydraulic efficiency by

V^ - (H+h)/H = 1 + h/H - 1 + & (19)

It follows from Eqs. (14) - (19) inclusive that

h/h' = (1 -»?!,) /(l-'?h) - a + (1-a) X)0. (Re.)/E0i (Rej) (20)
i i

Eq. (20) represents a general formula for converting efficiencies from model
to prototype machines. Most of the fornnulae that have been proposed can be
derived from it by appropriate simplifying assumptions. An assumption made
by almost all investigators was that a single function of the Reynolds number
could be used to represent the friction loss coefficients for both the model and
prototype, such that

E^i (Re.)/E0J (Re!) = 0(Re)/0(Re') (21)

i i

then, by Eqs. (20) and (21)

h/b' - (l-V/<^-V = a + (1-a) <^(Re)/0(Re) (22)

Eq. (22) may be considered as the starting point for deriving almost any of the

simplified formulae for turbines.

D. GENERAL. FORMULAE FOR PUMPS

1. Component Losses and Efficiencies

Much of the discussion of hydraulic turbines can be applied to pumps
but there are somie notable differences. The pump impeller must impart suf-
ficient energy to the fluid to create the pump head, H, and overcome all of the

335



losses. In addition the impeller must pump the entire leakage flow through es-

sentially the head H. The measurement of the pump head^ may depend some-
what on the type of installation but it is comraon practice to charge the losses

in a suction elbow or other short intake passage to the pump and to credit the

pump with the kinetic energy in the fluid at the discharge flange.

The impeller shrouds usually rotate in contact with the fluid being

pumped and this gives rise to the disk friction loss. In the United States it is

customary to charge this loss to the hydraulic losses in the pump and account

for it by the hydraulic efficiency, H^. Many British and European authors'^

charge the disk friction to the mechanical losses and account for it by intro-

ducing an "internal efficiency", Vi, using the hydraulic efficiency, ^y^, to

account for the losses associated with the through flow including the recircula-

tion of the leakage flow by the impeller. Thus internal efficiency and hydraulic

efficiency may be indentical depending upon the individual author's designation.

In this report, the disk friction has been considered to be a hydraulic loss and

included in the hydraulic efficiency, J?^.

2. Dimensionless Loss Parameter Ratio

The hydraulic efficiency of a pump is given by

i;^ = H/(H+h) = l/[l+(h/H)] = l/(l+&) (23)^

and the ratio of the dimensionless loss parameters for the prototype and model
is given by

&/&' = [d-V/d-Vl hh/'^nl = a+ (l-a)0(Re)/0(Re) (24)

wherein the same simplifying assumptions have been made as for the derivia-

tion of Eq. (22) from Eq. (20). It is seen that the dimensionless loss param-
eters for either a pump or a turbine may be estimated from the same type of

equation but this does not extend to the hydraulic efficiencies. The similarities

between pumps and turbines have led many authors to assume that identical

functions of the Reynolds number and values of "a", the kinetic part of the

^See, for example "Centrifugal Pumps", ASME Power Test Code PTC 8. 1-1954
or "Standards of the Hydraulic Institute, Centrifugal Pump Section, " 10th
Edition, 2nd Rev.
See, for example, reference [63] , pp. 18-21,

See, for example, reference [50], p. 98.
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total loss for the model, could be used in Eqs. (22) and (24) so that experience
with turbines could be applied directly to punnps. The 1955 Standards of the

Hydraulic Institute recommend a turbine-type formula for use with pumps which
lends some support to this argument.

E. SIMPLIFICATIONS OF THE GENERAL FORMULAE

1. Condensation of Terms

a. Series Expansion

Many investigators have found that satisfactory results were
obtained by setting

</> (Re) = Constant /(Re)"^ (25)

Experience has indicated that m was a constant over a reasonable range of

Reynolds numbers and that the value of m probably depended upon individual

practice in constructing and testing machines. The constant in Eq. (25) has
been assumed to be the same for geometrically similar machines operated
under dynamically similar conditions. Upon substitution of Eq. (25), Eqs. (22)

and (24) may take the form

X = a + (l-a)y"^ (26)

which may be approximated^ by,

m(l-a) n
X 5 y = y (27)

by the sinnple expedient of expanding each equation in an infinite logarithmic
series and retaining only the first two terms.

b. Estimate of Error

The error due to neglect of the higher order terms in the develop-
ment of Eq. (27) cannot be determined by the method given by Pfleiderer be-
cause the series converge too slowly. Instead, Fig. 1 shows the error, Aj.
given by

^See, for example, Ref. 9b, p. 628, and Ref. [52] , pp. 756-757, discussion
by Pfleiderer.
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A^ = [a + (l-a)y m n
(28)

with n = (1-a) m and y = Re/Re. The numerical values of a, m, and n used in

Fig. 1 are those that have been suggested by several investigators. The ratio

y - Re/Re may be replaced by any of the applicable substitutes, such as D I'D,

as will be discussed later under Part E. 2. The hydraulic efficiency of a

turbine^ is given by

= 1 - d-tj') hih ^ \ - (1
n

\)X (29)

and X is to be taken from Eq. (27). An estimate of the accuracy of the approxi-

mation may be had by letting a = 1/2, m = y = 1/5, and n = 1/10. Several cal-

culated hydraulic efficiencies are shown in Tabl'e 1. The constants are those

of the Ackeret L-^^] and Pfeiderer 1947 \j>A:\ formulae respectively. Since

the numerical values of a, m, and n must ultimately be determined by ex-

perience, either of Eqs. (26) or (27) can be adjusted to fit given data with

virtually identical accuracy merely by ignoring the condition n = (1-a) m. As
a consequence of the foregoing, many authors have proposed

i/6' = (l-?7j^)/(l-»?^) = (Re'/Re)"" (30)

for turbines. The corresponding equation for punnps is

hlh (i-V/(i-V \/^h (Re /Re)
n

(31)

The argument may be extended to pumps by an appropriate change in Eq. (29)

'See also Tables 2 and 3.
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HUTTON

PFLEIDERER (1954)

FIG. 1. ERROR A, DEFINED BY EQ. (28)
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TABLE 1

CALCULATED HYDRAULIC EFFICIENCIES
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b. Constant Kinematic Viscosity and Constan t Head.

In addition to the case of nearly constant fluid viscosity mentioned
above, the speed of the model sometimes has been chosen so that both model
and prototype heads were very nearly equal. In such cases, Eqs. (32) and (33)
may be written

6/6' = (l-\)/(l-V = (d'/D)" (34)

for turbines and, for pumps,

h/h' = [(l-V/(l-<) ll^^h^l^ (d'/D)^ (35)

c. Hydraulic Losses Independent of Reynolds Number

It has been common practice to try to approximate the hydraulic
losses in machines by analogy to pipe flow or boundary layer flow over flat
plates. Pipes or flat plates that are hydraulically rough exhibit constant fric-
tion coefficients at sufficiently large Reynolds numbers. The Reynolds number
for a pipe is usually defined by

Re - V d/u (36)

wherein,

V = average velocity over the cross -sectional area,

d = diameter, and

I' = kinematic viscosity of the fluid.

The Reynolds number for a flat plate is given by

Re = VX/u (37)

wherein,

V = Free stream velocity (outside the boundary layer),

X = distance from leading edge of plate measured in the direction of
flow, and

V = kinematic viscosity of the fluid.
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Unlike a pipe for which the Reynolds number is constant along the

length, the Reynolds number for a plate increases from zero at the leading edge

to a maximum at x = /, the length of the plate parallel to the direction of flow.

The friction coefficients for rough pipes and plates become in-

dependent of Reynolds number at sufficiently large values of that parameter

even though the initial turbulence may be quite low. This has led many investi-

gators to the conclusion that friction coefficients for turbines and pumps should

be independent of Reynolds number because of high initial turbulence in the flow,

inevitable sudden changes in direction or cross -sectional area of the flow pas-

sages, and, particularly in older machines, considerable surface roughness.

Also in support of this view is the fact that losses in vane cascades tend to be-

come independent of Reynolds number above Re =600, 000. The Reynolds nunn-

ber of a cascade is given by Eq. (37) with x = / = the chord of the vane profile

and V = the velocity of the fluid just ahead of the vanes. If the fluid is cold

water, V = 25 ft/sec and / = 3 inches should be sufficient to render the losses

independent of the Reynolds number. These values are entirely reasonable for

wheels of 12 inches or larger diameter. Thus, if the cascade analogy holds for

turbines and pumps, the losses in the blading should be nearly independent of

Reynolds number in most cases of practical interest. This would appear to in-

dicate that any Reynolds number effects associated with most pumps or turbines

came from the vane-free sections of the machines.

d. Friction Losses Partly Dependent on Reynolds Number

It should be noted that all the losses in some parts of a machine
might be independent of Reynolds number while the losses in other parts could

be quite dependent on the Reynolds number. In fact, the wide variety of pos-

sible sizes of machines, materials, surface finishes, average flow velocities,

etc. , indicates that the dependence of friction losses on Reynolds number can

be anything from total to negligible. If the dependence on Reynolds number is

the same for a model and its prototype, Eqs. (22) and (24) for a turbine and

a pump respectively, should apply with0(Re) = constant /(Re)"^, or Eqs. (34)

and (35) could also be used with good accuracy provided that the conditions

for use of the latter equations are fulfilled.

3. Other Simplifications

a. Assumption that the ratio ^y^/^-^ * unity.

The majority of authors have assumed that the ratio '^^/'^h could

be set equal to unity in all of the equations for pumps. For example, Eq. (35)

342



would reduce to Eq. (34) so that pumps and turbines would be treated in the

same way. Medici [3l] and Pantell [50] appear to be the only investigators

who have questioned this heretofore. Fig. 2 shows the error, ^2' introduced

by setting ''v./^'h ^^^^1 to unity in any of the equations for pumps, i. e. using an
unaltered turbine-type formula to predict pump efficiency. Admittedly, the

errors are small for the usual range of interest but, since they are easily elim-

inated, there appears to be no valid argument for using an equation of the form
of Eq. (34) with pumps.

b. Assumption that J?}^ = ^7 .

Moody [9, 17, 23] in particular, among several authors, assumed
^ S Tl = unity so that '7j^ S ^ and applied the conversion formula to the over-
all efficiency rather than to the hydraulic efficiency. This expedient was bred
of practical necessity because of the difficulty in estimating T)^ and JJ^^ for

either the model or prototype. Very few authors have given any numerical
values for '7^ or '7j-n' Staufer [sj mentioned the value TJm ~ ''m " ^- 98.

Gregorig [l 6] quoted '7^^ = 0. 93 for the turbine tested by Riemerschmid
(^throat = 4. 3 inches) and tJj-j-, = 0. 98 for two other turbines having diameters
of 20 inches and 134 inches respectively. Muhlemann l-^SJ reported Vm -

0. 994 for a model turbine of unspecified size. He stated that the mechanical
losses in a large prototype turbine should only be 0. 2% to 0. 3% whereas those
for the model might be from 0. 5% to 1. 5% or more depending upon the construc-
tion details. The Society of German Engineers^ (VDI) states that 0.98 ^ TJrn

^ 0. 90 may be used depending on the size of the punnp. No values of T)^ were
found in the literature consulted. Somie authors appeared to lump TJj^ and TJv

together in J?^^ but with no indication of even approximate values for either

model or prototype.

F. CONVERSION FORMULAE FOR TURBINES AND PUMPS .

Table 2 contains a listing of formulae taken from the literature. Wherever
possible the original reference has been consulted but, in a few cases it has
been necessary to rely on secondary sources such as the excellent paper by
Hutton L52J . Unless otherwise noted, the formulae were proposed for use
with hydraulic turbines but many of these have been used with pumps, apparently
with adequate success [_ 60, 65 J . A graphical comparison of several of the

fprmiulae listed in Table 2 is shown in Fig. 3. Table 3 lists prototype efficien-

cies computed by several fornnulae from the same assumed model data. A dis-

cussion of the individual formulae as well as consideration of more detailed
methods of loss separation will be found in Appendix II (Section H. )

^Page 20 of reference L47J
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TABLE 2

EFFICIENCY CONVERSION FORMULAE

Formulae for the Point of Maximum Efficiency

NAME





TABLE 2 (Continued)

NAME DATE REF. FORMULA

Pfleiderer^ 1932



NAME

Canaan

Nechleba

McDonald

TABLE 2 (Continued)

DATE

1945

1949

1950

REF 1 FORMULA

52

52

40, 52

h/h' = 0.5 + 0.5 (Re'/Re)0-25

( =

1 + 52 (f/D)0-50

1 +52 (f'/D')0-50

a linear measure of the surface

roughness

h

1 + c/(log Re)^- ^^

1 + c/(log Re')^'^^



TABLE 2 (Continued)

NAME



TABLE 2 (Continued)

NAME



TABLE 2 (Continued)

NAME DATE REF. FORMULA

Hirotsu 1952 48,49 nl2 = -q''C+ ^/2q^^ "Xf (
1 -Tl') -( 1 -q''^' - ^l' /2)

q = Q/Qo

X = 1 for Francis and propeller turbines

X = 1/2 for Kaplan turbines

X = Xj = (d'/D)°-^5 (H'/H)°-1^5 for

Francis turbines

X = Xp = (D'/D)0-20 (h'/H)°-^° for

propeller and Kaplan turbines

C - 1 - ('7-/2) for Francis turbines

1 + Xp (I-Tq) /2 for propeller and

Kaplan turbines

c = 1 - (^;/2)

Subscript o refers to maximum efficiency-

point of model turbine.

Hutton 1954 52, 70 S/S' = a + b (Re'/Re)0-20

Recommended for Kaplan and propeller-
type turbines, a = 0. 3 and b = 0. 7 at the

maximum efficiency point. Values of a

and b are given in Fig. 20 for other oper-

ating conditions.

Itaya,

Tejinna, and

Nishikawa

1961 61 %=%l + K2-^hi)

1 - (Re^/Re)l/n

1 -(Re;/Re^)^/^

Probably n = 4 for smooth surfaces. Sub-
scripts 1 and 2 refer either to the same
model operated at different speeds N^, and
N2 (preferably N^ = 2n']^) or to two different

models having diameters D\ and D2
respectively.

1

Footnotes are given on Page 28.
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Numbers refer to the bibliography in Appendix I (Section G. )

^See Ref. 9b p. 625

It is difficult to assess correct dates because it appears that Moody used

some of the formulae for several years before publishing them.

"^Pfleiderer's 1932 formula was obtained by setting H'/H = (1s(d') /(^D)^

in the third Moody formula

This appears to be the first published formula specifically for punnps

Values of c, f, and f , the measure of the surface roughness must be deter-

mined by experiment, c = (l-a)/a, where a is defined by Eq. (22), is a

measure of the surface friction losses.

'If unity is neglected in comiparison with the second term in both numerator
and denominator and f/c = 800, the formula reduces to the Moody 1935

formula.

°Pantell stated that he had developed a formula of this type in 1942 during a

series of lectures sponsored by the German Society of Engineers (V.D.I. )

'Based on a pipe friction formula due to H. Blasius, Ref. [4 J ,
page 12

^^Based on a pipe friction formula due to K. Fromm, Ref. [^J , pp. 352, 353

^Unpublished formula
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H. APPENDIX II -- DISCUSSION OF LITERATURE

1 . Fo rmulae for the Point of Maximum Efficiency

Any study of efficiency conversion or scale effect is, in some measure,
a study of the separation and evaluation of the losses in pumps and turbines.

Very likely the difficulties encountered in a detailed analysis led most investi-

gators to quite simplified approaches to the problem. Camerer \_2, 3j appears

to have considered only the surface friction losses and based their evaluation on

a somewhat complicated formula for pipe friction due to Biel [l J . Staufer [_8j

introduced separate mechanical efficiencies for the model and prototype. He
evaluated the surface friction loss by a formula due to Blasius [^J which applied

only to smooth pipes for Reynolds numbers (Re = Vd/i/) not exceeding 100, 000.

Moody [9] may have been the first to have separated the losses into a kinetic

part and a surface friction part. He elected to combine these as described in

E.l.and also found that the exponent m of the ratio (H /H)"^ became small and

difficult to determine precisely from the data available to him. Accordingly,
m was set equal to zero and the exponent n of the ratio (D /D)" was made 0. 25.

Moody estimated the surface friction loss by pipe friction formulae proposed by
Forcheimer and by Strickler but the value of n = 0. 25 was fixed by actual tests

on model and prototype turbines.

Moody's approach to scale effect assumed that the model would be large
enough to insure a level of turbulence comparable to the complete turbulence
zone for rough pipes. Apparently the 16-inch models and laboratory test pro-
cedures of the I. P. Morris Company fulfilled these conditions as shown by Table
4 and Fig. 7. Moody's 1935 formula was based on the Karman-Prandtl formula
for complete turbulence in rough pipes ^ but the results differed so little from those
given by the 1925 formula that Moody did not recommend it.

It was customary to use the difference between the head-water and
tail-water elevations as the turbine head for a model test but to credit the proto-
type turbine with the velocity head at the draft tube exit. This practice, and
the apparent tendency of the model efficiencies as determined in the I. P. Morris
laboratory to be somewhat low, probably accounted for the fact that Moody's
formulae have been criticized for overestimating the step-up between model and
prototype efficiencies.^ In 1941, both Pardoe [24, 2?] and Moody [25] recom-
mended n = 0. 20 which decreased the step-up (compare curves 6 and 7 of

lEq. (3), page 139, of Reference [2l] . See also Reference [55J
Pages 729 and 730 of Reference [l7] , discussion by S. L. Kerr,
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TABLE 4

Maxi- Model Expected
mum cffici- Effici- maxi-
model encyat cncy mum Differences, Method
effici- design incre- effici- Field test vs of

Runner Model ency, phi, ment, ency, test, formula, water

diam. diam. per pwr per per per per measure-

Installation in. in. cent cent cent cent cent cent ment,

Queenston, No. 5 . . . 112.5 36 91.0 91.0 2.3 933 933 0.0 Gibson
QuecDston, No. 7 1131 36 90.9 90 8 2.4 93 2 93.8 -f 6 Gibson
Niagara No. 19. 164.0 36 909 90.7 30 93.7 938 +0.1 Gibson
Spruce Falls 93 16 85.7 854 51 905 90.5 0.0 Allen

Anson 92.0 16 86.7 86.0 47 90.7 90.5 —0 2 Allen

Holtwood No. 10 . . 1495 16 870 87.0 5 5 92.5 92.8 -f 3 Allen

Cheat Haven 121.0 16 86 5 865 5 5 92.0 92.5 +0 5 Gibson
Rumfort Falls 85.0 32 90 2 90.1 2.1 92.2 92.8 -fO.6 Allen

Norwood No. 3 170.5 16 875 87.5 55 930 92.5 —0 5 Gibson
Norwood No. 2 1730 16 88.0 87.4 5 4 92.8 93-0 +0 2 Gibson
West Buxton 1330 16 850 84.8 6 2 910 92.1 +1.1 Allen

Upper Tallassee . 175 16 87.5 875 56 93.

1

925 —0.6 Allen

Morony 1730 16 88.0 87.4 54 92.8 93.0 +0.2 Gibson
Chelsea 154.0 16 88.0 878 52 930 92.3 —0.7 Gibson
Light House Hill. . 84 16 88.0 87.8 4 1 91.9 915 —0.4 Gibson
Paugan 134 16 88.4 88.4 48 932 925 —0.7 Gibson
Dolby No. 8 86.8 16 88.8 88.2 39 92 1 935 +14 Allen

Ghost Development. 106 16 88.0 87.4 4 6 92,0 92.5 +0,5 Gibson

Taken from page 729 of reference [l TJ
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Fig. 3) but not enough to bring the formula into agreennent with many other

formulae. Angus [26] compared the efficiencies predicted by the formula with

n = 0. 25 and n = 0. 20 for the tests of pumps for the Victoria Park Station in

Toronto, Canada, see Table 5. There is very little choice between formulae for

the four cases reported and the range of D/D' is too small to justify any real

preference for one or the other,

Oesterlen's formula [l ij was based on the studies by Hopf and Fromm
[bj of friction loss in rough pipes. This led to n = 0. 314 in the Moody formula.
Oesterlen introduced the mechanical efficiency which evidently was assumed to

be the same for both model and prototype because, in expanded form, the for-

mula was published as

77 = 1 - [l - (r/'/r?^)] (D'/D)°-^^^ (38)

The formula was tested on the Lawaczeck turbine for the Lilla-Edet development
with I7rn - 0- 98 apparently assumed. The values in Table 6 were taken from
Oesterlin's paper.

It would appear that the rather low value of J^j-j-j offset the large value of

n. The formula is a simpler version of a formula due to Haeger [lOj but no
wide acceptance of either formula has been mentioned in the literature.

The various formulae attributed to Pfleiderer have all been approxima-
tions or modifications of other formulae as noted in Table 2. The Gregorig
formula [l6j introduced the tail race velocity heads for both model and proto-
type. This was logical in that the model and prototype would be treated in the

same way. The formula fit the tests of Riemerschmidt \_\^\ on a Francis tur-

bine (D = 4 inches) which was so small that the Reynolds number effects were
important. Gregorig published data on three turbines, apparently two models
and a prototype, but only one of the computed efficiencies could be verified from
the data given in the paper.

In 1948, Muhlemann [35] published Ackeret's formula with the state-

ment that it had been in existence since about 1930. The formula divided the

losses equally between the kinetic and surface friction parts. Figs. 8 and 9

show the results of a large number of tests taken from the files of Ateliers des

Charmilles, Geneva, Switzerland . Points 1 and 1 were for a model and

^See also Figs. 2 and 3 of reference [38j
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TABLE 5

PROTOTYPE AND MODEL PERFORMANCE
VICTORIA PARK STATION [26]

PROTOTYPE



TABLE 6

LAWACZECK TURBINE PERFORMANCE REPORTED BY OESTERLIN [ll]
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the numerical value of the f - coefficient". Medici described the Charmilles

turbine tests as covering the range of specific speeds '^ from 26 to 240 and the

range of power from 250 KW to 40, 000 KW.

In 1951, R'utschi [41, 45] reported extensive tests on an entire line of

single-stage pumps. Figure 10 shows the three separate curves R'utschi obtainec

by plotting the hydraulic efficiencies against impeller diameter, D, and Fig. 11

shows how the same data reduced to a single curve when plotted against the

impeller eye diameter, Dq. In an earlier paper [ 1 S] , R'utschi reported tests

on small multi-stage pumps as shown in Table 7.

TABLE 7

TESTS ON SMALL MULTI-STAGE PUMPS REPORTED BY RUTSCHI [is]



of pumps used for cold water should be in direct proportion to the ordinates
(values of f) of the curve in Fig. 5. The extrapolated portion was tested against
published efficiencies for the Etzelwerk [39] five-stage 20,220 horsepower
pumps as follows:

d' = 300 millimeters = 11.8 inches; v' = 0.855
o

Dq = 900 millimeters = 35.4 inches; i^ = 0.870

Rutschi assumed >7^ = 0. 990 and rj^ = 0. 998 which led to V{^ = 0. 864 and
rj^ = 0. 872. The ratio of the f-values from Fig. 5 agreed exactly with the ratio
of the hydraulic efficiencies. Thomann [39] reported incrennents in efficiency
for the Etzelwerk pumps as

Moody,
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of the Reynolds number which under the assumption that both the model and the

prototype pumps would be tested at the same speed and with the same fluid, was

equivalent to the ratio of the impeller diameters squared. The conversion

formula became

(l-%)ni\)\ (%/%) = t/Re'/Re = JIn'd' /ND)(d'/D) = x/dVd (39)

which was used to compute curve a of Fig. 6 with Tjj^ = 0. 925 for an impeller

diameter, D = 400 millimeters (16 inches), from Rutschi's tests. Curve b of

Fig. 6 was the middle (ng = 5160) curve of Fig. 10 and showed that Eq. (39) did

not approximate the losses in impellers of small diameter. To correct for the

increased importance of the surface roughness in impellers of smiall diameter,

Fromm's formula [6] was used to obtain

ii-\)/ii\)\ (\/V (k^/W) (D /D)
0. 314

(40)

Hydraulic efficiencies taken from curve b of Fig. 6 were used in Eq. (40) to

compute the values of kp, also shown in Fig. 6, with kp = 1 and ^^i - ^' 92 at

D - 350 millimeters where curve b joined curve a for smooth surfaces. Fig-

ure 6 may apply to the model, prototype, or both depending only on the impeller

diameter, D.

Pantell stated that considerable experience would be required to obtain

good results with the formula for rough surfaces. He questioned the computed

volumetric efficiencies for R'utschi's small pumps on two counts; geometrical

similarity in the wearing ring clearances probably could not have been miaintained

and accurate measurements of the clearances would have been very difficult to

make. Both, according to Pantell, might have led to too low values of the hy-

draulic efficiency. He felt that the simiplifying assumptions made in the develop-

ment of most of the formulae would limit their applicability to the vicinity of the

maximum efficiency and even this could scarcely be predicted within ±2% for the

prototype pump or turbine.

Krisam [5l] pointed out that Rutschi's formula included a measure of

the actual sizes of punnps under consideration whereas most other formulae con-

tained only the scale ratio. The conversion from D' = 100 millimeters to

D = 200 millimeters would be quite different from the conversion from D' = 400

millimeters to D = 800 millimeters although the scale ratio was two to one in
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each case. Figure IZ shows efficiencies reported by Krisam for a geometrically

similar series of seven multi-stage high-pressure pumps, specific speed = 3510,

together with efficiencies predicted by the Rutschi formula computed from the

smallest pump as a model of all the others. Krisam attributed the lack of

agreement between the computed hydraulic efficiencies and the actual test points

to the friction losses in the narrow impellers and complicated vaned crossover

passages of the multi-stage pumps which probably were higher than in the single-

stage volute-cased pumps on which the formula was based. There were small

differences in the efficiencies predicted by the several Rutschi formulae for the

f-function including that of the German Society of Engineers [47] (see Table 2).

Curve a in Fig. 12, which is about one-half of one percent in efficiency higher

than that designated by the open circles, represents the upper limit of the sev-

eral formulae. Curve b of Fig. 12 shows the Rutschi formula applied to Krisam's

data with the largest pump as model and the smaller pumps as prototypes. This

indicates the increasing importance of friction in the smaller multi-stage pumps.

The German Society of Engineers (VDI) [47] adopted Riitschi's method

with relatively minor modifications. Small corrections for speed and impeller

diameter were introduced and the equation to represent R'utschi's f-function was

changed, presumably to improve the degree of approximation to the curve in

Fig. 5, The details of these changes are given in Table 2.

RotzoU [58] made very extensive tests of a single-stage pump for which

Dq = 100 millimeters, (3. 94 inches) and D = 199 millimeters (7, 84 inches). By

using oil and water at different temperatures and by changing the pump speed,

the range of Reynolds numbers shown in Fig. 13 was covered. The legend of

Fig. 13 describes the various curves and how they may be used. Rutschi [59]

analyzed the characteristics of seventeen pumps and turbines covering a very

wide variety of sizes and types. He found that the hydraulic efficiencies cor-

related well when plotted against a Reynolds number based on the eye diameter

of a pump or the throat diameter of a turbine as shown by the dot dash curve in

Fig. 14. RotzoU's curve of naaximum hydraulic efficiencies was used as a guide

to establish a family of curves, dashed lines in Fig. 14, which would correct

for changes in Reynolds number due to changes in speed or fluid viscosity. A
discussion of the Rutschi-RotzoU analysis and conclusions was given by

Pfleiderer [63], pp. 170-174. In connection with Reynolds number effects,

Tetlow [30], p. 123, stated "Experimental tests indicate, in no uncertain man-
ner, that the larger the pump, the smaller is the proportional effect of

viscosity. "
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The two turbine formulae proposed by McDonald [40] were based on

friction formulae due to Prandtl and Schlichting [55]. The smiooth-surface

formula was based on a flat plate formula, [55], p. 540, and the rough-surface

formula was based on a pipe friction formula, [55], p, 525. The dimensionless

coefficients c and f must be determined by experiment.

2. Formiulae for Pr edicting Over-all Performance

Although most of the formulae have been developed for the maximum
efficiency point only, various attemipts have been made to extend some of them
to the full operating range. The Moody formulae have been used in this way

[23, 24] but with some loss of accuracy away from the best efficiency point.

An early attempt to cover the over-all performance was made by Miyagi [19]

who inserted a correction term based on discharge in a formula of the Reynolds

number type. Fuchizawa [42] assunned that the friction losses would be con-

stant over the entire operating range, that the friction losses could be treated

as for an equivalent rough pipe, and that the eddy (kinetic) losses would be

negligible at maximum efficiency. Rearrangement of the formula yields

(S-S')/5^ = 1 - |(f/f')(D'/D)l°-^^ (41)

wherein the subscript o refers to the maximum efficiency point. The formula

with ( - ( was in excellent agreement with results of tests of the Raanaasfoss,

Norway, No. 1 turbine, as shown in Fig, 15, but when used to predict the ef-

ficiencies of two other Francis turbines, there were discrepancies of as much
as three per cent over most of the operating range. Figure 16 shows four dif-

ferent formulae, including that of Fuchizawa, applied to tests of three identical

Francis turbines. No formula could fit the tests of the three units as they dif-

fered by as miuch as two per cent but the Fuchizawa formula was the best of the

four.

Yamazaki [46] derived two formiulae for turbines under the assumption
that the losses would be partly friction and partly eddy (kinetic) losses. The
surface friction was assumed to be inversely proportional to a Reynolds number
raised to the one-fifth power. The kinetic losses were approximated by analogy

to form-drag coefficients for flat plates at an angle of attack, a, to the approach-
ing flow,

C , = C
, (1 - cos a) (42)

d d max
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wherein,

C = drag coefficient at angle of attack a

C, = drag coefficient at a = 90°
d nnax

Three additional assumptions were:

(1) At Q = 0, the friction loss could be neglected.

(2) At Q = Qq, the kinetic loss could be neglected.

(3) cos a = (Q/Qq) an assumption also attributed to Miyagi.

A summation of the losses led to the formula in Table 2 designated as "First

Formula. " Yamazaki did not indicate how to use the formula when Q > Q^. By-

assuming that (1 - cos a) could be approximated by a parabola [(Qq - Q)/Q] ,

Yamazaki converted the first formula to the form designated as "Second Formula"
in Table 2. Figures 17 and 18 taken from reference [46] show efficiencies pre-

dicted by both formulae compared with efficiencies by actual test for two Francis

turbines. Both figures show a scatter of more than three per cent in efficiency

for the test points of the prototype turbines as well as an apparent shift of the

maximum efficiency point for each prototype turbine to smaller discharges than

predicted by the models. The second formula also appears as Curve 3 in

Fig. 16.

The analyses of Hirotsu [48, 49] were carried out first for Francis

turbines and applied to units of the Senju and Nezama Power Stations as shown
in Fig. 19. He computed the disk friction and found it to be negligibly small in

each case. The connputed leakage flows indicated a volumetric efficiency for

Senju of 0. 99 and for Nezama, 0. 986. On a basis of these computations, Hirotsu

stated he felt justified in assuming the hydraulic efficiency to be essentially the

same as the over-all efficiency for both turbines. He estimated the friction

losses as being inversely proportional to Reynolds number raised to the one-

fourth or one-fifth power and found that the one-fifth exponent lowered the pre-

dicted efficiency about one per cent as compared with that predicted by the

one-fourth exponent. At part load operation, Hirotsu defined a "shock" velocity,

C(., given by

C^/ \/2gH = a^ r;^ - a^ + a^q (43)
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wherein, q = Q/Q and aj, 3^2' ^^^ ^3 were constants. Hirotsu made use of the

maximum efficiency point, where he assumed the shock loss to be negligible,

and the condition of q = 0, where the efficiency was very small and Cj. /2gH S l,

to solve for the constants in Eq. (43). The values obtained were a^ = 1,

3-2 - 0- 5> ^i^^ a3 = 1 - ('?o/2) under the further assumption that the hydraulic and

over-all efficiencies could be considered equal. The same analysis served for

both model and prototype. The equation listed in Table 2 resulted from a sum-
mation of the friction and shock (kinetic) losses. In extending the analysis to

propeller and Kaplan turbines, Hirotsu considered the circulation in the wake

from the runner blades as well as a shock loss computation based on the velocity

diagrams but concluded that the formula for Francis turbines could be modified

as shown in Table 2 to cover the three classes of machines.

Hutton [52] analyzed the runner and draft-tube losses of a Kaplan tur-

bine operating on the cam curve, i. e. , both runner and guide vanes positioned

for maximum efficiency at any load condition. Losses in the scroll case, guide

vanes, and other passages leading to the runner were assumed negligibly small.

The results of the analysis are shown in Figs. 20 and 21 taken from reference

[52]. Figure 20 shows that, at the point of best efficiency (Q/Qq = U. thirty

per cent of the losses were kinetic and seventy per cent friction. At this point

the formula should read

5/S' = 0.3 + 0.7 (R'e/Re)°-^° (44)

For any other operating point, the numbers 0. 3 and 0. 7 should be replaced by

values of a and b respectively, read from Fig. 20. Figure 21, taken from
reference [52j, shows the formula applied to the operating ranges of two tur-

bines. The predicted efficiencies at part load appear to be very good. When
applied to the maximum efficiency only, Hutton' s formula gave results similar

to the Moody 1942 formula as shown in Fig. 22, where the comparison has been

made for the case of (H/H') = 10. See also Fig. 3.

According to the affinity laws, for geometrically similar pumps and

turbines

3Q/ND = C = a constant (45)

and

H/(ND)^ =. C2 = a constant ^'^^^
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Since the power must be proportional to the product QH, there could be no change
in efficiency between a prototype and a geometrically similar model operated
under dynamically similar conditions if Eqs. (45) and (46) were satisfied exactly.

In practice, the affinity laws do not hold strictly so Itaya, Tejima, and
Nishikawa I 6lJ suggested that, in addition to the usual scale ratio, a velocity

ratio and a head ratio might be introduced to account for lack of complete
dynamic similarity in the actual flow phenomena. The authors properly pointed
out that friction tests on circular pipes or flat plates should not be expected to

provide accurate connposite friction coefficients for the complicated flow pas-
sages of a pump or turbine. Separate friction coefficients for the model and
prototype were introduced to remedy this defect. The various coefficients were
to be determined by a series of tests on two or more models of different sizes
or by a series of tests on a single model at different speeds or by a combination
of both. Such a series of tests has rarely, if ever, been available although it

would provide a wealth of information on which to base a prediction of prototype
efficiency. The formula credited to Itaya, Tejima,- and Nishikawa in Table 2

was selected as a compromise annong the several proposed. The authors rec-
ommended their methods as applicable to the useful operating range of centrif-

ugal pumps and turbines but restricted them to machines having smooth surfaces
only.

Kovats |_66j has suggested that the principal losses in a pump might be
evaluated at a sufficient number of points throughout the useful operating range
to obtain the equivalent of a computed efficiency curve. He listed formulae for

computing friction, diffusion, and leakage losses, each of which were dependent
on experimentally determined coefficients. The geometry of the flow passages
and the dynamics of the actual flow phenomena in both pumps and turbines are
so complicated that no accurate evaluation of all of the individual losses appears
to be practicable in the near future. Fl'iigel l54J also discussed methods of

evaluating some of the losses in pumps and turbines but presented few numerical
data on which computations nnight be based.

3. Discussion of Methods for Estimating Surface Friction

The major loss in a punnp or turbine operated at or near the point of

maximum efficiency appears to be surface friction. Nearly all investigators
have used some function of Reynolds number to evaluate it. The Blasius formula
for smooth pipes [4 J showed the friction loss to be proportional to l/Re '^
provided the Reynolds number. Re = Vd/v, did not exceed 100,000. An empirical
formula

f = 0.0000535 + 0. 7257/(log Re)^*
^"^"^

(47)

389



was found to fit the smooth pipe data of Freeman |_28j in the range Re >80, 000.

Friction losses in rough pipes at Reynolds numbers large enough to insure com-

plete turbulence have been given by the Prandtl -von Karman-Nikuradse
equation-^

which has been approximated by

1//T= 2 log [3.7/(f/d)

1

(48)

f = 0.0967 (f/d)°-^^^ (49)

The Colebrook formula |_2lJ , which applies to all types of turbulent flow in pipes,

is not in a form convenient for application to pumps and turbines.

Formulae for friction loss on flat plates have been used by several

authors. These are known as boundary layer equations. For a laminar boundary
layer, the friction has been found to be proportional to 1/Re^' ^ where Re = Vx /v.

The velocity, V, was that of the free stream outside the boundary layer and £ the

length of the plate. For a turbulent boundary layer on a smooth plate, the ex-

ponent 0. 5 has been found to reduce to 0. 2 over a limited range of Reynolds
number. An empirical equation applicable over a rather wide range of Reynolds

number has been given by Schlichting LSSj as

f = 0.455/(logRe)^* ^^
(50)

Usually the upstream portion of the boundary layer on a flat plate parallel to the

flow has been found to be laminar and the downstream portion turbulent. The
formulae recommended for rough plates generally have contained logarithmic

terms raised to some power n. An approximiate value n = -2. 5 has been used
but no single value applies to all cases. Details of pipe friction and boundary
layer computations may be found in reference [^^J- The foregoing have been in-

cluded to show that either pipe friction or flat plate cinalogies could have been
used to construct almost any of the formulae in Table 2. It should be rennembered
that a ratio of Reynolds numbers may simplify considerably under the circum-
stances present in hydraulic machinery.

See pages 754 and 755 of reference L52j.
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The matter of surface roughness has been considered by many authors

and the work of Varley [62j may be taken as a guide to its importance. Table

8 and Figs. 23-26 taken from reference [62j show the effects on the performance
of a small pump due to coating various surfaces of the impeller with graded sand.

The shrouds and vanes of the impellers were independent elements, assembled
in such a manner that the net flow areas remained virtually constant for all of the

different tests. The figures show clearly that finishing all impeller surfaces is

important if maximum efficiency is to be attained. The impeller was double

suction, D = 9. 60 inches, and Dq = 3. 1 inches with 5 vanes. Some 16 different

vane shapes were investigated and the most efficient was chosen for the tests

with the sand coatings. The following quotation from page 966 of reference

[62J summarizes the bearing which these tests have on model-prototype relation-

ships: "The base of Fig. 24 being non-dimensional, it is to be expected that

similar curves would be obtaiTied from other pumps of like geonnetric shape,

whatever the size, so that the larger the dimensions of the impeller, the less

is the advantage of a smooth surface. Conversely, for the scale-model testing

of large pumps, the model will require an extreme surface finish to avoid in-

troducing errors due to scale effects."

TABLE 8

SAND SIZES FOR ROUGHENED IMPELLERS, VARLEY [62]
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CHAPTER 9

PROPOSED VIBRATION STUDY
AND LITERATURE SURVEY

(Austin H. Church)

ABSTRACT

Critical literature survey is made of papers published in English during

the past 25 years which pertain to noise and vibration of large pumping units.

Probable dynamic systems at Tehachapi are described with possible excitations

and causes of vibration reviewed. A set of calculations to investigate vibration

problems is recommended. A tentative budget on a time basis for the

computational program is given.

A. INTRODUCTION

It is anticipated that none of the vibration calculations outlined in Section

C. would be made until the station design is fairly complete, and definite

information is available regarding the dynamic properties of the motor, pump,

and connecting shaft, as well as the supporting structure. This report is

submitted now so that the extent of the vibration study can be considered and

incorporated into the overall plans of the pumping facility.

Some 70 pieces of literature in English, dealing with vibration and noise

in large pumping units and hydroelectric plants during the past 25 years,

were reviewed and are evaluated in the last part of this report. It is interesting

to note that a vast majority of these deal with surging in the pipelines rather

than with vibration and noise in the rotating members. The computational

program of Section C. does not include this surging or water hammer, as this

is well covered by others elsewhere. It considers this phenomenon only as a

possibly important source of excitation in the vibration of the pumping unit.

When a pump and motor are connected by a shaft the combined system

inherently will have three sets of natural frequencies of vibration; one being

the transverse, another the torsional, and the third the longitudinal. Each of

these should be determined to guard against possible excessive vibration or

stress during either steady-state or transient operation. It is not sufficient

to consider the natural frequencies of each component part by itself. In fact

to be complete and exact, the supporting structure should be incorporated as

a part of the motor-shaft-pump combination, particularly for the case of
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transverse vibration. Obviously this study must be conducted in one office,

such as DMJM, rather than by the individual suppliers of equipment.

The problem of noise generation and its reduction is quite difficult to

predict from drawings alone. Perhaps the most efficient manner of handling

this aspect is to correct it when it occurs (62C, 57B, 57C, 48A).

Throughout this report specific references to items in the Literature

Survey are given in parentheses, such as those just listed. The number
refers to the year of the publication and the letter to the particular item of

that year as listed in the Survey.

B. DYNAMICS OF SYSTEM

1. Description and Types of Vibration

At this early date the configuration of the Tehachapi Pumping Plant

is not fixed. Figure I shows two typical schematic plant arrangements which
might be used; part A shows a vertical unit, while part B is a horizontal

arrangement. The structure supporting the unit may be made of steel,

concrete, or a combination of the two (62A, 6lA, 46A, 40A). While the

pumping unit could be mounted on bedrock, it is usually more desirable to

locate it on a structure which would isolate it somewhat from external

excitation.

The rotating members of the system are shown in Figure 2 diagram-
matically, and this sketch applies equally well to either system of Figure I.

Although it is not shown or designated, there is damping in the pump due to

the close clearance of the wearing rings, disk friction, and hydraulic losses;

hysteretic damping in the shaft and couplings; and damping in the magnetic
fields of the motor and exciter. However, it is difficult to deternriine the

magnitudes of each of these damping factors so that it is frequently necessary
to resort to overall values. Response spectra of similar units would be quite

helpful in arriving at appropriate approximate coefficients (63A, pp. 215-6).

No bearings, journal or thrust, are shown in Figure 2 since their

location is quite speculative at this time. However, their number and location

will affect materially the dynamic response of the system.

The systems of Figures I and 2 can vibrate in many ways, and each
of these should be investigated.
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a. Transverse Vibrations

(1) The supporting structure in Figure 1 constitutes either a

beam or a frame or portal unit (56B ; 60B, pp. 307-18; 63A, pp. 408-13)

which has an infinite number of natural frequencies and mode shapes.

(2) The rotating system of Figure 2 will have an infinite number
of critical speeds and mode shapes, whose values are influenced by the stiff-

ness of the oil film and bearing support as well as the mass of the bearings

{58A, 60D).

(3) Actually items (1) and (2) form a composite system since

they interact with each other (60E). However, the analysis of such a composite
system can become quite involved, and it may be desirable to use a model
(63B) to determine responses.

b. Torsional Vibrations

While the torsional system of Figure 2 actually has an infinite

number of natural frequencies and mode shapes, it is generally more
convenient and practical to consider the system as lumped into three masses
with three natural frequencies (one of which is zero). The value of k^ on the

figure must include the torsional stiffness of the couplings.

c. Longitudinal Vibrations

As noted previously, a thrust bearing is located at some point

along the system of Figure 2 to absorb the axial thrust. Longitudinal
vibrations can take place about this anchor point (48A, 49A).

2. Causes of Vibration

It is desirable at this point to list some possible causes of vibration

in dynamic systems. It is not feasible to refer each item given here to a

particular publication in the Literature Survey, as there is considerable
duplication and overlap. However, the following general references are
helpful: 61 A; 56E; 6lH; 63A, pp. 111-2.

a. Unbalance in Rotating Members

(1) This may increase with time due to chemical deposits on
the pump vanes.
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(Z) It may increase with the speed as in the case of somewhat
Loose armature windings.

(3) The rotor may be flexible (rather than stiff) so that the

amount of unbalance changes with the speed (61G),

b. Oil Whip in Bearings

Creates a disturbing force at 1/Z the rotative speed.

c. Mechanical Failure

This includes rubbing of parts, loose parts, and excessive wear.
Frequency is twice the rotating speed.

d. Worn Bearings or Wearing Rings

Reduces the daniping and so increases the ainplitude. For
extreme wear, the bearing may lose constraint of the system at that point to

alter the natural frequencies drastically.

e. Interference or Defective Teeth of Gears

Frequency equals number of teeth that are defective times the

rpm of gear. This is not applicable to Tehachapi, but is considered for

general completeness.

f. External Excitation

(1) TransiTiitted forces or motions from adjacent units could
cause a beating action in the unit or the structure.

(2) Transmitted from the suction or discharge pipe due to

water haminer {53B; 55D). Frequency could be Fourier series harmonics
of the more or less square wave main excitation.

g. Misalignments and Distortions of the System

(i) During assembly of couplings or casings. Tightening boLts

unevenly, etc.

(Z) Thermal stresses in unit. During machining the crystalline
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structure of a metal may be damaged locally to change the rate of heat

transfer, and cause uneven expansions.

(3) Thermal stresses in foundation. Portions of foundation

subjected to local heating should be insulated to prevent distortions of the

frame.

h. Local Resonance of a Part or Component

i. Bent Shaft

Initially, or due to stress in operation,

j. Bearing Defects

Out-of-roundness, improper clearances, surface defects,

k. Magnetic Effects

I. Hydrodynamic or Hydrostatic Forces in Unit

Pressure pulsations in hydraulic machinery {54A; 56A,

pp. 7-9).

m. Magnetic Pulsation in Motor

n. Torque Pulsations of Motor Driven as Generator

Transient torque = A e"-^^ sin cut - C e"-^^ sin 2 uut + E e"-^^

where: A, B, . . . . , F arc constants for a particular motor.

o. Cavitation in Pump {61D)

p. Nonuniform Shaft Cross Section

Keyway or spline shaft may cause variations in natural frequency,

and hence vary the vibration response for given rotative speed.

Obviously, the effects of these causes are magnified as the

exciting frequency approaches a natural frequency of the system, or some
part of the system.
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3. Vibration Problems at Tehachapi

The rather extensive list of Section B. 2. needs to be reviewed as it

applies to the Tehachapi Project. Two types of vibration can occur - the

steady-state and the transient.

a. Steady-state Vibrations

When the unit is operating normally, it is necessary to insure
that the magnitude of the excitations is held to a minimum, and that their

frequencies do not approach the natural frequencies of the dynamic system.
The predominating items in the list of Section B. 2. for the various types of

vibration mentioned in Section B. 1. are:

(1) Transverse: a., b. , c. , d. , f. , g. , h. , i. , j. , k. , 1. ,

m. , o. , p.

(2) Torsional: b. , c. , d. , f. , g. , h. , j. , k. , 1. , m. , n. , o.

(3) Longitudinal: c. , d. , f.
, g. , h. , i. , j. , k. , 1. , m. , o.

b. Transient Vibrations

Transient situations are vitally affected by the magnitude of the

surges in the pipe lines (39A, 53B, 55D). In addition to the normal procedures
of starting up and shutting down the unit, the following list of possible transients

is taken from Ref. 39A:

(1) Power Failure Due to an Electrical Fault

This condition is certain to occur more or less frequently.

The motor circuit breaker is tripped open and the pump discharge valve

automatically starts to close.

(2) Delay in Tripping Motor Breaker

If a motor is not immediately disconnected from a short

circuit, it will act for a short time as a generator, giving additional retarding
torque and resulting in more rapid deceleration than normal.

A03



(3) Failure of Valve to Operate When Power is Shut Off

In this case, the flow in the pipe line will reverse; the

pump and motor will reverse and attain runaway speed in the reverse direction.

(4) Delay in Action of the Valve

If the operation of the valve, in case of power failure, is

delayed until full reverse flow is established, and the valve then closes

rapidly, severe water hammer will result.

(5) Failure of Shaft Coupling

The flywheel effect of the motor is removed, the speed will

drop rapidly, and the pump will reverse rotation.

(6) Seal-ring Seizure

The speed will drop rapidly, but the pump will not reverse.

Calculations to predict potential difficulties for both the steady-

state and the transient cases will be outlined in the next section.

C. COMPUTATIONAL PROGRAM

It is rather difficult to outline a computational program for an elastic

system that is not even conceived, but this will be done on the basis that

Figures 1 and 2 apply. It will follow the outline given in Section B. 3. It will

be assumed that the transverse natural frequencies, or critical speeds, of

the pump and the motor by themselves have been determined by the supplier

and found to be well removed from the excitations listed in Section B. 2.

1, Steady- state Vibrations

The magnitude and location of the force or motion excitation for

steady-state conditions is usually unknown. However, an excitation applied

at or near a natural frequency anywhere along the shaft, except at a node,

will produce a large response or resonance. Also, the pump and motor have
relatively unknown amounts of damping. The effect of the damping is to lower
the natural frequencies somewhat below those of the same system undamped.

In view of these uncertainties, the usual approach is to determine the
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undamped natural frequencies and keep the exciting frequencies well away
from them, say 20%, This procedure will be followed for the combined system
shown on Figure Z with the bearings located in place,

a. Transverse Vibrations

(1) Assume that the unit of Figure 2 is mounted on a rigid

baseplate and determine the first undamped natural transverse frequency by
the Prohl method (45A) including the gyroscopic effect of the impeller and
armature.

(2) Reduce the supporting structure of Figure 1 to that of a

portal frame (depending on the design), or to a beam with either simple or
fixed ends (again, according to the design), and obtain the deflection and
slope response at the motor (or motor and pump combination) to a unit load
applied at the rotative speed of the unit. This needs to be done twice - once
for a unit force, and then again for a unit moment or torque applied at the
motor or motor-pump combination. The first three or four natural frequen-
cies of the structure and responses need be found (56B, 60E),

(3) From items (1) and (2) reasonable displacement impedance
curves can be drawn to obtain approximate resonances of the unit-structure
combination. These natural frequencies should be about 20% away from the

exciting frequencies or integer multiples of them.

(4) Examine the design in general looking for local resonances
and considering the excitations listed in Section B. 2,

b. Torsional Vibrations

(1) Use Holzer tables (46C; 63A, pp. 303-24) and/or displace-
ment mobility methods to determine the three torsional undainped natural

frequencies of the system of Figure 2.

(2) The values found in (1) should be checked against the

excitation frequencies listed in Section B. 2. For instance, the number of

impeller vanes times the rpm, and so on.

c. Longitudinal Vibrations

Reduce the system of Figure 2 to that of a longitudinal bar
supported at the thrust bearing. Calculate the longitudinal natural frequencies
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(48A; 49A) of the bar. Probably these will be quite high compared to the

exciting frequencies. If not, the method of item a. (3) of this section could be
used, i. e. , match impedance curves.

2. Transient Vibrations

The range of speed of the unit undergoing the transient excitation

outlined in Section B. 3, is generally less than that of the steady-state speed,

so that it is hoped that the natural frequencies found in Section B. 1. will be

above the steady-state speeds to avoid going through resonances. However,
the curves of Refs, 53B, 55D and 39A show that the transient speed of the

unit fluctuates rather rapidly so that resonant conditions are not apt to have
sufficient time to build up. The transverse and longitudinal vibrations during

the transients listed are generally of a secondary nature, and it is felt that

they can be ignored. Hence the focus of the investigation here should be to

avoid excessive torsional stresses in the rotating members.

The transient cases outlined in Section B. 3. will now be considered
from the torsional viewpoint.

a. Power Failure due to an Electrical Fault

This situation is well outlined in Refs, 39A, 53B, and 55D, of

which 55D is the most definite, although they all show similar results. The
following discussion refers particularly to Ref. 55D.

Figure 2 of that paper is based upon the pump characteristic

diagram and the water-hammer characteristics of the pipelines. If this data

is traced back through the characteristic diagram of the pump{for which it is not

easy to get accurate results because of the small scales given in the published

paper) we find that the pump torque-time curve is similar to that shown in

Figure 3 of this report. During this transient the motor is being driven as a

generator so it has a retarding torque given as item n on page 9-6 of this report.

This acts in the same direction as the retarding pump torque during the first

10 seconds, and then in the opposite direction for the remainder of the

transient.

The exact pump torque-time curve (similar to Figure 3 of this

report) would be evolved fronn the water-hammer study for a particular

design, and the equation for the transient torque-time relationship for the

motor being driven as a generator could be obtained from the motor supplier.
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With this data it would be possible to determine the angle of

shaft twist (and hence the shaft stress) as a function of time using phase-plane
techniques or Laplace transforms, either with or without superposition
(depending on which technique is sinnplest and most rapid). It would be an
interesting problem, but not simple. It would be necessary, of course, to

include the initial shaft deflection and the initial angular velocity of the shaft

in the calculation.

These calculations could be made including the effect of the
damping in the system. However, this effect would probably be small, and
it would be conservative (i. e. , give higher stresses) to ignore the damping.
It would also reduce the complexity of the calculations by about an order of

magnitude. Hence it is proposed to ignore the effect of damping here.

b. Delay in Tripping Motor Breaker

The solution for this case would follow that for case a. It would
require the transient curves (similar to Figure 2 of Ref. 55D) with the pump
torque-time curve included.

c. Failure of Valve to Operate when Power is Shut Off

Same comments as for case b.

d. Delay in Action of the Valve

Same comments as for case b.

e. Failure of Shaft Coupling

No vibration would result. The motion of both the pump and
motor could be obtained from T = Ja , where T is obtained from the water-
hammer study, and from the motor characteristics when being driven as a

generator.

f. Seal-ring Seizure

It is assumed that this means that the impeller stops instantane-
ously, and that the motor armature vibrates as though it had a single degree of

freedom. If the motor angular velocity and torque is known at the instant

when the impeller stops rotating, it would be relatively simple to find the

maximum resulting shaft stress due to the accident.
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D. LITERATURE SURVEY

1931

A "CENTRIFUGAL PUMPS OPERATED UNDER ABNORMAL
CONDITIONS" by C. P. KITTREDGE with D. THOMA, Power,
June 2, 1931, pp. 881-4,

Brief account of pioneering work on the characteristics of a

centrifugal pump acting as a turbine.

1937

A "COMPLETE CHARACTERISTICS OF CENTRIFUGAL PUMPS AND
THEIR USE IN THE PREDICTION OF TRANSIENT BEHAVIOR" by
R. T. KNAPP, ASME Trans., Nov, 1937, pp, 683-9. See also

pp. 676-80 of ASME Trans, , Nov. 1938 , for discussion.

First plot of complete characteristic diagram of a pump, based
on a suggestion by von Karman. These diagrams are essential to

obtain the performance of a turbomachine under transient conditions.

1939

A "TYPICAL ANALYSIS OF WATER HAMMER IN A PUMPING PLANT
OF THE COLORADO RIVER AQUEDUCT" by R, M. PEABODY,
ASME Trans,, Feb. 1939, pp. 117-24,

Uses method of arithmetic integration of a Karman-Knapp
characteristic diagram of a pump to obtain head, speed, and flow

versus time curves for various types of transient conditions. He
includes the characteristics of the valve in these studies. While the

curves are derived primarily for water-hammer studies, they are
very interesting from the viewpoint of transient vibrations of the

pumping unit,

B "THEORY OF RESONANCE IN PRESSURE CONDUITS" by C, Jaeger,

ASME Trans. , Feb. 1939, pp, 109-15.

Interesting discussion of the possibility that the period of water-
hammer surges may coincide with the natural period of the pipe to

cause resonance, with a destructive effect on the pump.
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1940

A "EXPERIMENTAL AND THEORETICAL INVESTIGATION OF A
TURBINE FOUNDATION" by S. VESSELOWSKY, ASME-JAM, June

1940, pp. A-63 to A-70; Discussion JAM,Sept. 1941, pp. A-141to
A-14Z.

Analytical study of turbogenerator mounted on heavy, baseplate

supported on steel work using Lagrange's equations of motion to

obtain natural frequencies and mode shapes. Verified experiment-

ally with good agreement,

B "TORSIONAL VIBRATION IN GEARED-TURBINE PROPULSION
EQUIPMENT" by H. PORITSKY & C. S. L. ROBINSON, ASME-JAM.
Sept. 1940, pp. A-117 to A-124.

Good discussion of damping in torsional systems. Application

is to determine stresses in marine propulsion systems.

1942

A "SOME PROBLEMS IN THE SELECTION AND OPERATION OF
CENTRIFUGAL FOR OIL AND GASOLINE PIPE LINES" by A.

HOLLANDER, Trans. ASME, Aug. 1942, pp. 607-17.

This is a "state of the art" paper. Transient conditions or

vibration problems not considered. Primarily concerned with

viscosity effects,

1944

A "DYNAMIC EFFECTS" by F. M. LEWIS, Chapter II of "Marine

Engineering", Edited by H. L. Seward, Soc. Nav, Arch. & Mar,

Engrs. , 1944, pp. 76-140.

Good review of torsional vibration theory with extensive

bibliography (up to 1944). Good information on equivalent torsional

systems.
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1945

A "A GENERAL METHOD FOR CALCULATING CRITICAL SPEEDS OF
FLEXIBLE ROTORS" by M. A. PROHL, ASME-JAM. Sept. 1945,

pp. A-142 to A-148.

An excellent tabular method (similar to Holzer tables) to determine
all critical speeds of stepped rotors having any number of bearings,

and can include the gyroscopic effects of the rotors. Amenable to

programming on computer. Widely used in industry,

1946

A "DYNAMIC FACTORS AFFECTING TURBINE FOUNDATION DESIGN"
by S. VESSELOWSKY, Electrical World, Aug. 3, 1946, pp. 60-1.

Lists precautions in designing foundations such as avoiding over-

hung loads, thermal stresses (insulate parts subject to heat).

Recommends keeping configuration simple for ease of analysis, and
providing simple ways to alter it to change the natural frequencies

if necessary.

B "CALCULATION OF MULTIPLE-SPAN CRITICAL SPEEDS OF
FLEXIBLE SHAFTS BY MEANS OF PUNCHED-CARD MACHINES"
by A. W. RANKIN, ASME-JAM, 1946, pp. A-117.

He first transforms shaft into an equivalent circuit, which is then

solved by a computer. He uses admittances and impedances. Seems
unnecessarily awkward, unless you are an E. E. trying to get along in

a mechanical job.

C "FORCED TORSIONAL VIBRATIONS WITH DAMPING" by J. P. DEN
HARTOG and J. P. LI, ASME-JAM, Dec. 1946, p. A-72.

Interesting paper adapting Holzer table method to damped,
lumped systems subjected to external excitations.

1947

A "DESIGN OF VIBRATION-ISOLATING BASES FOR MACHINERY" by
C. E. CREDE and J. P. WALSH, ASME-JAM, March 1942, pp. A-7
to A- 14.
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Excellent paper on the general subject of vibration isolation.

Theory verified experimentally.

1948

A "VIBRATION AND SOUND" by P. M. MORSE, McGraw-Hill, 1948.

One of the modern classics on acoustics,

1949

A "LONGITUDINAL VIBRATIONS OF MARINE PROPULSION-SHAFTING
SYSTEMS" by J. R. KANE and R. T. McGOLDRICK, Trans. S. N. A.
& M. E. , Nov. 1949.

Could be applied to axial forces in the motor-pump unit. Body
of paper is mostly descriptive, but appendices have helpful material.

Uses mobility and impedance methods.

B "ELEMENTS OF GRAPHICAL SOLUTION OF WATER-HAMMER
PROBLEMS IN CENTRIFUGAL PUMP SYSTEMS" by A. J. STEPANOFF,
ASME Trans, July 1949, pp. 515-34.

Good general review of elementary water-hammer analysis, but

nothing new. Cites cases of pump damage due to water hammer -

bent shafts, cracked pump casings, etc.

C "DYNAMIC PRINCIPLES OF MACHINE FOUNDATIONS AND THE
GROUND" by J. H. A. CROCKETT and R. E, R. HAMMOND, Proc.

I. M. E, , V. 160, 1949, pp. 512-31.

Discussion of the effect of soil mechanics on the effectiveness of

isolation. Done for one and two degrees of freedom systems.
Considers the isolation of stress waves travelling through the ground
by use of cork bases. Interesting paper.

D "HOLZER METHOD FOR FORCED-DAMPED TORSIONAL
VIBRATIONS" by T. W. SPAETGENS, ASME-JAM, March 1949,

p. A-IZ.

Not too helpful. Topic is covered better in Refs. 46C, or 63A,

pp. 310-Z4.
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1950

"DEVELOPMENT OF THE HYDRAULIC DESIGN FOR THE GRAND
COULEE PUMPS" by C. BLOM, ASME Trans. , 1950, pp. 53-70.

An interesting discussion of hydraulic pump design, but no

information given regarding vibration or transient response.

1951

"PRINCIPLES OF FOUNDATION DESIGN FOR ENGINES AND
COMPRESSORS" by W. K. NEWCOMB, ASME Trans., April 1951,

pp. 307-18.

As title implies this paper applies to reciprocating machines.
Discusses some soil mechanics and mat designs to support machinery
bases. Rather empirical in parts. Good, but not particularly

applicable to Tehachapi.

"CONTRIBUTIONS TO IMPROVED ACCURACY IN THE CALCULATION
AND MEASUREMENT OF TORSIONAL VIBRATION STRESSES IN
MARINE PROPELLER SHAFTING" by S. ARCHER, Proc. I. M. E. ,

1951, pp. 351-66.

"TORSIONAL VIBRATION DAMPING COEFFICIENTS FOR MARINE
PROPELLERS" by S. ARCHER, Engineering, 1955, p. 594.

This pair of papers is devoted primarily to determining the

torsional damping constant of a ship propeller. He lists values by
various authorities which range from 28. 6 to 39. 2 Ib-sec-ft/rad. ,

with an average at about 36. It would be desirable to have a similar
set of figures for a pump impeller in its casing.

1952

"HOW TO CUT VIBRATIONS IN BIG TURBINE-GENERATOR
FOUNDATIONS" by F. P. WITMER, Power, Nov. 1952, pp. 86-7.

General discussion of steel versus concrete foundations. Steel

gives more available space and is light, but is subject to local

resonances. Concrete has mass, but is hard to alter. The com-
bination of steel and concrete is good, but expensive.
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B "MEASUREMENT OF HYDRAULIC-TURBINE RUNNER VIBRATION"
by J. PARMAKIAN and R. S. JACOBSEN, ASME Trans., July 195Z,

pp. 733-41.

Measurement of turbine runner vibration using SR-4 strain gages

in a pressure cell. Signal taken off through slip rings. Vibration

cured by grinding down trailing edge and modifying runner shape.

1953

A "COMPLETE CHARACTERISTIC CIRCLE DIAGRAMS FOR TURBO-
MACHINERY" by W. M. SWANSON, Trans. ASME, July 1953,

pp. 819-26.

Gives the pump characteristic diagrams, based on test results

for two types of pumps: axial flow with ng = 13,500 and mixed flow

with ng = 7550. These can be compared with the results for the

pump of Ref. 37A, which has a specific speed of IZ70. The curves
are given on a percentage basis for greater usefulness.

B "PUMP SURGES AT LARGE PUMP INSTALLATIONS" by J.

PARMAKIAN, ASME Trans. , Aug. 1953, pp. 995-1006.

Gives analysis, using characteristic diagram and water-hammer
techniques, of transient performance of large pump due to power
failure. The characteristic diagram is derived from the usual normal
pump performance curves. Very interesting and useful paper. See
also Ref, 55D.

1954

A "VIBRATION OF THE GRAND COULEE PUMP-DISCHARGE LINES"
by J. PARMAKIAN, ASME, July 1954, pp. 783-90.

One unit produced severe steady-state vibration in exposed pipe

line at a frequency of 23 1/3 cps, which was traced to the pump. The
pipe shell was stiffened by adding circumferential rings to raise

natural frequency. The magnitude of the pulses in the pump were
reduced by increasing the radial clearance between the impeller and
diffuser vanes. Also by removing the main splitter vane opposite

the volute tongue. This increased the flow and efficiency at lower
heads.
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B "GRAND COULEE MODEL-PUMP INVESTIGATION OF TRANSIENT
PRESSURES AND METHODS FOR THEIR REDUCTION" by E.

LINDROS, ASME Trans., July 1954, pp. 775-82.

Chiefly a discussion of the instruments and their calibration

used in studying the problem of Ref. 54A on a model of the pump.

C "THE ANALYSIS AND SYNTHESIS OF VIBRATION SYSTEMS" by

R. E. D. BISHOP, J. Royal Aero. Society, Oct. 1954, pp. 703-19.

Development of receptance nnethod of determining the dynamic

response of lumped systems.

1955

A "THE ANALYSIS OF VIBRATING SYSTEMS WHICH EMBODY BEAMS
IN FLEXURE" by R. E. D. BISHOP, Proc. L M. E. v. 169, 1955,

pp. 1031-50.

Includes tables, based on the receptance method, to determine

steady-stage response of beams of constant cross section with all

types of end conditions. Excitation is force or moment applied at

any point along span. Slope or deflection response at any point along

beam can be obtained with relatively simple calculation. Excellent

and very useful paper.

B "SELECTION OF HIGH-LIFT PUMP MOTORS AND CONTROLS" by

A. C. MICHAEL and G. I. STORMONT, J.A. W, W.A. , 1955, pp. 39-48

High-lift turns out to be about 80 feet. Whole paper is elementary

and trivial.

C "PREDICTION AND MEASUREMENT OF VIBRATION IN MARINE
GEARED-SHAFT SYSTEMS" by H. G. YATES, Proc. I.M, E. , v.

169, 1955, pp. 611-42.

Responses are calculated using admittance and impedance based

on mass-inductance analogy diagrams. He includes the effect of

damping (resistance) and includes a discussion on this using the Q
factor.

414



D "PRESSURE SURGES IN PUMP INSTALLATIONS" by J, PARMAKIAN.
Paper No. Z760, Trans. ASCE, 1955, pp. 697-720.

This paper is identical in coverage to Ref. 53B, except that the

data and curves apply only to the Tracy Pumping Plant, rather than
three plants. Thus the figures and results are more useful and
specific.

E "EXTENDED THEORY OF THE VISCOUS VIBRATION DAMPER" by
F. M. LEWIS, ASME-JAM, Sept. 1955, pp. 377-82.

Demonstrates that the fixed-point theorem applies to multimass
systems, and can be used to obtain the optimum damping factor.

Very good analysis, and useful paper.

1956

A "MECHANICAL VIBRATIONS" by J. P. DEN HARTOG, 4th Edition,

McGraw-Hill, 1956.

A general text with many practical applications obviously taken
from his extensive consulting experience.

B "THE VIBRATION OF FRAMES" by R. E. D. BISHOP, Proc. I. M. E.
,

V. 170, 1956, pp. 955-68.

Excellent development for determining the natural frequencies of

structures consisting of beams and columns, using receptance
methods. Extension of Ref, 55A to structures.

If I C "FIELD TESTING A REVERSIBLE PUMP-TURBINE" by F. E.

JASKI, Mechanical Engineering, Feb. 1956, pp. 141-4.

Paper largely descriptive of operation and hydraulic testing of

the unit.

D "A SURVEY OF AERODYNAMIC EXCITATION PROBLEMS IN
TURBOMACHINES" by A. SABATIUK and F. SISTO, Trans. ASME,
April 1956, pp. 555-64.

Discussion of rotating stall and flutter in compressors and steam
or gas turbines. Aerodynainics, not hydrodynajnics.
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E "VIBRATION IN VERTICAL PUMP SYSTEMS" by J. H. McKENDREE
and L. A. MARCH, Trans. AIEE, Part III, Dec, 1956, pp. 1169-77.

Very good discussion of causes of vibration in vertical centrifugal

pumps requiring more than 75 horsepower; including a check list of

suggested causes and their possible cures.

F "HYDRAULIC TURBINE RUNNER VIBRATION" by R. M. DONALDSON,
ASME Trans., July 1956, pp. 1141-7.

Laboratory investigation of runner vibrations as related to profile

of exit edge. The results of these tests were related to field ex-

periences.

G "HYDRAULIC TRANSIENTS IN CENTRIFUGAL PUMP SYSTEMS" by
C. P. KITTREDGE, ASME Trans. , Aug. 1956, pp. 1307-22.

The pump characteristic diagram is plotted on a dimensionless
basis, and computation method applied to obtain the transient pump
performance plotted against time,

H "PRACTICAL SOLUTION OF TORSIONAL VIBRATION PROBLEMS"
by W, KER WILSON, 3rd Edition, John Wiley, 1956.

Encyclopaedic discussion of torsional vibration problems.
Particularly good on reducing actual system to an equivalent one.

I "SUPPRESSION OF PUMP VIBRATIONS SET UP AT STARTING UP -

PREOPENING METHOD" by F. NUMACHI, ASME Trans,, Nov. 1956,

pp, 1735-40,

Uses the characteristic diagram to determine the amount of

"preopening" or by-passing around the discharge valve needed to

reduce the magnitude of the surge at starting. Good paper.

1957

A "VIBRATION IN HYDROELECTRIC INSTALLATION" by S.

LELIAVSKY, Water Power, April 1957, pp. 132-7.

This is largely a review of elementary vibration theory. Nothing
significant.
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B "LICK PUMP VIBRATION" by D. NOBLES and J. R. HAMILL,
Industrial Power, Feb. 1957, pp. 16, 17, 44, 45.

Description of attempts to prevent noise that appeared to

originate in basement pumps from being transmitted to an office

through the discharge pipe. Actually it traveled up the building

steel work.

C "HANDBOOK OF NOISE CONTROL", Edited by C. M. HARRIS,
McGraw-Hill, 1957.

This is an excellent book, written by experts in the field of

acoustics. Covers all phases of the subject.

1958

A "PREDICTION OF CRITICAL SPEEDS OF STEAM TURBINES BY THE
DYNAMIC STIFFNESS METHOD" by W. J. CARUSO, Collequium on

Mechanical Impedance Methods, Edited by R. Plunkett, ASME 1958,

pp. 137-45.

Very interesting paper showing the effect of the flexibility of the

supports in altering the critical speeds of rotating machinery.

Reflects General Electric practice, but the results are general,

B "CONTROL OF VIBRATION AND NOISE FROM CENTRIFUGAL PUMPS"
by L. M. EVANS, Noise Control, Jan, 1958, pp, 28-31,

Discussion applied to rather small pumps. Following suggestions

are made: mount pump on isolator pads; enclose it in an acoustic box;

use acoustic tile in the pump room; use relatively large clearance

between in-ipeller and tongue of volute; use rubber hoses on suction

and discharge lines with hose axis perpendicular to pump axis;

journal bearings rather than ball or roller bearings, etc,

1959

A "USE VIBRATION ANALYSIS TO PINPOINT TROUBLE" by L. N.

DAWSON, Petroleum Engineer, April 1959, pp. C24-30,

Discussion of probable sources of trouble with vibration in snnall

centrifugal pumps and how to locate them with a portable electronic
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vibration analyzer. Stresses the importance of good balancing and

alignment for long life.

B "HOW TO MUFFLE NOISY PUMPS" by L. M. EVANS, Mill and

Factory, April 1959, pp. 118-9.

This says nothing!

I960

A "CHARACTERISTICS OF CENTRIFUGAL PUMPS AND COMPRESSORS
WHICH AFFECT THE MOTOR DRIVER UNDER TRANSIENT
CONDITIONS" by H. A. WIEGAND and L. B. EDDY, Trans, AIEE,

July I960, pp. 150-6.

Primarily a description of small or medium sized pump and

compressor characteristic curves for various specific speeds with

corresponding torque-capacity curves. A bit on mass moment of

inertia, but nothing significant. Chiefly to acquaint electrical

engineers with the torque requirements of pumps and compressors.

B "THE MECHANICS OF VIBRATION" by R. E. D. BISHOP and D. C.

JOHNSON, Cambridge University Press, I960.

An excellent general text on vibration. Emphasis is on

receptance method throughout.

C "SHOCK AND VIBRATION HANDBOOK" Edited by C. M. HARRIS
and C. E. CREDE, 3 volumes, McGraw-Hill, 1961.

This is an excellent set of books, written by outstanding experts

in the field. Covers most phases of the field in an up-to-date manner.

D "SIMPLIFIED VIBRATION ANALYSIS" by A. H. CHURCH, Machine
Design, May 26, I960, pp. 135-42.

Discusses effect of stiffness of bearing support and oil film as

well as the mass of the bearing on the natural frequencies of beams
or shafts.

E "INTERIOR RECEPTANCE OF BEAMS" by R. E. BISHOP, J. Mech.
Engrg. Sciences, vol. 2, Nov. 1, I960, pp. 1-15.
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Extension of Ref. 55A to facilitate the calculation of the

receptances along beams,

1961

A "VIBRATION OF VERTICAL PUMPS" by A.KOVATS, ASME Paper No.

bl-HYD-10, 1961.

Rather poorly written paper on medium-size submerged pumps,

with rather elementary generalized suggestions for analysis for

vibration.

B "VIBRATION PROBLEMS IN HYDRAULIC STRUCTURES" by F, B.

CAMPBELL, J.ASCE, HY 2, March 1961, pp. 61-77.

This is a sketchy review of eleinentary vibration principles.

Rather trivial.

C "ANALYSIS FOR CALCULATING LATERAL VIBRATION CHARACTER-
ISTICS OF ROTATING SYSTEMS WITH ANY NUMBER OF FLEXIBLE
SUPPORTS"
"Part 1 - THE METHOD OF ANALYSIS" by E. C. KOENIG, ASME-
JAM, Dec. 1961, pp. 585-90.

"Part Z - APPLICATION OF THE METHOD OF ANALYSIS" by T. G.

GUENTHER and D. C. LOVEJOY, ASME-JAM, Dec. 1961, pp. 591-600.

This pair of papers, written by engineers at Allis-Chalmer s,

presents a method for calculating the transverse vibrations of

rotating shafts having multiple supports. It includes elasticity and

damping in the bearings. The method uses matrix algebra, and is

programmed for solution on the IBM 704 computer. Several interest-

ing curves, showing the effect of support flexibility, are given in

Part 2. If a computer is to be used in analyzing the vibration

conditions at Tehachapi, this computer program could be very helpful.

D "REDUCTION OF TURBINE RUNNER VIBRATION AND NOISE" by

F. C, TAYLOR, ASME J. Engrg. for Power, April 1961, pp. 184-9.

This is one of a number of papers on runner vibration. Three

general approaches are used to mitigate the effects of the von Karrnan

vortices at the trailing edge. One is to tie the runners together with

struts, rings or wedges to raise the natural frequency. Another is to
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introduce air bubbles to absorb the energy of vibration. Third is to

alter the shape or thickness of the trailing edge to alter the vortex

frequency.

E "DESIGN OF A COMPUTER PROGRAM TO DETERMINE THE
NATURAL FREQUENCIES AND NORMAL MODES OF VIBRATION OF
IN-LINE MECHANICAL SYSTEM OF SPRINGS AND MASSES" by
T. O'CALLAGHAN, Soc. Indust. & Applied Math. J., June 1961,

pp. 294-310,

This is a mathematical paper that is hard to follow or apply to a

practical problem.

F "COMPLETE PUMP CHARACTERISTICS AND THE EFFECTS OF
SPECIFIC SPEEDS ON HYDRAULIC TRANSIENTS" by B. DONSKY,
ASME J. of Basic Engrg., Dec. 1961, pp. 685-99.

This is similar to Ref. 53A, but diagrams are larger and more
complete. Diagrams drawn for specific speeds of 1800, 7600 and
13,500.

G "BALANCING FLEXIBLE ROTORS" by A. H. CHURCH and R.

PLUNKETT, ASME Trans. J. of Engrg. for Ind. , Nov. 1961,

pp. 383-9.

Discusses method of balancing flexible rotors using mobility
and impedance method.

1962

A "FOUNDATIONS FOR HIGH-SPEED MACHINERY" by J. S. SOHRE,
ASME Paper No. 62-WA-250, 1962.

An excellent discussion of foundation design. It reflects

intelligent American practical experience as well as European
practice as shown by the list of references. While it is primarily
directed to steam turbine-generator applications, the principles

outlined apply equally well to a large pumping unit, or station,

B "METHODS OF NOISE AND VIBRATION SUPPRESSION" by C. T.

MOLLOY, ASME Paper No. 62-MD-14, 1962.
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Author applies mobility and impedance nnethods by drawing

equivalent circuits on a mass-inductance basis to the familiar

acoustics path: source-transmission-radiator. He discusses in

general terms the insertion of filters into the transmission portion.

While interesting, it does not have too much direct application to

Tehachapi.

C "NOISE REDUCTION THEORY APPLIED TO A LARGE POWER
PLANT" by J. PARMAKIAN, Proc. ASCE, POl, May 1962, pp. 19-37.

As stated in title, this is application of rather standard methods
of reducing the noise level in a hydroelectric power plant. Turbine

is encased in an acoustic enclosure, and the control room paneled to

lower noise level.

D "VIBRATION TRANSMISSION AND IMPEDANCE OF BASIC
FOUNDATION STRUCTURES" by D. V. WRIGHT, D. F. MILLER,
J. G. AKEY and A. C. HAGG. Westinghouse Research Laboratories

Report No. 6Z-917-515-RI for Bureau of Ships, Oct. 1962, 260 pages.

This is an excellent comprehensive report on the vibration in

portal frames using impedance methods combined with matrix algebra

for programming on an IBM 7090 computer. Also discusses the use

of plastic models.

1963

A "MECHANICAL VIBRATIONS" by A. H. CHURCH, 2nd Ed. , Wiley,

1964.

A general text on the subject.

B "VIBRATION CHARACTERISTICS OF PROPULSION MACHINERY
SUBBASES AS DETERMINED BY PLASTIC -MODEL TESTS" by G.

O. SANKEY and D. V. WRIGHT, Westinghouse Research Laboratories

Research Report No. 63-917-515-R3, Nov. 1963.

For involved structures, plastic models have advantages in

determining response spectra. They can be fabricated, tested and

modified at relatively low cost to obtain resonant frequencies,

average response levels and mode shapes. Paper gives details on

construction and testing.
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CHAPTER 10

WEAR TEST PROGRAM PROGRESS REPORT

A. INTRODUCTION

During the preliminary analysis of the pumps for the Tehachapi Pumping
Plant of the California Aqueduct it was determined that insufficient data was
available for optimum selection of materials for the metal surfaces subjected
to erosion and corrosion by the pumped fluid. The erosion and corrosion
that will be encountered in these pumps will be influenced by the high pressure
differentials, high surface velocities, and the particular chennical and physi-
cal characteristics of the water.

In order to provide useful data for a reliability study to be conducted as

a part of the research and development assignment and to develop informa-
tion for a prototype pump specification, the following program was formulated:

1. Study existing pump installations in the United States and in Europe
to determine:

a. Maintenance experience

b. Failure Modes

c. Failure rates

Z. Study available literature on wear due to erosion and corrosion.

3. Perform a material wear testing program.

4. Prepare a report presenting findings and experimental results.

5. Incorporate test results and failure and behavior data in the Pump
Reliability Study.

6. Prepare prototype pump nnaterials specifications.
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B. DISCUSSION

Continuing review of literature and data on wear due to erosion and

corrosion is being conducted by DMJM. This review has included study of

some of the major hydraulic machinery installations in the United States and

Europe. Additional specific data must be obtained, to supplement available

data for the particular conditions under which the pumps will be operating at

the Tehachapi Pumping Plant.

1. The Problem

The Tehachapi Pumping Plant of the California Aqueduct will repre-

sent a major capital and operating cost to the Department of Water Resources.

In fact, the pumps in the Tehachapi Crossing must produce combined heads

and flow rates that are greater than those in any existing water system.

Every effort must be made to assure that the design will provide a high degree

of reliability. Due to the high cost of the pumping plant and its components

and the high degree of reliability and availability required in the operation of

the plant, maintenance requirements and down time must be minimized.

Pump components will wear due to rubbing contact, erosion by the

pumped water and cavitation erosion. Corrosion will occur in conjunction

with these types of wear. Three major factors influencing wear rates are:

a. Pressure

b. Velocity

c. Water Quality

High pressure discharge across wearing rings and balancing disks

and high fluid surface velocities will occur in the Tehachapi pumps simply

due to the high lift, large flow rate requirement. Local pressures throughout

the pump will depend on the arrangement and design of water passages, seal

rings, the number of stages, etc. The corrosive and erosive nature of the

water will depend on its PH, hardness, mineral constituents, amount of

suspended solids, and the shape ard hardness of the suspended solids. These
elements of water quality cannot be accurately related to the hardness value

of 440 parts per million guaranteed to the user agencies by the Department
of Water Resources, and so more detailed knowledge of water quality must
be employed in determining wear expectations for the pumping machinery.
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In order to produce pumps that will have minimum maintenance

requirennents, expected wear rates as influenced by performance require-

ments, mechanical design, and materials selection should be determined.

With performance requirennents given and mechanical design following time

proven experience, then improvements in wear resistance are most likely to

be achieved through utilizing detailed knowledge of material and water quality

factors. The purpose of the wear test program is to obtain wear data on

various materials when exposed to waters similar to the Tehachapi water and

under conditions of pressure and velocity that may be expected in the

Tehachapi pumps.

2. Availability and Use of Existing Wear Data

A certain amount of wear data is available in the literature and more
has been obtained from the operating experience of pumping installations.

a. Pumping Installations

Operational experience, plant operator opinions, manufacturers'

opinions, and maintenance and overhaul records have been gathered fronn

European and American pumping and hydro-electric installations for deter-

mining wear rates due to corrosion, erosion and cavitation. Unfortunately,

this data has not often been precisely recorded or reported by the contributor,

and careful review and evaluation were required. As best as possible, the

data was analyzed to relate the causes, nature, frequency and extent of

failures to: the quality of the water handled; the materials used; the velocities

involved; the operating pressures; and the other basic pump parameters.

Results of this study are given in the survey reports and reliability reports.

b. Previous Wear Test Data

Previous testing and research programs have produced some
wear test data. However, the test conditions have seldom been similar to

the Tehachapi situation. For example, the Detroit Edison Co. =:= ran high

pressure tests with good quality, 250°F boiler feedwater that does not

compare with aqueduct water. In these tests a proportional increase in the

wear rate was observed for some materials when the pressure differential

= "Corrosion-Erosion of Boiler Feed Pumps and Regulating Valves'

pp. 389-403 of ASME Transactions, May 1947.
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and flow velocity was increased but no logical relation between wear rate and

pressure differential was indicated for others. In view of the low solids

content of the water utilized for the Detroit Edison tests it is not possible to

apply relative wear rates directly to the Tehachapi pumps. The higher

expected suspended solids concentration of the California Aqueduct water will

tend to increase wear due to particle erosion.

More recent information concerning wear has been presented

in an ASTM publication (Special Technical Publication No. 307) entitled

"Synnposium on Erosion and Cavitation". Papers in this collection give

results of accelerated cavitation tests, wear erosion tests, and sand erosion

tests. The results are very interesting but again, due to variation in water

quality and operating conditions, conclusions cannot be transferred to the

Tehachapi problem. In fact, peculiarities of the results point up the need for

specific wear testing simulating Tehachapi conditions.

3. Cavitation Erosion

Wear due to the presence of cavitation normally occurs on impeller

vanes near the inlet and may occur at other places within the pump. Some-
times cavitation erosion and wear due to high velocity, silt laden water may
occur together and they are not always separately identified. Most materials

that are wear resistant to sand erosion are generally resistant to cavitation

erosion. There are, however, some differences in wear resistance as

reported in the literature. Cavitation erosion rates are known to depend on

the water quality. PH value, salt content, etc., affect cavitation erosion.

The Tehachapi pumps will probably be subject to some cavitation erosion

unless a greater than usual pump submergence is employed. Therefore, any
program to study wear should logically include study of cavitation damage.

The plant investigations and literature studies are including the

subject of cavitation damage. The experimental program includes accelera-

ted cavitation tests to help identify the kinds and relative amounts of erosion

that may occur at Tehachapi and to determine the best materials of

construction considering all types of wear.

C. EXPERIMENTAL WEAR TEST PROGRAM

To aid in selecting the optimum materials for the Tehachapi Pumps,
DMJM is conducting an experimental wear test program with the assistance

of DWR personnel. This program will evaluate and demonstrate the

reliability of preferred nriaterials to resist wear due to water erosion.
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cavitation erosion and corrosion at the pressure differentials which will

exist in the prototype pumps.

A major factor affecting the wearing rate is the quality of the water being

pumped. Solid particles in the water traveling at high velocities may tend to

penetrate the oxide layer on some metals and increase the wearing rate. It

is, therefore, essential to use test water similar to that expected at the

Tehachapi Pumping Plant. Conferences with DWR personnel from the

Division of Operations led to the opinion that the best correlation could be

obtained by conducting the wear test program at the intake to the Tracy

Pumping Plant on the Delta -Mendota Canal.

Two types of testers for water erosion are being used in the test program
— stationary testers and rotating testers. High pressure water is supplied to

the testers by supply pumps taking water from a canal; the pressure differen-

tial across the testers is controlled by an inlet pressure regulator and an

outlet relief valve.

The test program will provide information on the relative wear charac-

teristics of various materials when subjected to water erosion and corrosion,

such as that which will occur in the impeller and casing wearing rings of the

prototype pumps. This information will be specifically applicable to wearing

rings and in a general way also to the impellers and pump casing.

The stationary type of tester is used to evaluate different classes of

materials. Certain selected materials are then tested in the rotative tester

to determine wear rates comparable to those that will occur in the

Tehachapi pumps.

Accelerated cavitation damage tests utilizing an ultrasonic (magneto-

strictive) device will be conducted with water samples taken at Tracy. The

information will be directly comparable to the high pressure testing so that

behavior of materials with both types of erosion can be determined.

Tests will be repeated for each of four seasons to determine the effects

of seasonal variations in water quality. The following materials are being

tested initially:
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1. Government bronze 88-10-2.

2. 12% chrome stainless steel 450-500 B. H.

3. 18-8 stainless steel (A.I. S.I. 304)

4. 18-8 with 2% molybdenum (A. I.S.I. 316)

5. 17-4 pH stainless steel 500 B.H.

6. Hard-surfaced material, 12% chrome with Stellite overlay.

7. 12% chrome stainless steel with o. 007" chrome plating.

8. 12% stainless steel with Epoxy coating.

D. FACILITY AND EQUIPMENT

Drawing A-1 shows the facility for wear testing. It features a high

pressure pump for each of the tester types (stationary and rotating) with

associated regulating valves and instruments. Each tester type can be
operated independently of the other. Details of the test set-ups and testers

are shown in Drawings M-1, M-2, M-3 and M-4. ( Figures 10-1, 10-2, 10-3,

10-4 and 10-5).

1. Stationary Tester Operation

Eight stationary testers are employed to permit simultaneous test-

ing of eight materials. Water, pumped from the canal at high pressure, is

directed to the center of each test specimen pair where it jets in opposite

directions from the center along the . 020 x . 25 slots. Erosion along the

slots is measured by carefully cleaning and weighing the specimen periodic-

ally during the test.

Tests will be run at a pressure of 216 psi (500 feet of water) for

500 hours and at 432 psi (1, 000 ft. of water) for 1, 000 hours. Supply pres-
sure, differential pressure, and flow rate are monitored daily and water
quality data is taken as needed. Initially, water sampling is being conducted
on a rather frequent basis , but it is anticipated that less samples will be

required after patterns have been established. Test specimens are cleaned

and weighed at approximately 250 hour intervals. Photographs of specimens
are taken periodically.

I

Figures are at the end of this chapter.
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Normally, all specimens will be changed after each 500 hour or

1, 000 hour test is completed. Exceptions may be made if a specinnen shows
excessive wear prior to completion of the test run; in this case, individual

testers may be shut down or the specimens may be changed prior to the

connpletion of the test. As testing progresses, the need for program modifi-

cations will appear. Other exceptions to the plan may be made to extend the

test duration for selected outstanding nnaterials. Special attention will be

given to any specimens tested for extended durations to avoid confusing test

conditions.

2. Rotating Tester Operation

In the rotating tester, a stationary and a rotating ring constitute a

specimen pair. These rings have a clearance diameter of 8 inches and the

inner ring, rotating at 3, 450 rpnn, will be a peripheral speed of about 720

feet per minute (121 fps) which approximates the peripheral speed of the

wearing rings of a prototype pump. Each of two testers accommodates two

sets of rings such that four kinds of materials can be tested sinnultaneously.

High pressure water is introduced between the two ring sets and passes

through the ring clearances to a common discharge pipe. The radial clear-

ance between the rings will be . 010 at the beginning of a test. Wear will be

determined by weighing the rings. These testers will give wear rates

approximating the prototype pumps and the testing will not be of an accelera-

ted type.

Testing procedures are similar to those used for the stationary tests

except fewer nnaterials will be used. Results of stationary tests are being

used to guide the rotating tests.

3. Cavitation Erosion Testing

Accelerated tests will be conducted utilizing a commercially
available ultrasonic transducer aril power supply. Specimen tips made from
materials to be tested are sinnply screwed into the end of the transducer.

The power is turned on with the tip submerged a fraction of inch in water.

Weight changes are the nneasure of cavitation damage. This type of test only

requires about two hours of significant results and therefore, cavitation

erosion tests are being conducted as the time becomes available during the

high pressure testing.
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E. STATUS OF EXPERIMENTAL PROGRAM

The wear test facility has been in operation since 16 December 1964.

The 500 hour test at 500 foot head has been completed on the first group of

stationary specimens as well as the 1, 000 hour test at 1, 000 foot head on the

second group of stationary specimens. This completes the stationary program
for the winter season.

As of 15 March 1965, the rotating specimens have logged approximately
480 hours at the high head differential pressure. The rotating program has

been delayed due to late arrival of test specimens, mechanical difficulties in

the testers and problems with the supply pump's motor.

Detailed test procedures have been prepared with copies distributed to

all personnel concerned with this program. A copy of these procedures can
be found in the Appendix at the end of this chapter.

During the period of testing water samples have been taken and sent to

the Bryte Laboratory Facility of the Department of Water Resources for

analysis. The entire responsibility of selecting the type of analysis per each
sample taken has been made by a representative of this laboratory.

WEAR TEST RESULTS

The results of the Winter season tests conducted on the stationary speci-
mens are exhibited in Figure 10-6 for the 500 foot differential pressure and
Figure 10-7 for the 1000 foot differential pressure. These curves demonstrate
comparison wear rates between the materials tested. It is too early in the
test program to discuss or draw any conclusions, however, the Stellite coated
specimen and the hard chrome-plated specimen are shown to have the least
rate of wea r.

Figures 10-8, 10-9, 10-10 and 10-11 show the results of water analysis
conducted by Bryte Laboratories on water samples taken during the testing

period. Figures 10-12, 10-13, 10-14 and 10-15 show actual data taken at the

test facility site or analyzed at Bryte Laboratories while water test equipment
is not available at the test site.

Typical data sheets displaying the actual test data currently being recorded
by the test monitor are shown in Figures 10-16, 10-17 and 10-18.

Figure 10-19 is a form designed to log the many photographs taken of the

specimens during their inspection periods. The rotating specimens have not
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yet completed their first 1000 hour test, and there are no test results to report

at this time.
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APPENDIX

WEAR TEST PROCEDURES

INTRODUCTION

These procedures have been formalized in order to insure consistent acquisi-

tion of data for the wear test program. Procedures have been divided into

four categories. The responsible supervisors and authorized working person-

nel have been designated for each category. Mr. Dick Burge will act as

overall test activities coordinator for DMJM:
Active

Test Category Supervisors Working Personnel

1. Test Monitoring Jack Wyatt
Dick Burge

Steve Gentry
(Test Monitor)

Water Analysis Jim Morris
Jack Wyatt

Steve Gentry
Bryte Lab Staff

Test Specimen
Care

Jack Wyatt
Dick Burge

Bryte Lab Personnel
Designated by
Jack Wyatt

4. Facility

Maintenance
Jack Wyatt
Dick Burge

Steve Gentry

If changes in these arrangements should occur, all supervisors should be

notified.

GENERAL

All data will be connected primarily through the process of dating. Data

acquisition forms will relate to each other by the dates and also by "Season"

and "Test Type". There will be four seasons:

1.



and two test types:

1. 500 ft. head (pressure)

2. 1000 ft. head (pressure)

The appropriate season and test type will be marked on each data form as:

Season: Winter Test Type: 500

All data sheets for a like season and test type will form a set fronn which an

analysis can be made and a report can be prepared. Also, there are two

kinds of tests; rotating and stationary. Thus, when the program is complete,

there will be eight sets of data for each of the two kinds of tests, or 16 sets

of data all told. However, some of the water analysis data will be common
to each kind of test.

Every attempt will be made to keep both rotating and stationary tests on like

250 hr. intervals, in order to minimize trips to the facility and the amount

of water sannples to be taken.

Water samples will be consecutively numbered, as will be photos, for the

extent of the program. If a water sample is lost or not analyzed, a note to

that effect will be made on the data form. Whether water samples are used

only at the field facility for daily tests or are sent for further analysis to

Bryte Lab will not effect the numbering. There simply will be many sample

numbers that are not sent to Bryte. (See Water Analysis Procedure).

All photos will have a separate number and the photo log will correlate with

other data by date and photo description. A set of data will consist of one or

more sheets of the following fornns:

Stationary Tester Data Sheet S-1

Rotating Tester Data Sheet R-1

Field Water Analysis Data W-1
Sheet

Laboratory Water Analysis W-2
Data Sheet

Photo Log Sheet P-1

and prints of all photographs logged.

433



Originals or direct copies of all data reporting sheets will be transmitted to

DMJM as soon as possible, after the test is completed for incorporation in

reliability analysis and report preparation.

SPECIMENS

Specimens (both rotating and stationary) are marked with a dash number and

serial number, thus:

-5S3

The dash number -5 identifies the material and the serial No. S3 is the third

piece of that particular material. Eight pieces of each material and specimen
part (SI to S8) have been fabricated in the initial specimen order.

With the stationary specimens, parts with like dash number and serial

number are used together as a set. Thus, a top and a bottom, both with the

Code -ISl, are installed in the same tester.

In the rotating tests, materials may be fixed; one material for the stationary

ring and another material for the rotating ring. Therefore, rotating speci-

men sets may have different dash numbers and may have different serial

numbers, for example:

Stationary ring

Rotating ring

"> -ISl

J -2S3

The material versus dash number code is given in the following table:

Dash No. Material fc Treatment

-1 Bronze (88-10-2) Hyd. Inst. Grade CB-5
-2 Type 420 Stainless Steel (12-14% chrome),

450-500 B.H.
-3 Type 304 Stainless Steel (18-8)
-4 Type 316 Stainless Steel (18-8 - 2Mo)
-5 17-4 PH Stainless Steel 375-425 B.H.
-6 Stellite No. 6 weld overlay on Type 410

Stainless Steel

-7 Hard Chrome Plate on Type 410 Stainless Steel

-8 "SPECOAT EPOXY" coating on Type 410

Stainless Steel
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(Materials -1 to -4 were taken from centrifugally cast stock.
)

1. Test Monitoring Procedure

A. General

Following the initial installation of test specinnens, or subse-
quent installation after an inspection period, the tester data and certain water
data will be taken. The data will be read daily (except when not practical on
Saturdays, Sundays, and Holidays) and will be recorded on Data Sheets S-1,

R-1 and W-1. Although tester data is not expected to change much on a daily

basis, recording it will give a continuous record and the daily visit will

constitute an operational inspection, and opportunity to adjust pressure
regulators, etc. Any unusual findings should be immediately reported to one
of the test supervisors and recorded on the back of a test data sheet (R-1 or

S-1). Use additional sheets if comments become lengthy.

B. Data Period

The testers will operate for approximately 250 hr. intervals

between inspections, or approximately 10 days. (Where weekends and
holidays interfere, inspections will take place on the nearest work day to 250

hours. ) The inspection data is entered on the tester data forms, S-1 and
R-1, and so a new sheet for S-1 and R-1 (and also W-1) will be started after

each inspection.

C. Data Recording and Equipment Adjustnaents

(1) Testers

Data is to be entered on the forms S-1 and R-1. A sample
set is attached and is reasonably self-explanatory. ' Daily readings will be
filled out completely. On S-1 and R-1, Tennperature, Flow Rates and Pres-
sures can be read fronn the gauges quite rapidly, and the Differential Pressure
calculated by; (Inlet Header Pressure - Outlet Header Pressure). The

'• Data sheets have been eliminated in lieu of actual data on fornns exhibited

in Section F.
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Differential shooild be:

Test Type Diff. Pressure

500 216 psi j^ 5 psi

1000 432 psi + 10 psi

As the specimens wear, the flow rate will go up and the

Differential Pressure will tend to go down. In order to prevent the Differen-

tial Pressure from dropping, the pressure regulators on each tester system
should be adjusted to return the Differential Pressure to the setting specified

above- This adjustment should be made each day if necessary, if the

Differential Pressure is out of the tolerance shown above. If the Differential

Pressure cannot be brought into the tolerance zone, leave the tester system
in operation but notify a supervisor. If an adjustnnent is made, the pressure
gauge readings prior to the adjustment should be recorded and the pressure
gauge readings, after the adjustment, should be recorded under a slashed
line in the same data space on the form -- see samiples attached. Similarly,

the flow rates should be repeated.

In the event a flow rate reaches the maximum reading on a

meter, the supervisor should be notified. A special inspection may be made
by the supervisor or the individual tester nnay be shut off. If a tester is shut

off, an adjustment in the Differential Pressure will probably be required.

In changing from a 500 ft. head test to a 1000 ft. head test,

or vice versa, a spring must be changed in the Baily regulator in the rotating

tester system in order to put the regulator control in the correct range.

Special instructions for the spring change will be given to persons involved.

(2) Water Sampling

A water sample, suitable for the daily water analysis,

should be drawn after reading the gauges. Data is to be entered on Form
W-1. Daily water samples should be drawn from a bleed valve on the header
of either the stationary or rotating tester system. The valve should be
opened and allowed to run freely for 30 seconds to a nninute, before the

sannple is taken in order to clear trapped sediment fronn the valve and line.

See Water Analysis Procedure for further sampling instructions and analyti-

cal requirements.
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2. Water Analysis Procedure

A. General

Water analyses will be conducted in two parts: (1) Field Analysis

and (2) Laboratory Analysis. Field Analysis will be maded as part of the

Test Monitoring and will follow the schedule set forth in the Test Monitoring

Procedure. Field data will be recorded on the FIELD WATER ANALYSIS
Data Sheet, W-1.

Laboratory water analysis will be conducted at the Bryte

Engineering Laboratory, DWR, and will be performed on samples every 250

hours (approxinnately 10 days). More or less frequent lab analysis may be

made according to the directions of the supervisors. Results will be recorded

on Laboratory Water Analysis Data Sheet W-2.

B. Sample Numbering and Handling

Sannples will be numbered consecutively and dated. The dates

will relate the results to other phases of the testing. As several samples

could be taken in a day, the numbering of samples is required. In certain

tests, water may be drawn and examined without an actual storage period in

a bottle; however, a sample number will still be assigned, corresponding to

the data entered on the data sheet. In fact, several separate water "parcels"

may be examined for different items and use the same sannple number. When
a water sample is bottled for storage or delivery to Bryte, it will be labeled

with sample number and date. Several bottles drawn at the same time may
be labeled with a number and letter, as 17-A, 17-B, etc. If a sample is

taken from a different source (river as opposed to tester header) or at a

significantly different time of day, it will receive a new number.

All sample numbers will appear on the Field Data Sheet, W-1,

as all samples will be subjected to the Field analysis. Samples sent for the

more extensive Laboratory Analysis will be noted on W-1 by the "Date Sent

to Lab" column. Lab sample analytical results will be reported on the

Laboratory Water Analysis Data Sheet, W-2. Original work sheets used in

arriving at final results should be attached to the W-1 and W-2 sheets.
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C. Analytical Procedures >' (outline only given)

(1) Sannple Collection

(a) Cleaning sample container - types of containers.

(b) Collection methods (according to intended analytical

use).

(c) Recording, labeling, storage and handling (time limits).

(d) Collection Schedules and Assignments.

* Reference: "Standard Methods of Examination of Water,
Sewage and Industrial Wastes". APHA.

(2) Field Analysis (Sample taken and work performed by
"Field Monitor").

(a) Equipment (by type of test)

(b) Detailed test procedures (by type of test)

I Turbidity (daily)

II Ph (daily)

III Dissolved oxygen (daily)

IV Carbon dioxide (daily)

V Specific conductance (daily)

(3) Laboratory Analysis (Samples taken by "Field Monitor" or

"Specimen Inspector"; work by Lab.
Staff)

(a) Equipment (by type of test)

(b) Detailed test procedure (by type of test)

I Total dissolved solids (250 hr. )

II Suspended Solids (250 hr.
)

III Suspended particle analysis

a. Particle size "^Indication

b. Particle shape ? or (250 hr.
)

c. Particle hardness ) Average

438



IV Calcium (250 hr.

V Sodium (250 hr.

VI Silica (250 hr.

VII Potassium (250 hr.

VIII Magnesium (250 hr.

IX Alkalinity (250 hr.

X Chlorides (250 hr.

XI Sulphates (250 hr.

3. Procedure for Handling Test Specimens

A. Initial Clearance Measurement (Rotating Specimens Only)

Prior to installation in the rotating testers, the radial clearance
of each "running set" of specimens shall be measured and recorded. The
method employed will be as follows:

(1) Pair off running set of specimens and place on a flat

surface.

(2) Squeeze and hold set together in one spot and measure with

wire gauges and the maximum clearance produce in the diametrically oppo-
site site.

(3) Divide this nneasurement by two and record as the installed

radial clearance in space provided on Data Sheet R-1. The result will be

approximately . 020" = .OlO".

2

B. Initial Cleaning

Each specimen shall be cleaned thoroughly by first immerging
in Benzol and then Acetone. Scrubbing with a non-metallic brush and

agitating the solutions will expedite this operation. Specimens shall be

handled with laboratory tongs or gloves to prevent solution contact with hands.

C. Drying

Surplus solvent shall be removed by shaking and/or blotting

with paper towels. The specimens shall be placed in a desiccator for a
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period of 30 minutes minimum. Laboratory tongs shall be used to handle the

specimens, taking care so as not to scratch or otherwise damage thenn.

D. Inspection

Because of the requirement of precision weighing, each speci-

men shall be microscopically inspected to prove the effectivity of the cleaning

process. If necessary, the cleaning process shall be repeated until all

foreign material is removed. Other solvents may be used only if the follow-

ing conditions are satisfied:

(1) Establish proof that the chemical or solvent selected will

not remove or change properties of the specimen's nnaterial.

(2) Re-wash the specimen in Benzol and Acetone after employ-
ing the selected technique.

(3) Write a full description of the exact process and chemicals
used, along with the specimen serial number on the reverse side of the data

sheet, S- 1 or R - 1.

E. Weighing

After proper cleaning and drying, each specimen shall be care-

fully weighed, using a laboratory analytical balance. The stationary tester

specimens shall be weighed to an accuracy of plus/minus one-tenth of a

milligram (+ .0001 grams). The rotating tester specimens shall be weighed
to an accuracy of plus/minus 10 milligrams (+_. 010 grams). Standard
laboratory practices and written instructions by the balance manufacturer
shall be employed during this operation, including periodic calibration checks
of the balance. The weights of each specimen shall be recorded in the space
provided on the test data sheet, S-1 or R-1, coordinated with the specimen
serial number.

F. Photographing

The wearing surfaces of each specimen shall be photographed,
using a camera attached to a microscope. A log of each photo taken will be
kept on Data Sheet P-1. Whenever practical, a slip of paper with the serial

number and date written on it will be placed in the field of the photograph.
When roll film is used, the roll film number will be recorded. As these

numbers do not always match the camera operation, roll film will be

440



processed uncut in order to retain the sequence of photos and the processor
shall number prints in sequence, corresponding to the filnn. Correlation
with the photographic log sheet P-1 can then be made.

Initially, there will be one close-up photograph of the specimen's
wearing surfaces with a magnification of 1:1. Additional photographs, with

higher magnification showing other specific details of the wearing surfaces,

may be made as required. After the initial photographs have been viewed
and found to be satisfactory the magnification ratio shall be fixed for subse-

quent photographs of like specimens for the purpose of consistent comparison.

In the case of the rotating tester specimens, due to their size, a close-up

photograph of only a section of the wearing surface shall be taken. After a

period of testing, the section chosen shall be in the area showing the most
severe wear. Additional photographs of other sections may be taken, if they

serve to further clarify or define possible conclusions. Specimens shall be

handled with laboratory tongs during the photographing, in order to avoid

contamination.

G. Installation in Testers

(1) Stationary Specimens

Specimens are installed following the assembly drawing -

DMJM M-2. The specimens are placed in position and the tester assembly
connpleted except for the pressure screw (3) and cap (Y) . Nuts on studs

should be unifornnly tightened to ensure leak tight gasket joints. Pressure
screw (3) should be carefully screwed in place and made '"snug". It should

not be over-tightened to the point of marring the top surface of the specimens.

Cap (7) is then positioned and tightened against the top gasket.

When all specimens are installed, the tester water supply

is started, a check made for leaks, and then the first set of data is taken.

Regulator adjustments are made to obtain the proper Pressure Differential.

(2) Rotating Specimens

Specimens are installed two sets to a tester, as shown in

DMJM Drawing M-4. Care should be taken to ensure that the axial position

of the specimens is correct. The case, section (J) should be positioned so

as to obtain the nnost nearly uniform radial clearance. Clearance of the

front set only should be checked at four positions around the specimens

utilizing the "music " wire gauges.
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Tester leakage should be checked and the pressure regula-

tor adjusted for the proper Pressure Differential and the first data set taken.

If a change from a 500 ft. head test to a 1000 ft. head test is being made, the

regulator spring in the Baily regulator will have to be changed. Special

instructions will be given to personnel.

H. Re-inspection, Recleaning, Redrying, Reweighing and
Re -photographing

(1) Order of Work

At the conclusion of each test phase, each specimen shall

be handled according to the following sequence:

(a

(b

(c

(d

(e

(f

(g

Preliniinary inspection

Preliminary cleaning and drying

Detailed inspection

Photographing
Cleaning
Drying
Weighing
Reinstallation in tester

(2) Preliminary Inspection (a) above

The objective of this examination is to look for anything

unusual that has happened to the specimens during the test period; such as

clogged wear passages, broken or loose parts in the testers or rubbing in the

case of the rotating tester specimens. A full description of anything seem-
ingly unusual shall be reported on the back of the test data sheet, S-1 or R-l.

(3) Preliminary Cleaning and Drying (b) above

The specimens shall be cleaned and dried essentially, as

described in paragraphs B, C and D; however, the objective here is to remove
the accunnulation of deposits as necessary only to expose paths of wear to be
examined in detail and photographed. The specimens shall be further cleaned
with precision after the inspection and photographing periods and before

weighing.
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(4) Detailed Inspection-Photographing (c) &: (d) above

Each specimen shall be carefully inspected in detail for

wear paths and patterns and the selection of sections demonstrating the most
severe damage as subject for photographing. Photograph the interesting

areas following the discussion of Section E. At the conclusion of the photo-

graphing, the radial clearance of the rotating specimens shall be re-measured
and recorded. Refer to Section 3A of this document for the method previously-

employed. Enter this measurement in two places on different R-1 data

sheets: (1) in space provided opposite "removed clearance" on old data sheet;

and, (2) in space provided opposite "installed clearance" on the new data

sheet to be used in the next Z50 hour test period. As the wear surface may
now be rough, precision in this measurement should not be expected.

(5) Cleaning, Drying and Weighing (e), (f), (g) above

The cleaning and weighing shall follow the procedures given

in Section B, C, and D» However, if scale and corrosion are present, it will

probably be necessary to use cleaning solutions such as hydrochloric acid

inhibited with antimony chloride. Other solvents may be used subject to the

conditions stated in Section C.

(6) Installation in Testers

Specimens shall be placed in the same testers as originally

installed. Rotating specimens shall be mounted in the same end of the tester

as originally installed.

I. Final Inspection

At the conclusion of a test, the inspection shall be conducted as

outlined in Section G, except there will be no re-installation of specimens.

Specimens that have completed tests will be stored in a safe

manner, awaiting shipment to DMJM. Used specimens will be held at DMJM
for reference in preparing reports.
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4. Facility Maintenance

General

As experience is gained in the operation of the test facility,

more itenns of maintenance will be recognized and should be added to this

list.

B. Inspections and Maintenance

(1) Daily (Test Monitor)

Visual inspection of supply punnps, piping and testers for

excess seal leakage, over-heating of seals, bearings, etc. Inform super-

visors of any unusual circumstances and note on the back of data sheets.

(2) During Specimen Inspections (250 hrs. - 10 days)

(Specimen Inspector)

(a) Inspect disassembled tester parts for -- check gaskets

and replace if necessary (both stationary and rotating).

if necessary,

oil - - add if low.

(b) Check supply punnp seal for leakage, replace packing

(c) Check supply pump motors and pumps for lubricating

(d) Clean regulator orifices and filters.

(e) Clean BJ pump seal water filter.

(f) Check cleaning solutions and water analysis solutions.

Replace all exhausted solutions. Check dessicants.

(g) Check balance accuracy.

(3) At the completion of a Season

(a) Check stocks of towels and rags, personnel supplies,

gasket material, cleaning solutions, dessicant, water bottles, water analysis,

chennicals, etc. , and replenish.
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(b) Inspect all piping and supply pumps and motors, and

rotating tester motors for loose mounting, loose parts, evidence of wear,

etc.

(c) Inspect pump seal sleeves by removing packing and

replace packing as necessary. If sleeves are badly worn, order spares and

schedule repair work for an inspection period.

(d) Check pressure gauges, thermometers, pressure

switches, valves, flow instruments, etc. Clean and repair or replace as

required.
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CHAPTER 11

State of California

Department of Water Resources

Sacramento, California

California State Water Plan

Tehachapi Pumping Plant

EXPERIENCE REPORT

on

T-1 Steel

January 5, 1964

prepared by

P. Schenker
Mechanical Engineer

MOTOR -COLUMBUS
Baden/ Switzerland
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SUMMARY

This report covers the experience of Motor-
Columbus with the use of T - 1 steel for pen-
stocks and pressure shafts of hydro-power
stations. It describes the special design
conditions, material tests, precautions for

shop and field construction, welding, con-
trols, and testing methods applied.

The report was compiled on request of the

Tehachapi Crossing Consulting Board.
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General

During its nearly 70 years of activity in hydro-power, Motor-Columjus
has designed and built many penstocks, underground pressure shafts,

lined tunnels and manifold pipes. To recall the most important installa-

tions of the last 10 years, the power-plants of Rothenbrunnen, Safien,

Sils, Barenburg, Ferrera, Motec, Vissoie, and Huinco should be men-
tioned, comprising 45,000 feet total length of lined tunnels, pressure

shafts, and penstocks with design pressures up to 2, 000 psi. Diameters
vary from 6 to 19 feet, wall thicknesses from 1/2 to 2 inches, and the

total weight of steel plate reaches 18,000 short tons.

Various steel qualities were used as listed below, mainly European
make, but also USS T-1 steel.

Mechanical properties of some steel plate qualities (minimum values) :

Trade Name Country Yield Tensile Elongation Notch 1)

Strength Strength Test

1000 psi 1000 psi %

Aldur 35 Austria 35.6 50.0 28

Aldur 58 Austria 57.0 82.7 24

Feralsim 41 Belgium 37.0 58.3 25

Feralsim 58 Belgium 57.0 82.7 22

Soudotenax 41 Belgium 37.0 58.3 25

Soudotenax 56 Belgium 57.0 80.0 20

Union BH 36 Germany 51.2 74.0 24

Union 54 Germany 64.0 82.8 20

USS T-1 ^) USA 88.2 106.0-124.2 18

USS T-1 USA 100.0 114.0-140.0 15

1) Swiss Standard Test

2) At -10°C
3) Before 1959
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T-1 steel was used for the manifold of the Sils power station and for parts

of the Sils and Barenburg pressure shafts. Characteristic dimensions of

these installations are as follows:

Sils manifold: Main pipe diameter 11 - 5 1/2 ft.

Main pipe length 300 ft.

Main pipe wall thickness 1 5/l6"-7/8"
Branch pipes, number 4

diameter 5 1/2 ft.

wall thickness 7/8"

length, each 30 ft.

Design pressure 680 psi

Sils

pressure shaft: Diameter 14-11 ft.

Wall thickness 3/4" - 1 5/16"

Design pressure 670 psi

Barenburg
pressure shaft: Diameter 13 - 11 ft.

Wall thickness 3/4" - 1 1/2"

Design pressure 600 psi

Total weight
T-1 steel 900 short tons

The following paragraphs are an abstract of the general specifications for

pressure conduits and of the specific requirements stipulated for T-1
steel.
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2. Calculated stresses and safety factors

For straight lengths of pipes the safety factor is usually 2.0, based on
the design pressure and the yield point of the material. The design
pressure equals the maximum static pressure plus water-hammer.

For pipes consisting of other configurations than straight lengths of

cylindrical shells, a higher safety factor is used. This applies to bends,
manholes, branches, etc. For underground pressure tunnel linings, the

wall thickness is diminished by a factor which defines how much of the

internal pressure is taken over by the rock. On the other hand, the possi-

bility of outside pressure has to be considered for underground linings.

An extra 'increase of the safety factor because of T-1 steel was not con-
sidered necessary.

Material

3. 1 Choice of Material

The choice of material is left open to the contractor within the following

limitations:

"Only high-grade and age resisting open hearth steel plates with

sufficient cohesive strength shall be employed, free from lami-
nations and other rolling mill faults. The tenderer is free to

offer the material which appears to him to be suitable and eco-

nomical for the duty involved, whereby he shall prove that he

has sufficient practical experience of working and welding this

material. "

According to these general terms, the contractor will offer different

steel qualities for the same type of conduit. After a detailed comparison
on technical quality and economy, the best solution is chosen.
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3. 2 Material Controls

Tests and controls are applied on the steel plates in the rolling mill, on

the electrodes, on the welds, and on the finished parts in the contractor's

shop as well as in the field.

In



At the contractor's works:

a. Plate tests

Snatch tests shall be carried out at the contractor's works,
at least one test for each quality of material (thickness
class and melt).

These tests include:

1 chemical analysis

1 elongation test along the rolling direction, in the

delivered condition

1 elongation test along the rolling direction, stress-
free annealed, for plates whose tensile strength is

greater than 50 kg/cm2

3 notch toughness tests, in the delivered condition,

at -10°C, along the rolling direction

3 notch toughness tests in an aged condition, at +20°C,
along the rolling direction

3 notch toughness tests, in the delivered condition,

at +20 C, across the rolling direction

1 bending test, along the rolling direction

1 diagram showing the notch sensitivity in function of

the temperature, for material in the delivered condi-
tion, along the rolling direction

1 diagram showing the notch sensitivity in function of

the temperature, for material in an aged condition,

along the rolling direction.

Before being used, each sheet shall be subjected to a brinell

hardness test in order to control the quality of the material.
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b. Mechanical welding seam tests

Extensions of longitudinal seams shall be carried out for

testing purposes in the contractor's works, at least one for

each quality of material (thickness class and melt).

The tests include:

2 elongation tests with parallel test pieces

1 elongation test with shaped test piece that causes

a fracture in the welding metal

2 bending tests

3 notch toughness tests at 20 C

1 diagram showing the notch sensitivity in function of

the temperature in the welding metal

1 diagram showing the notch sensitivity in function of

the temperature in the transition zone.

c. X-ray and supersonic tests

Usually 20% of the shop and field welds are subject to ultra-

sonic tests. X-ray photographs are made at random, at least

of 2% of all welding seams, plus of all those welds where the

ultrasonic test has shown some suspicions of fault.

For the T-1 manifold, the ultrasonic tests were extended to

100% of all shop and field welds. X-ray tests were made as

above.

4. Design and Manufacture

In principle, the design of the structure has to follow the special require-

ments of the used nnaterial with respect to manufacturing, bending, welding,

etc. Such rules nnust be followed especially for quenched and tempered
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steel which cannot be machined with usual methods and which require
special care with respect to any heat treatment applied.

For high stress steels like T-1 special instructions should be stipulated

for the design, manufacturing, and welding, and it is important that

these instructions are followed exactly. These instructions should com-
prise the following points:

a. Quenched and tempered steels are delivered from the rolling mill

with a specific heat treatnnent. They are hardened and tempered
in a special treatment to reach the guaranteed stress values.

b. For the design it is important that the structure consists only

of geometrical plane, cylindrical and tapered shells. Two-dimensional
curvatures and spherical parts must be avoided if a heating of the steel

up to 1100°C would be necessary to achieve such shape.

c. Bending of the plates has to be made under cold conditions, either

on a hydraulic press or a rolling mill. The deformation of the

plate should be restricted to maximum 6% elongation.

d. Ultrasonic tests should be applied on the plates in the neighborhood
of all welding seams to assure that no laminations or other rolling

faults are in the parts near the welding seams. Laminations extend
into the weld during the welding and cause cracks parallel to the

plate which are often not to be seen in X-ray photographs.

e. After torch cutting the welding edges must be machined or ground
(in the field) to eliminate that zone which has been heated too much
by the torch cutting.

f. Any welding should be made only with the special electrodes which
have been selected for the material.

g. The plate ends have to be preheated before welding and have to be
kept on the specified temperatures during the welding. After welding,

the welding seams should be cooled gradually in calm air.
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h. The welding seams should be ground inside and outside, plane and

smooth to the plate surface. This will allow to find out burnt-in spots

or notches.

i. If a new material is applied the first time, model tests should be

made to prove that the manufacturing and design methods and instruc-

tions cover all requirements. Such model tests on Y-pieces of mani-
folds consist of hydraulic tests to measure the hydraulic friction

losses, and of stress tests. The stress tests are necessary to con-

trol the calculation by strain gauge measurements. If a new nnaterial

is applied, the stress tests should be carried on to the rupture of the

element, to verify the behavior of the material through the full range

of stresses up to the tensile stress. It controls also the quality of

the weldings. The rupture should not start in a welding seam.

5. Shop and Field Work with T-1 Steel

5. 1 Bending, Rolling and Cutting

No problems were experienced. All bending and rolling work was done

under cold conditions.

5. 2 Electrodes

After extensive tests with different types, "Ultratherm" electrodes, made
by Secheron, Geneva, were selected. "Ultratherm" electrodes are of the

basic type, with thick coating, low carbon content. One-half per cent

Molybdenum and 3, 5% Nickel content are used to achieve strength require-

ments. This electrode was developed especially for T-1 steel welding.

It was also used for welding of T-1 to other type steels.

The diameter of the electrodes was limited to maximum 5 mm, to achieve

that the weld is built up in small layers.
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5. 3 Welding Procedure

Because of the cold climate in Switzerland, special care was necessary
with respect to notch toughness. Extensive tests had shown that a notch

toughness as high as 5 kgm/cmZ at -20°C in the weld could be reached
with hand- welding. With automatic welding the notch toughness was only

4 kgm/cmZ at 0°C. The excellent result of the hand-welding is caused
by the small electrode diameter. Each layer gives a proper heat treat-

ment to the foregoing layer. For that reason it was decided to do all

welding in the shop and in the field, by hand. Metallurgical investigations

proved that the weld itself and the border zones of the plate consist of

fine-grain Martensit structure of low carbon content.

Before use, the electrodes were dried at 300°C for Z - 4 hours. The oven
was installed close to the welders to ensure that only dry electrodes were
used.

The plates were preheated to 130 - 150°C. During the welding the plate

temperature was checked continuously to ensure that the temperature
never dropped below 80 - 100°C. This was done by means of temperature
indicating chalks.

Cooling down of the finished welds was done without special heating, but

precautions were necessary to avoid draught.

Only welders with welding examination were employed. The welders
had to mark all their welds. Thus, the 100% ultrasonic welding control
also provides a continuous check of the welding personnel.

Field welding requires protection against wind and draught, rain, and
splashing water. Roofs and tent-cloth were used.

5. 4 Heat Treatment

Manifold pipes, made of high-stress steels with yield point around 50, 000
psi, are usually stress released after welding. This is necessary because
of the relatively great wall thickness of such structure.
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With T- 1 steel the wall thickness for the same structure is only approxi-

mately one-half due to the yield point around 100, 000 psi. This reduction

in wall thickness makes the structure much more elastic, and the amount
of welded-on material is reduced to about 1/4 per weld. The internal

stresses introduced by welding are, therefore, much less than with

material of lower yield point, and a stress release heat treatment can be

avoided.

Any heat treatment is considered dangerous because of the possible nega-

tive effect on the quenched and tempered T- 1 steel. It was decided that

no stress releasing should be made, neither on the shop-fabricated parts

nor on field welds. This decision was important. Experience with other

T-1 steel manifolds showed that stress release heating may indeed lead

to failure.

5. 5 Pressure Test

The Sils manifold was tested as a whole after complete erection in the

field. The test pressure was 1. 5 times the design pressure. During

the test the stresses in the manifold were measured with strain gauges.

The pressure was gradually raised to test pressure, then reduced to

design pressure and all welding seams hammered with a copper hammer,
two pounds in weight. After that, test pressure was applied again. No
leakage or fissure was found. Strain gauge readings confirmed that the

actual stresses were as calculated.

For the pressure shafts of Sils and Barenburg, the tightness was checked
by filling tests. Again, no leakage was found.

6. Failure of T-1 Manifolds

While the Sils manifold was a full success, two other T-1 steel manifolds

in Switzerland failed. Motor-Columbus was not concerned with these

cases.

478



Failures occurred (a) with parts where two-dimensional curvatures
were made by heating the plate (approximately 1100°C) and (b) in the

neighborhood of field welds. The failure itself consisted of small
fissures and cracks at these points. We are not informed about the

field welding procedure and electrode types, but the field welds have
been stress released.

The Swiss Federal Institute of Technology (ETH/, Zurich, investigated
the failing manifolds thoroughly. The following points are an abstract
of their findings and recommendations, which also confirm that the

welding and manufacturing instructions applied in case of the Sils mani-
fold were correct:

a. Preheating of the plates for welding is recommended with temper-
atures of 80 - lOOOC.

b. For multiple-layer welds the weld itself should have the same
temperature as the plate (70 to 100°C) when the next layer is

applied.

c. Proper drying process of the electrodes in an oven immediately
before use.

d. No stress releasing (600 - 650°C) should be nnade.

Under strict obedience to these rules, T-1 steel can be safely welded,
says the ETH-report.

Conclusions

Motor-Columbus has applied T-1 steel for the manifold and for parts

of the pressure shaft at Sils power station, and for parts of the pressure
shaft of the Barenburg power station. Design and manufacture were
made under strict observance of instructions especially developed for

the use of T-1 steel through extensive metallurgical, physical, welding,
and stress model tests. The use of T-1 steel was successful and no
failure occurred.
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There were failures with two other manifolds of T-1 steel in Switzerland.
Investigation of these cases by the Swiss Federal Institute of Technology
(ETH) resulted in welding and fabrication instructions similar to those
applied with the Sils manifold. The failing manifolds were repaired
successfully following these instructions.

This leads to the conclusion that T-1 steel is suitable for high-pressure
hydraulic penstocks and shaft linings. It does, however, require special

methods for design, manufacture and welding. Controls of all fabrica-
tion procedure must ensure that the instructions are followed strictly.

MOTOR-COLUMBUS
Electrical Management Company Ltd.

January 5, 1964
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CHAPTEP 12

REFERENCE MATERIAL FROM MODEL TEST FIRMS
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